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Summary 

In 2014, the ‘Ultraboost’ project set then-class-leading power density of over 140 kW/l and 
maximum brake mean effective pressure (BMEP) in excess of 32 bar. The power and torque 
achieved were equivalent to an existing 5-litre naturally-aspirated engine, representing a 
downsizing factor of 60%. This downsized engine reflected a growing trend towards 
reduced-displacement, high-power-density forced-induction engines, which had been 
developing throughout the 2000s. Since then, power density from production engines has 
surpassed this performance level, with over 155 kW/l now available. However, the recent 
introduction of revised legislative drive cycles and inclusion of real driving emissions, 
coupled with current trends towards increased powertrain electrification and more focus on 
pollutant emissions, may serve to limit continued downsizing activities. Engines have been 
introduced which feature high geometric compression ratio, prioritising fuel economy over 
outright power. 

The purpose of this thesis is to critique the performance of the Ultraboost engine as a 
platform for further improvements in power density and fuel economy, considering current 
and likely near-term changes to the industry. A target of 70% downsizing factor and 40 bar 
BMEP is set. An in-depth parametric analysis is presented to understand the key geometric 
factors enabling high performance in this engine platform and the implications for engine 
friction and the boosting system. In particular, it is of interest to understand whether the 
influence of compression ratio or displacement is more critical to the engine’s ultimate 
performance potential.  

The use of low exhaust system pressure and scavenging in conjunction with in-cylinder 
enrichment is found to be key to achieving high performance. The influence of EGR is found 
to vary with engine speed, with some evidence that it is less effective at higher engine 
speed. This is hypothesised to be due to the increased influence of cylinder pressure on 
autoignition at these conditions. Not all experimental observations of knocking combustion 
could be replicated virtually, so knock prediction is highlighted as an area for further 
exploration. 

A short engine stroke and increased compression ratio, without revised intake port designs, 
are each confirmed to adversely affect the combustion process. Simulation studies 
demonstrate the potential performance which may have been achievable with similar heat 
release processes. Geometric compression ratio is found to be more critical for engine 
brake output at low engine speed and engine displacement is found to be more critical for 
maximum power density, due to increased cooling from the expansion of the burned gas 
during blowdown. Both displacement and compression ratio are found to be important for 
part-load fuel economy, with the optimum engine geometry tending to larger displacement 
and lower compression ratio as load is increased. The lowest specific fuel consumption is 
achieved with the smallest displacement. Retarded combustion is shown to enable higher 
maximum torque, but can counteract thermal efficiency benefits of a long stroke. 

The studies confirm that 40 bar brake mean effective pressure and in excess of 180 kW/l 
may be attainable from this engine platform, but only under specific, ideal, circumstances. 
When powering its own forced induction system, power density is reduced to somewhere 
around 160 kW/l – 170 kW/l or less, and where boundary conditions are closer to those 
likely to be experienced in a real application, power density is further reduced to around 150 
kW/l or less, making this platform similar in capability to current production engines. Only 
the 1991 cc and 1796 cc engines at compression ratios of 11:1 or less could match the 
performance of the original Ultraboost engine. This means the maximum downsizing factor 
for this engine platform is around 65%. No single engine derivative could simultaneously 
achieve the highest brake mean effective pressure and the highest power density. 
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Glossary/Nomenclature 
°aTDCg Crank degrees after top-dead-centre, gas exchange revolution 
°aTDCf Crank degrees after top-dead-centre, firing revolution 

°CA Crank angle degrees 
AFR Air/fuel ratio 
AKI Anti-knock index 

APmax Location of maximum cylinder pressure, crank degrees after top-dead-centre 
(firing revolution) 

ARmax Location of maximum rate of pressure rise, crank degrees after top-dead-centre 
(firing revolution) 

BDC Bottom-dead-centre, point in cycle when piston is furthest from the cylinder head 
BMEP Brake mean effective pressure 
BSAC Brake-specific air consumption 
BSFC Brake-specific fuel consumption 
BSR Bore/stroke ratio 
BTE Brake thermal efficiency 
Cf Flow coefficient 
CO Carbon monoxide 
CO2 Carbon dioxide 
CR Compression ratio 

CVVL Continuously variable valve timing and lift 
DE Douaud and Eyzat (knock model) 
DI Direct injection 

DPF Diesel particulate filter 
DWC Dry-to-wet correction factor 
EGR Exhaust gas recirculation 
EIVC Early intake valve closing 
EVC Exhaust valve closing 
EVO Exhaust valve opening 

FMEP Friction (and ancillary loss) mean effective pressure 
GDI Gasoline direct injection 

GMEP Gross (indicated) mean effective pressure 
GPF Gasoline particulate filter 
GTE Gross (indicated) thermal efficiency 
H2 Hydrogen 

H2O Water (commonly vapour) 
H2O2 Hydrogen peroxide, a radical compound formed and consumed during combustion 

HPEGR High-pressure exhaust gas recirculation, also known as short-loop EGR 
IDC Ignition delay correlation 

IMEP Indicated mean effective pressure; can be inclusive or exclusive of pumping, see 
GMEP / NMEP 

ISFC Indicated specific fuel consumption, can be inclusive (NSFC) or exclusive (GSFC) 
of pumping 

IVC Intake valve closing 
IVO Intake valve opening 

K factor A parameter describing the engine’s propensity for knock at a given operating 
condition 

KLSA Knock-limited spark advance, the spark timing required to initiate borderline knock 

Lambda, λ The quotient of the actual air/fuel ratio and the stoichiometric air/fuel ratio. Equal to 
1/φ. 

LET Low-end torque, a measure of torque output at low engine speeds 
LHV Lower heating value (i.e. excluding the latent heat of water vapour) 
LIVC Late intake valve closing 

LPEGR Low-pressure exhaust gas recirculation, also known as long-loop EGR 
LSPI Low-speed pre-ignition 
LTHR Low-temperature heat release 
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MAP (Intake) manifold absolute pressure 
MBS Multi-body simulation (model) 

MBT Minimum advance for best torque, relating to spark timing, often at constant intake 
density 

MFB Mass fraction burned 

MFB10 Location of 10% mass fraction burned, crank angle degrees after TDC, firing 
revolution 

MFB50 Location of 50% mass fraction burned, crank angle degrees after TDC, firing 
revolution. Also referred to as combustion phasing 

MFB90 Location of 90% mass fraction burned, crank angle degrees after TDC, firing 
revolution 

MFB1090 Burn duration, estimated by the number of crank angles between the locations of 
10% and 90% mass fraction burned 

MIT Massachusetts Institute of Technology 
MON Motor octane number 
MOP Maximum opening point (for intake or exhaust valves, measured in °CA) 
NEDC New European Drive Cycle 
NIST National Institute of Standards and Technology 

NMEP Net (indicated) mean effective pressure 
NO Nitrogen oxide 
NO2 Nitrogen dioxide 
NOx Oxides of nitrogen 
NTC Negative temperature coefficient 
O2 Oxygen 

OEM Original equipment manufacturer 
OH Hydroxyl, a radical formed and consumed during combustion 
ON Octane number 
PFI Port fuel injection 

Phi, φ The quotient of actual fuel/air ratio and the stoichiometric fuel/air ratio. Equal to 
1/λ.  

PM Particulate mass 
Pmax Maximum cylinder pressure 
PMEP Pumping mean effective pressure 

PN Particle number 

PRF Primary reference fuel, a blend of n-heptane and iso-octane used to specify RON 
or MON 

PRL Piston-Ring-Liner 
r/l Crankshaft throw to conrod length 

RON Research octane number 
Rmax Maximum rate of pressure rise 
ROHR Rate of heat release 
RDE Real Driving Emissions 
SOC Start of combustion 
SR Schwarzmeier-Reulein (friction model) 

SVR Surface area to volume ratio � Ignition delay time 

TDC Top-dead-centre, the point during the cycle when the piston is closest to the 
cylinder head 

THC Total hydrocarbons 
TPA Three-pressure analysis 
VCT Variable camshaft timing 
VVTL Variable valve timing and lift 

WCEM Water-cooled exhaust manifold 
WI Water injection 

WLTC World-harmonised Light-duty Test Cycle 
WLTP World-harmonised Light-duty Test Procedure 
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1. Introduction 

In 2014, the results from the ‘Ultraboost’ project were presented [1], whereby the maximum 
performance of an existing 8-cylinder engine was achieved by a 4-cylinder engine with 40% 
of the swept volume, representing a doubling of specific performance. At the time, this 
engine represented best-in-class published specific performance. However, the engine 
utilised a combination of technologies to deliver this result, and from the initial results it was 
not possible to attribute relative improvements to each of the technologies. In particular, the 
apparent robustness of the engine to knocking combustion, which enabled high specific 
torque to be achieved, warrants particular focus. As the Ultraboost engine was able to 
achieve its performance targets, it is of interest to understand how much more performance 
may have been attainable from the engine platform, and to review where this maximum 
performance potential may position the engine in light of products more recently introduced 
to the marketplace. This thesis aims to answer these questions, through the objectives 
highlighted in Chapter 1.3. 

1.1. Downsizing in the context of current legislation 

Using an engine of smaller swept volume than the engine it replaces whilst maintaining the 
nominal performance of the outgoing engine, known as ‘downsizing’, has been an important 
way to improve vehicle and fleet-average fuel economy over recent years. As the smaller 
engine runs at higher relative load than the larger engine to produce the same in-vehicle 
performance, this often results in the smaller engine operating more efficiently during lightly 
or moderately loaded drive cycles, such as the New European Driving Cycle (NEDC) or 
more recent Worldwide harmonised Light vehicle Test Cycles (WLTC). The key enabler for 
downsizing has been an improvement in the specific power and torque output of engines 
generally, enabling small engines to replace larger engines without substantial loss of 
vehicle performance. Two major technologies have allowed the specific power and torque 
of gasoline engines to be improved, namely direct injection and forced aspiration, with 
turbocharging offering improved part-load fuel economy over mechanical supercharging. 

However, the increased specific power and torque can drive other compromises, such as 
reducing compression ratio to prevent knock, pre-ignition, and to avoid excessive spark 
retard at high load. A low compression ratio can cause lower thermodynamic cycle efficiency 
when operating at minimum spark advance for best torque (MBT, usually identified by 
burning 50% of the charge at around 8 °CA – 10 °CA after piston top-dead-centre), while a 
high compression ratio may preserve low-load efficiency but may also necessitate a 
reduction in the maximum power rating of the engine. As is discussed in Chapter 2.6, 
increasing compression ratio also tends to increase the surface area-to-volume ratio of the 
combustion chamber, which increases heat losses, increases crevice losses and reduces 
exhaust temperatures, which can pose difficulties for the engine’s exhaust aftertreatment 
systems. Higher compression ratios can also be associated with slower combustion. Such 
considerations mean compression ratios much above 14 tend not to provide further 
efficiency improvements without also making more substantial changes to the engine 
geometry and combustion processes. Attempting to preserve high levels of specific power 
may require fuel enrichment at high load, reducing fuel economy and increasing particulate, 
carbon monoxide (CO) and hydrocarbon emissions at these operating conditions. Using 
forced induction to ‘scavenge’ the cylinder of residual gases at low speed and high load 
may suppress knock or abnormal combustion and allow use of a higher compression ratio, 
but requires a compromise on either in-cylinder enrichment or exhaust air/fuel ratio, with a 
potentially detrimental impact on particulate generation or catalyst conversion efficiency. 
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These compromises often adversely affect fuel consumption when the engine is under 
higher specific load, and the effect of downsizing is to push the engine to operate at higher 
specific load more frequently (which is also the root of the efficiency benefits of downsizing). 
Often, the engine is more heavily loaded under customer usage than on the legislated drive 
cycles, leading to an increasing disparity between the CO2 production recorded over the 
legislated cycles and the real-world fuel consumption experienced by the customer. 

Legislating bodies recognise these trends and have moved to ensure that future engine 
emissions do not impair air quality, while closing the gap between the CO2 generated under 
legislative conditions and real-world fuel consumption [2]. In Europe, the regulators are 
doing this by introducing more aggressive drive cycles, such as replacing the NEDC with 
the WLTP and the introduction of ‘real driving emissions’ (RDE) measurement from 2017  
[3, 4]. ‘Auxiliary Emissions Strategy’ legislation requires the vehicle manufacturer (the 
Original Equipment Manufacturer, or OEM) to specify and justify the conditions under which 
emissions may deviate from the behaviour observed during certification testing and 
demonstrate that any deviations will only occur for the minimum possible time period. In the 
UK, specifically, the Department for Transport published their ‘Road to Zero’ white paper, 
calling for an end to sales of petrol- and diesel-powered vehicles by 2040 and have 
undertaken a consultation process to bring the ban (including hybrid vehicles) forward to 
2035 or earlier [5. 7]. Increased electrification, which can prevent the engine running at its 
least efficient operating conditions, might curtail the desire to continuously downsize 
engines. Characteristically, an electric motor can provide high torque at low speed, which 
could be used to reduce the low-speed torque and transient response requirements on the 
engine. This may provide an opportunity to adjust or simplify the boosting system for the 
engine by removing some of the compromises inherent in trying to simultaneously achieve 
high torque at low engine speeds and high power at high engine speeds. 

The availability of increased electrification and increased focus on real-world usage is 
causing engine manufacturers to increase the range of conditions where the engine can 
operate at stoichiometry (the “lambda 1” window) and prioritise ‘rightsizing’, selecting an 
engine’s power density such that the real-world fuel economy, torque, power and emissions 
performance of the powertrain are not significantly impacted by the requirement for 
improved engine efficiency at low engine loads. 

1.2. Industry trends 
1.2.1. Rated Power 

Since the 1990s, engine specific performance has been increasing. There are some 
important break-points: When the specific power and torque of an engine exceeds 133% of 
its original value, it becomes feasible to replace a 4-cylinder engine with a 3-cylinder engine, 
or an 8-cylinder with a 6-cylinder product; at 150% of its original value, it becomes feasible 
to replace a 6-cylinder product with a 4-cylinder product; should the specific output exceed 
200% of its original value, it becomes feasible to replace an 8-cylinder product with a 4-
cylinder product. Up to a point, increasing the specific load of an engine operating with a 
stoichiometric air/fuel ratio (AFR) reduces pumping losses and improves the engine’s brake 
thermal efficiency (BTE). The removal of cylinders also removes the friction associated with 
operating those cylinders, further improving the engine’s thermal efficiency, however, this 
is somewhat offset by changes often required to accept the higher specific engine loading, 
e.g. larger bearing sizes and increased valvetrain spring loads [7]. This often leads to a 
higher cylinder-specific friction level, but less overall engine friction. 

A review of 189 production engines, in some cases including multiple performance variants, 
predominantly introduced since 2000, has produced the data below [8 - 126]. 
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This data has been gathered from conference proceedings for engines introduced 
throughout the 2000s and 2010s but is not intended to reflect every engine introduced in a 
given year, or every engine on sale in a given year. However, it is assumed that the data 
included herein is representative of the industry at large. Although the sources generally 
date from post-2000, where newer engines are compared to previous versions in those 
proceedings, the data relating to the previous engines has also been included. Where 
reference is made to an engine for which no conference data was available, effort has been 
made to source information from other industry publications, such as Motortechnische 
Zeitschrift (MTZ). The data set was not filtered to focus on specific engine technologies. 
This means the data set includes turbocharged and supercharged engines, port-fuel-
injected and direct-injected engines. The proportion of engines featuring direct-injection (DI) 
in the sample increased from 20% or less before 2005, to between 80% and 100% by 
2009/2010. Since 2010, DI engines have consistently accounted for at least 80% of the 
sample, with several engines (11 in total) featuring both port- and direct-injection systems. 

 
Figure 1-1: Rated power vs. year (3 – 12 cylinder engines) 

 

Figure 1-2: Displacement vs. year (3 – 12 cylinder engines) 
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Figure 1-1 shows the rated power of the engines in the sample plotted against when the 
source was published, grouped to the nearest 5 years, and separated by the number of 
cylinders. For clarity, only production engines with 3, 4, 6, 8 and 12 cylinders are shown in 
the graph, as these engines collectively account for over 90% of the engines in the sample. 
The average power of all engines in the sample is 188 kW, highlighted in Figure 1-1. Figure 
1-2 shows the displacements of those engines, similarly grouped. The trend for downsizing 
can be inferred from the increases in rated power while the displacement remains broadly 
similar (as is evident for the 3- and 4-cylinder engines), or has even decreased (as is the 
case of the 8- and 12-cylinder engines), over time. 

A trend towards downsizing can also be inferred by the growth in performance of the 4-, 6- 
and 8-cylinder engines to overlap with the 6-, 8- and 12-cylinder engines respectively. 
Before 2000, achieving the average power of 188 kW would have required a six-cylinder 
engine, most likely of 2.5 – 3-litre capacity, while by the end of the sample, this power rating 
is comfortably within the range achievable by 4-cylinder engines with around 2-litre capacity. 
Even the 1.5-litre 3-cylinder engine found in the BMW i8 [21] comes close, with a rated 
power of 170 kW. It can also be seen in Figure 1-1 that the top of the 4-cylinder bracket in 
the late 2010s exceeds the rated power of some 8-cylinder products introduced in the early 
2000s. The same is true comparing the 3-cylinder and 6-cylinder brackets. This implies a 
50% downsizing factor if the cylinder displacements are similar, but clearly shows the trend 
of increasing power density over the last decades. 

Figure 1-3 shows the change in the engines’ specific power, namely an engine’s rated 
power divided by its swept volume over time. In this case, all engines in the sample are 
included, including the 8.0-litre Bugatti W16 engine [27], as its prodigious power output of 
1103 kW is already normalised by its large capacity, and it can be compared on a like-for-
like basis with the other engines in the sample. The two engines with the highest specific 
power, which appear somewhat isolated from the majority of the sample, are the two 
versions of the recent AMG M169 engine [125], which achieves over 155 kW per litre (kW/l) 
in its highest-performance variant. These engines are followed by the Bugatti engine, 
producing just under 138 kW/l, and the high-performance M133 [70], the precursor to the 
M169, which achieves 265 kW from a 1,991 cc engine (133 kW/l). Aside from these very-
high-performance engines, the highest specific power engine which appears at the top of 
the main cluster in Figure 1-3 is the Audi TTRS engine, at 294 kW from 2,480cc, around 
119 kW/l [93]. 

A generally increasing trend since the early 2000s is evident, particularly with forced 
induction engines, those using turbochargers (“TC”) and superchargers (“SC”) or electric 
supercharging (“eSC”). 
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Figure 1-3: Specific power vs. year 

 

Figure 1-4: Specific power vs. rated speed 

Figure 1-3 also shows that naturally aspirated (“NA”) engines have tended to remain around 
65 – 70 kW/l, and it could be argued that the specific power of these engines has actually 
been decreasing since the early 2010s. In some specific examples, higher power densities 
have been achieved, such as the Lamborghini Huracan V10 (86 kW/l, 2014 [52]) and the 
Porsche 918 Spyder (97 kW/l, 2013 [75]), but these tend to be performance-biased engines 
which achieve these high specific ratings through high engine speeds (over 8000 rev/min, 
see Figure 1-4). 

To include the effect of engine speed on power density, one can look at an engine’s brake 
mean effective pressure, or BMEP. This is the magnitude of pressure which, if present 
throughout the whole engine cycle, would have produced the same magnitude of brake 
work as that recorded on the actual engine. BMEP effectively normalises the brake output 
of engines of different swept volumes. Figure 1-5 shows that naturally aspirated engines 
have generally remained below 12.5 bar BMEP at rated power since 2000, while forced 
induction engines, predominantly turbocharged engines, have reached values in excess of 
27 bar BMEP at rated power, again verifying the almost-doubling of power density.  

Huracan 
V10 

Porsche 918 
Spyder 
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The highest BMEP at rated power for a naturally aspirated engine in the survey is 13.5 bar 
BMEP for the Porsche 918 Spyder [75], suggesting that this engine not only has a high 
power density relating to its use of high engine speeds, but is also generating a substantial 
amount of engine brake work on every engine cycle, more than any other naturally aspirated 
engine in the sample. This is a high-performance engine for a high-performance sports car, 
and it could be argued that it is not designed to achieve the same balance of performance, 
fuel- and cost- efficiency as most engines in the sample. Therefore, 12.5 bar BMEP at rated 
power is considered to be the typical maximum performance achieved by naturally aspirated 
engines. 

 

Figure 1-5: BMEP at rated power vs. year 

 

Figure 1-6: Proportion of engines by induction type 

Figure 1-3 and Figure 1-5 also suggest a marked increase in the number of forced induction 
engines appearing in the sample since the early 2000s. This is more clearly identified by 
looking at the aspiration type for each engine introduced in a given five-year period in the 
sample, see Figure 1-6. 
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As previously noted, this sample is not a comprehensive survey of all available engines, but 
the sample indicates a relative increase in turbocharged engines and a relative decline of 
naturally aspirated and supercharged engines in the survey since the early 2000s. 

1.2.2. Rated Torque 

Rated power is only one aspect of engine performance. Another significant performance 
parameter is the rated torque available from the engine, and the engine speed at which that 
torque value is achieved. To normalise for the effect of different engine sizes, BMEP is 
again used. BMEP is directly proportional to specific torque (rated torque divided by engine 
swept volume). By definition, the maximum BMEP of an engine occurs at its maximum 
torque, so is a useful metric to compare the torque output of different engines. Figure 1-7 
shows how the BMEP at rated torque has increased since 2000. 

 

Figure 1-7: Maximum BMEP vs. year 

 

Figure 1-8: Low end torque vs. specific power 
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The majority of forced induction engines are achieving around 26 bar BMEP or less (Figure 
1-7). The Mercedes M169 [125], the engine with the highest BMEP, can achieve almost 32 
bar BMEP, while its predecessor, the M133 [70], can achieve 28.4 bar (226 Nm/l). This is 
the same as another Mercedes engine, the M177 LS2 [125]. The maximum BMEP of a 
naturally aspirated engine is 117 Nm/l, or just under 15 bar BMEP. This was again for the 
Porsche 918 Spyder [75] and suggests forced induction again reflects a doubling of the 
maximum specific torque or BMEP. In more recent years, the maximum BMEP of naturally 
aspirated engines has returned to approximately 12 bar BMEP. 

After the Mercedes engines, the next-highest BMEP engine is the high-performance BMW 
3-cylinder engine found in its i8 hybrid sportscar, which can achieve 320 Nm, equivalent to 
213 Nm/l, or almost 27 bar BMEP. However, the engine cannot achieve this level of 
performance below 3700 rev/min, so powertrain output at lower engine speeds will rely on 
supplementary torque from the electric motor. 

It is well known that the limited map width of dynamic (i.e. not fixed-displacement) 
compressors and the challenges of knock and pre-ignition make it difficult to simultaneously 
achieve high power density and high torque at low engine speeds, known as ‘low-end 
torque’ (LET). Tuning of the intake and exhaust manifolds to manage gas dynamics, 
combined with valve lift and duration, causes similar effects, where tuning for high airflow 
at high engine speeds can impair charge trapping and thus torque production at lower 
speeds. These effects tend to be more pronounced for naturally aspirated engines, which 
do not have the forced induction system to compensate. 

As an approximation of this effect, the peak torque value was divided by the engine speed 
at which that torque was achieved (in 1,000s of rev/min) – see Figure 1-8. This broadly 
indicates that this typical trade-off is present in the sample, with naturally aspirated engines 
struggling to get past 100 kW/l or 40 Nm/l/(krev/min), values which appear to be mutually 
exclusive. Forced induction engines, often turbocharged, can achieve almost 140 kW/l with 
100 Nm/l/(krev/min), or around 140 Nm/l/(krev/min) if specific power is limited to something 
more like 100 kW/l. As with naturally-aspirated engines, high specific power and high LET 
appear mutually exclusive. A low specific low-end torque value indicates either relatively 
low maximum BMEP, or a high peak-torque speed. 

1.2.3. Effect of compression ratio 

Another trend worth review is the influence of compression ratio (Figure 1-9). Typically it 
could be expected that higher specific performance requires lower compression ratio to 
avoid knock and abnormal combustion events, whilst maintaining sufficiently advanced 
combustion phasing to prevent poor combustion stability [127 – 132]. 

For the higher power density engines, notably forced induction engines, this is apparently 
the case. Figure 1-9 shows performance levels of around 24 bar BMEP (110 kW/l at 5500 
rev/min) require a compression ratio around 10.5 or less, and performance levels of over 
26 bar BMEP (130 kW/l at 6000 rev/min) require a compression ratio less than 9.5, as seen 
with the Mercedes M133 [70] and M169 [124]. Conversely, for performance levels below 16 
bar BMEP (equivalent to 90 kW/l at 6500 rev/min), the compression ratio can be pushed 
above 12, with up to 13 being achieved at 12.5 bar BMEP, or over 60 kW/l at 6000 rev/min. 
BMEP at rated torque follows similar trends, with BMEP reducing at a rate of around 4.5 
bar per unit change in compression ratio (equivalent to around 35 Nm/l reduction per unit 
of compression ratio increase). Naturally aspirated engines appear less sensitive to 
compression ratio in terms of BMEP at rated power, suggesting compression ratio is 
perhaps not the primary BMEP limitation for these engines. 
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Figure 1-9: BMEP at rated power vs. compression ratio 

 
Figure 1-10: Specific LET vs. compression ratio 

The trend of specific low-end torque with compression ratio (Figure 1-10) indicates high 
compression ratios compromise low-end torque, with each unit increase in compression 
ratio reducing specific low-end torque by approximately 20 Nm/l/(krev/min) (turbocharged 
engines). The Volkswagen EA211 TSI evo [115, 116] and the EA888 Gen.3b [109, 111] are 
examples of engines with high compression ratios compared to the majority of the 
turbocharged sample, but with somewhat reduced specific low-end torque, peak power and 
peak torque. 

Shown more clearly in Figure 1-11, the higher specific performance of turbocharged 
engines means the greater proportion of turbocharged engines feature lower compression 
ratios than for naturally aspirated engines, while the compression ratio for naturally 
aspirated engines has been steadily increasing with time (Figure 1-12). As evidenced by 
the Mazda SKYACTIV-G, the latest Volkswagen EA888 [109, 111] and EA211 (the ‘TSI 
evo’, [115, 116]) engine, the compression ratio limitation is related more to performance 
level than aspiration type. Note, maximum performance data at 14:1 compression ratio was 
not available, so is excluded from Figure 1-9 and Figure 1-10. 
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Notable engines for high performance and high compression ratio are the Lamborghini 
Huracan V10 engine [52], which achieves 87 kW/l with a compression ratio of 12.7, as well 
as the Porsche Carrera engines [76] and the Subaru FA20 [85], which all achieve between 
73 and 77 kW/l with a compression ratio of 12.5. However, the BMEP for all of these engines 
was consistently between 12.5 and 12.6 bar BMEP (Figure 1-9), the differences in specific 
power coming from the engine speeds at which rated power is achieved. 

 
Figure 1-11: Distribution of compression ratio vs. aspiration 

 

Figure 1-12: Compression ratio vs. time 

1.2.4. Fuel Consumption 

The trend for increasing geometric compression ratio (Figure 1-12) can be explained by the 
desire to increase fuel economy. Where data has been published, the best fuel consumption 
is plotted against compression ratio in Figure 1-13. Where fuel economy has been quoted 
as BTE, instead of brake-specific fuel consumption (BSFC), a lower heating value (LHV) for 
the fuel of 43 MJ/kg has been assumed in order to convert all values to BSFC. 
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Figure 1-13: Minimum BSFC vs. compression ratio 

 
Figure 1-14: Minimum BSFC vs. specific power 

Whilst the data is a little sparse, and there is clearly a spread as compression ratio is not 
the only factor determining the minimum fuel consumption, there is also a definite trend for 
higher compression ratios to achieve lower BSFC values. Statistical regression of minimum 
BSFC vs. compression ratio suggests a statistically significant reduction of around 5.3 
g/kWh per unit of compression ratio increase (at 95% confidence). 

Plotting the data against specific power (Figure 1-14) implies the lowest BSFC comes from 
the engines designed for lower specific power levels. It is also interesting to note that the 
very best fuel economy is recorded by naturally aspirated engines with power densities 
below 70 kW/l. The three engines demonstrating the lowest fuel consumption in the sample 
are the Toyota ESTEC 2ZR-FXE [90], the Toyota 2.5L NGTA engine [126] and the Hyundai-
Kia Kappa GDi engine [51], all of which claim 40% brake thermal efficiency. 
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Furthermore, the operating point for highest engine efficiency is typically at a speed and 
load which is not particularly relevant for regular driving. Therefore, the operating point of 
2000 rev/min, 2 bar brake mean effective pressure (BMEP) is often quoted in the literature 
as a ‘relevant’ fuel consumption point. There is less published data at this operating 
condition, but the data which has been published further supports the trend of lower BSFC 
values occurring at higher compression ratios, see Figure 1-15. 

Comparing fuel consumption at 2000 rev/min, 2 bar BMEP to specific power, there are two 
notable outliers – the EA211 TSI evo [114, 115], achieving 275 g/kWh at 64 kW/l, and the 
Porsche Panamera V8 [77], achieving 297 g/kWh at just over 101 kW/l. However, both of 
these engines feature cylinder deactivation, so the quoted values are actually equivalent to 
4 bar BMEP for the operating cylinders. In full engine mode, the 2000 rev/min 2 bar BMEP 
fuel consumption for the Porsche is quoted as 355 g/kWh [77], which is much closer to the 
value which may have been expected from the rest of the population. These two values for 
the Porsche are highlighted in Figure 1-16. 

  
Figure 1-15: BSFC at 2000 rev/min 2 bar BMEP vs. compression ratio 

 

Figure 1-16: BSFC at 2000 rev/min 2 bar BMEP vs. specific power 

Porsche Panamera 
V8 
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By ‘switching off’ a number of cylinders through cylinder de-activation, in essence the 
engine’s capacity is reduced, and therefore the engine’s charge consumption and torque 
production for the working cylinders must be increased to maintain constant brake torque, 
reducing throttling losses and improving fuel consumption. At low load, where throttling 
losses are proportionately very high, the fuel economy improvement through cylinder de-
activation can be significant. 

Looking for further relationships for fuel economy, such as against bore/stroke ratio (BSR) 
or combustion chamber volume at top-dead-centre (TDC), does not reveal any obvious 
trends applicable to all engines. Whilst it is true that naturally aspirated engines show a 
tendency to increase specific performance as BSR increases, the same is not apparent for 
forced induction engines (Figure 1-17 and Figure 1-18). The inference is that to achieve 
high power densities, naturally aspirated engines require high engine speeds, which in turn 
require relatively short strokes to limit piston accelerations and the resultant mechanical 
stresses on the engine’s internal components. If the stroke is limited in this fashion, then 
the bore must be increased to achieve the required swept volume to induct the desired 
mass of charge, leading to a high BSR. 

By contrast, the inducted charge quantity is typically constrained by the specification of the 
boosting device(s) for forced induction engines, so maximum engine speed is less 
significant. Consequently, BSR can be set considering other factors, be it surface area / 
volume ratio (SVR), side loading of pistons, package constraints, etc. 

Whilst a thermodynamically optimal BSR may exist (Toyota believe it to be approximately 
0.83 [132]), it is much more likely that BSR is determined, at least in part, by other factors 
such as the available space for the engine’s height and width. There is an expectation that 
minimising fuel consumption may be assisted by keeping a low cylinder volume at TDC, 
which is consistent with the literature [133]. Figure 1-19 further suggests that a low BSR is 
one method by which volume at TDC can be minimised, as it is difficult to keep low cylinder 
volumes with large bore diameters, due to the relatively large crevice volumes and minimum 
clearances between cylinder head flame face, piston and liner which must be respected to 
prevent contact between moving components occurring when the engine is under load. 

 
Figure 1-17: Specific power vs. bore/stroke ratio 
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Figure 1-18: Specific torque vs. bore/stroke ratio 

 

 
Figure 1-19: Volume at TDC vs. bore/stroke ratio 

In summary from this industry survey, it is clear that since the early 2000s, the industry has 
increased the specific power of its products by around 100%, equivalent to reducing the 
engine displacement required for a given power rating by around half (a downsizing factor 
of 50%). The trend is towards forced induction, predominantly turbocharging, and higher 
compression ratio, but this is driving compromises between low-end torque, rated power 
and minimum fuel consumption. There is some evidence that power densities may not 
continue to rise, as focus on fuel economy is increased, but it is perhaps too early to state 
this hypothesis with certainty at this time. 
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1.3. Objectives 

The purpose of this work is to understand where the limits for downsizing of engines may 
lie, considering power, torque and fuel economy, using the Ultraboost engine [1] as the 
basic architecture. Variants on this engine platform utilising different engine strokes and 
pistons will be assessed to understand the impact of changes to swept volume and 
compression ratio. Use of this engine and the facilities at the University of Bath allows the 
decoupling of combustion system performance from induction system performance, 
enabling the performance of the combustion system to be isolated. This allows a clearer 
understanding of the fundamental limitations of the engine architecture without the 
imposition of additional constraints from the choice of boosting architecture, which can be 
varied to suit the application. 

This research aims to identify whether a limit to downsizing becomes apparent as the engine 
stroke is progressively reduced (which also changes the bore/stroke ratio) and compression 
ratio increased. These parameters are expected to limit the maximum BMEP possible from 
the engine, and thereby provide a natural ceiling to the available brake torque at a given 
speed. It is conceivable that a trade-off between engine size and the maximum available 
torque as a consequence of thermodynamic limits like heat loss from the combustion 
chamber and peak cylinder pressure or knocking behaviour can be found as a function of 
compression ratio, independently of the limitations of most boosting systems. 

By using a combination of physical and virtual methods and putting the results into the 
context of engines available in industry, this thesis aims to identify the maximum BMEP 
possible from the Ultraboost architecture, with a target of achieving at least 40 bar BMEP. 
This would increase the downsizing factor of the Ultraboost architecture to 70%. 

1.4. Layout of the thesis 

The remainder of this thesis is laid out as follows: 

• Chapter 2: Existing Work. This chapter reviews a number of downsized engines 
from both industry and research / academic institutions. The chapter is sub-divided 
into: a review of existing engines; technologies pertinent to downsizing; combustion 
chemistry; technologies for knock suppression; the implications of engine losses; 
and discussion of some of the factors which may constrain further progressive 
downsizing. 

• Chapter 3: Review of Original Ultraboost Full Load Results. As the Ultraboost 
platform provides the base architecture on which this thesis is based, the full load 
performance observed from the original project is reviewed in detail. This is 
expected to be the ‘cost of entry’ for any downsized application – as a minimum, any 
new engine must achieve sufficient torque and power to satisfactorily propel the 
vehicle. The maximum performance possible will therefore define the suitability of 
the engine for a given application, so it is imperative to understand which design 
features primarily enabled the observed stated levels of performance. 

• Chapter 4: Ultraboost Performance and Knock Studies. Following on from the 
review of the original full load results, a detailed critique is undertaken of the 
Ultraboost engine’s knock resistance, focussing on the ‘UB100’ variant of the 
engine. A number of experiments are presented to identify which parameters are 
most influential in achieving the observed knock resistance. In this chapter, knock-
limited performance from alternative engine architectures (different swept volume 
and compression ratio) is introduced. 
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• Chapter 5: Engine Friction. As discussed in Chapter 2, engine friction changes as 
a consequence of increased specific load is an important consideration for 
downsized engines. This chapter presents the results of measured and simulated 
friction studies based on the Ultraboost platform and identifies the key geometric 
design parameters causing the observed friction performance. 

• Chapter 6: Engine Performance Modelling. Existing engine models are adapted 
and re-calibrated for use with the current engine architectures. Where relevant, 
comparisons are drawn with existing models used for previously published work. 
Calibration of a knock model suitable for use across the range of engine 
architectures is presented, drawing on information from Chapter 2 and Chapter 4. 

• Chapter 7: Simulation Studies. The models developed in Chapter 6 are used to 
identify the maximum performance which may be expected from different engine 
architectures based on the Ultraboost platform. Assessments of load and fuel 
economy are presented for different theoretical boosting system architectures and 
compared to the results found in industry. 

• Chapter 8: Conclusions and Future Work. The primary findings from Chapter 7 
are summarised and potential areas which may benefit from further research are 
presented.  
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2. Existing Work 
2.1. Downsized Engines 

Since the early 2000s, several OEMs and consultancies have published papers exploring 
the theme of downsizing. In 2003, Lecointre and Monnier [134] at IFP modified a standard 
2-litre Renault IDE engine to reduce swept volume to 1.8 litres. They fitted a new piston to 
enhance charge motion and provide good combustion stability with late combustion 
phasing, a new camshaft with reduced intake duration and a twin-scroll turbocharger to 
increase charge pressure at low speeds while maximising the potential for scavenging. 
Direct injection (DI) fuelling was chosen to minimise the loss of unburned fuel to the exhaust 
with scavenged flow. While the new intake valve duration and timing impaired the high-
speed volumetric efficiency, it also allowed the compressor to operate further from its choke 
limit and with higher efficiency, despite needing increased boost pressure due to the 
reduced volumetric efficiency. The shorter duration camshaft actually improved 
thermodynamic efficiency though reduced pumping losses and providing a mild level of 
Millerisation (over-expansion and earlier combustion phasing). Geometric compression 
ratio was 10.3:1. Vehicle performance was equivalent to that achieved with a 3.0-litre V6 
naturally aspirated engine, but with reduced fuel consumption. Specific power was 83 kW/l 
and specific torque was 159 Nm/l, or over 20 bar BMEP. The fuel consumption improvement 
was of the order of 20% while the reduction in swept volume was approximately 40%. 

Similarly, in 2005, Lang et al. [135] from FEV described how the use of DI fuelling and forced 
induction (with variable camshaft phasing) provided substantial increases in low-end torque 
via scavenging, allowing the DI engine to significantly out-perform a port-fuel-injected (PFI) 
turbocharged gasoline engine. The importance of high charge motion for knock suppression 
and improved combustion at low engine speeds was discussed, highlighting how the use of 
a turbocharger can allow the engine to achieve the targeted air flow rate even with reduced 
port flow coefficients by raising boost pressure. The engines thus achieved between 13% 
and 18% fuel consumption improvement over the NEDC with a reduction in swept volume 
of around 30%. 

In 2006, Bandel et al. [136] from AVL demonstrated that the most significant way of 
improving drive cycle fuel consumption was to move the engine’s operating points, which 
can be done by either downsizing or employing different gearing strategies. They suggested 
that to balance vehicle performance, refinement and cost, both strategies could be 
employed. Their approach was similar to IFP’s, namely high charge motion, single-stage 
twin-scroll turbocharging, variable valve timing and direct injection. This was suggested to 
be cost-effective and to provide efficiency close to that of an EU4-compliant diesel product. 
Scavenging was again used to improve the low-end torque and transient response of the 
engine. In this instance, there was an additional 4% fuel economy improvement accredited 
to the use of external cooled exhaust gas recirculation (EGR). The authors addressed 
possible concerns relating to abnormal combustion, stressing the importance of detailed 
combustion chamber design and identifying potential root causes related to the type and 
location of knock / abnormal combustion initiation. Furthermore, the authors also considered 
catalyst light-off with turbocharged systems, catalyst ageing risks related to scavenging 
strategies and discussed transient performance compared to a naturally-aspirated engine 
at low engine speeds. The 1.8-litre product on which the paper focuses achieved 140 kW 
and 330 Nm, or specific power of 78 kW/l and BMEP of 23 bar, which the paper compared 
to a 3.2-litre naturally aspirated V6 with 150 kW (47 kW/l) and 300 Nm (BMEP of 11.8 bar). 
Fuel economy of the two engines was 6.9l/100km and 9.8l/100km respectively. This 
represented approximately 30% fuel economy improvement with a reduction in swept 
volume of around 44%. 
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Also in 2006, Kleeburg et al. [137] discussed the importance of dual variable camshaft 
timing (VCT) and calibration strategy to optimise the transient performance of highly 
boosted DI gasoline engines, showing how valve overlap and combustion phasing could 
interact to generate a faster and more aggressive torque rise, or a smoother (but slower) 
torque rise, depending on the needs of the target vehicle. The paper also discussed the 
improvements in transient performance possible from a two-stage boosting system, 
considering mechanical supercharging combined with turbocharging, two-stage 
turbocharging, and use of an electrically assisted boosting device. Although direct 
comparisons of all boosting systems are not available, advanced boosting systems are 
shown to offer 25% to 35% more IMEP than the baseline case in a transient condition. 

In 2007, Han et al. from Hyundai-Kia [138] published a paper detailing the development of 
a 2-litre turbocharged direct-injection spark-ignition (DISI) engine to offer performance 
equivalent to a 3.3-litre naturally aspirated V6 engine. The downsized engine demonstrated 
performance in excess of its targeted 85 kW/l and 150 Nm/l (19 bar BMEP), outperforming 
the V6 while maintaining the base 2.0-litre engine’s compression ratio of 10.7:1. This was 
a reduction in swept volume of 40%, with the downsized engine providing 17% improvement 
in fuel economy over the FTP city cycle. The authors also expressed the importance of 
matching engine and transmission, demonstrating that a taller gear ratio can impair both 
fuel economy and acceleration of the target vehicle. 

The paper also demonstrated the importance of selecting compression ratio and VCT 
mechanisms, identifying benefits from dual VCT and showed the effect of varying the 
turbocharger match. The paper compared the effects of different turbocharger matches on 
transient response but also showed the substantial benefit possible transiently by combining 
supercharging and turbocharging. The paper further demonstrated the effect of fuel injection 
timing on soot production, showing the increase in smoke which will occur if the end of 
injection is too close to piston top-dead-centre (TDC), leading to piston crown and cylinder 
wall impingement. 

Over a number of papers [7, 139 – 143], engineers at MAHLE Powertrain demonstrated 
that a 1.2-litre 3-cylinder engine could produce the same power and torque as a 2.4-litre 
naturally aspirated 4-cylinder product, but with 30% lower fuel consumption over an NEDC. 
This represented a 50% reduction in swept volume, and exceptionally high specific power 
and torque requirements for the time. The engine was originally demonstrated in two 
derivatives – a single turbo providing 100 kW/l and a series-sequential twin turbo providing 
120 kW/l. Both units could provide a peak torque of 30 bar BMEP, including a very 
demanding target of 16 bar BMEP at 1000 rev/min for the twin-turbo variant. To help achieve 
these targets, the engine was designed for peak cylinder pressures of 140 bar, with a high 
level of tumble and a compression ratio of 9.75:1 (9.3:1 for the single turbo variant). Both 
derivatives had cooled high-pressure (or short-loop) EGR. Consideration was given to 
intake system gas dynamics to tune the torque curve and ensure refinement, and closed-
circuit engine breathing was also incorporated. 

Lumsden et al. [139] succinctly demonstrated several of the challenges with aggressive 
downsizing using this engine. They showed that approximately 2.3 bar intake manifold 
pressure was required to achieve 28 bar BMEP, with 50% of the charge being burned by 
approximately 24° after TDC of the firing revolution (aTDCf) and a burn duration (the time 
to burn between 10% and 90% of the charge) of around 15° at 3000 rev/min. This represents 
quite a fast combustion event, despite the significant retardation from MBT timing. However, 
they also showed that misfire could be an issue at higher BMEP levels (above 24 bar) with 
high compression ratios. This was related to long exhaust valve durations designed for rated 
power, which resulted in an early exhaust valve opening (EVO) point, when the in-cylinder 
pressure was still quite high. This led to high-pressure blowdown pulses in the exhaust 
manifold, which disrupted the exhaust processes of other cylinders through exhaust pulse 
interference (which is unusual on a 3-cylinder engine). 
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A shorter duration exhaust camshaft significantly improved the combustion stability at 3000 
rev/min but caused an unacceptable reduction of rated power with the single turbo due to 
exhaust temperature limitation (already high, at 1025 °C) and high pre-turbine pressures at 
6000 rev/min, as the short duration restricted the engine’s ability to remove enough of the 
burned charge from the cylinders. 

A potential issue with turbocharging is the increased thermal mass in the exhaust system, 
which can inhibit catalyst light-off. Often this is inferred by the heat flux present in the 
exhaust system after a certain time period, normalised by the engine’s swept volume (as a 
larger engine will have greater exhaust enthalpy by virtue of the increased mass flow rate, 
but not necessarily higher temperature). While the turbocharger reduces the post-turbine 
temperature (it was identified as a cause for a loss of up to 1.5 kW/l during catalyst light-off 
conditions), operation with the wastegate open must still be considered, as under this 
condition the catalyst could see gas at close to the exhaust manifold temperature, which 
could be damaging. The key to achieving both maximum BMEP and target power density 
was suitable matching of the series-sequential turbochargers. With a pre-turbine limit of 
1025 °C, stoichiometric fuelling could be maintained up to 5000 rev/min. However, if pre-
turbine temperature was limited to approximately 950°C, without EGR, over-fuelling may 
have been unavoidable beyond approximately 3000 rev/min. The paper also demonstrated 
how a higher geometric compression ratio could improve part-load combustion stability, 
enabling more aggressive valve overlap strategies to be employed for further BSFC 
benefits. 

Fraser et al. [140] demonstrated that the 1.2-litre MAHLE Downsizing demonstrator could 
achieve approximately 14.5% fuel economy saving compared to a 2.0-litre engine of similar 
performance, a reduction in swept volume of 40%, but also demonstrated how a move to 
centrally mounted injectors may be incompatible with continual reduction in bore diameter 
due to valve sizes and flow losses. The authors also demonstrated how the incremental 
improvements of other fuel economy technologies, such as advanced valve activation 
strategies and friction reduction, become less significant as the operating BMEP of the 
engine is increased with further downsizing. 

The consequence of increased maximum BMEP and power density on engine friction was 
considered, for example through the need for larger bearings and higher valve spring forces. 
The necessity of two-stage boosting for higher BMEP achievement is highlighted, with 
considerable focus on the exceptional transient performance of an electrical boost device, 
despite the lower steady-state BMEP possible compared to a two-stage turbocharged 
solution. 

Martin et al. [142] focused on the driveability aspects of the MAHLE Downsizing 
demonstrator. They showed how a larger vehicle could spend significant time in the 
scavenging region, which many downsized applications utilised to tackle the inherent 
disadvantage of a smaller swept volume and issues with low turbine enthalpy. If the in-
cylinder air/fuel ratio is maintained at stoichiometric levels when operating with scavenging, 
the exhaust will have an oxygen excess (‘lean’ scavenging), in which case a standard 3-
way catalyst would no longer keep oxides of nitrogen (NOx) emissions under control. This 
would be a significant issue with the introduction of RDE legislation. The removal of 
scavenging entirely was shown to reduce low-end torque by up to 35%. However, replacing 
lean scavenging with stoichiometric scavenging (i.e. in-cylinder enrichment to maintain the 
exhaust gas AFR at stoichiometry) could maintain torque levels during both steady-state 
and transient operation, albeit with a fuel consumption penalty. The in-cylinder enrichment 
allowed some spark advance, increasing thermal efficiency, but not enough to offset the 
increase in fuelling required to maintain stoichiometric conditions in the exhaust. 
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Consideration was given to the increase in catalyst exotherm generated with stoichiometric 
scavenging, caused by mixing total unburned hydrocarbons (THC) and carbon monoxide 
(CO) from rich combustion with the oxygen present from scavenging, but the compressor 
was found to reach its surge limit before the catalyst generated excessive temperature. It 
was also highlighted in [142] that as an engine is downsized, its naturally aspirated torque 
level is reduced, so more of the final torque must be delivered from the forced induction 
system. This can lead to a decrease in the absolute torque available at a given time during 
a transient event compared to a larger-displacement engine with the same maximum 
torque. To maintain driveability (i.e. a nominal rate of vehicle acceleration), the rate of torque 
rise must be progressively increased as an engine is downsized. Technologies to achieve 
this are suggested, such as use of an electric compressor to support the primary 
turbocharger. Further, the opportunity to size a larger (lower restriction) turbine for better 
fuel economy is identified when the low speed performance is supported by a 
supplementary device such as an electrical supercharger. 

Subsequently, in 2015 Bassett et al. [143] demonstrated that the MAHLE Demonstrator 
could be reconfigured as a single-turbo with electrical supercharger, and could achieve 193 
kW (over 160 kW/l) and 32 bar BMEP from 1500 rev/min, with 25 bar BMEP available from 
1000 rev/min and 29 bar BMEP available at 1200 rev/min. This was achievable while 
maintaining the compression ratio at 9.3:1, as per the original 100 kW/l single-turbo variant. 

In 2013, Volvo presented their T5 and T6 engines [120]. The T5 engine featured a 
turbocharger, a compression ratio of 10.8:1, a peak cylinder pressure of 110 bar and 
achieved both 90 kW/l and 175 Nm/l, or 22 bar BMEP (increased to 190 Nm/l, or almost 24 
bar BMEP, with overboost). The T6 engine featured 2-stage boosting, with a supercharger 
for low engine speeds and a turbocharger for higher engine speeds. It achieved 
approximately 112 kW/l and 200 Nm/l (around 25 bar BMEP) with a compression ratio of 
10.3:1 and a peak cylinder pressure of 115 bar. 

Also in 2013, Mercedes launched their 4-cylinder M133 AMG engine [70], offering 265 kW 
and 450 Nm of torque, equivalent to 133 kW/l or 26.5 bar BMEP at rated power and 28 bar 
BMEP at peak torque. These values were achieved with a single-stage, twin-scroll 
turbocharger; a geometric compression ratio of around 8.6:1; dual VCT; an intake plenum 
volume of around 3 times the engine’s swept volume; a peak cylinder pressure of around 
140 bar and a maximum turbine inlet pressure of 3.2 bar to ensure low residuals and 
efficient combustion. The engine utilised scavenging to maintain the low-end torque. Whilst 
this engine was based on the M270 / M274 engine family [63, 67, 68], the M133 featured 
new intake and exhaust systems, new charge cooling (achieving not more than 25 K above 
ambient temperature) and a modified block casting process to accommodate higher cylinder 
pressures and structural loads. In 2019, the M169 engine was launched with 155 kW/l and 
250 Nm/l, generating a maximum BMEP of 31 bar. 

The Ultraboost engine [1] was a 4-cylinder 2.0 litre engine capable of delivering the same 
maximum power and torque as a naturally aspirated 5.0 litre V8 engine, representing a 
reduction in swept volume of 60% - the highest downsizing factor found during this survey. 
The engine was capable of over 26 bar BMEP at rated power (263kW, 132 kW/l), and over 
32 bar BMEP at peak torque (515Nm, 259 Nm/l), making its performance similar to that 
achieved by the M169 engine 5 years later. It was calculated that this level of downsizing 
ought to deliver approximately 23% reduction in fuel consumption over the NEDC. To 
achieve these performance targets and to minimise enrichment (stoichiometric fuelling to 
over 4000 rev/min, lambda ~0.9 at rated power was achieved), this engine utilised direct 
injection, high tumble ratios, low (~9:1) compression ratio, valve durations which enabled 
late intake valve closing (LIVC) operation, dual VCT, low pressure EGR, 200 bar fuel 
injection pressure and a water-cooled exhaust manifold. 
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Forced induction was 2-stage series-sequential, with a supercharger for the low speed 
region, which could be clutched out to avoid parasitic loss when not required, and a high-
flow-capacity turbocharger for the higher load region. 

Whilst a somewhat different proposition to most of the engines presented here, in 2016 
Bugatti introduced the 8.0-litre W16 engine for the Chiron [27]. At 1,103 kW and 1,600 Nm, 
this engine generated a specific power of 138 kW/l and specific torque of 200 Nm/l, or 25 
bar BMEP. The engine utilised two-stage series-sequential turbocharging, a complex 
exhaust manifold with switching valves, and very low intake and exhaust pressure losses 
(exhaust pressure loss is 60 kPa, despite the engine consuming 4,400 kg/h of air). 

In 2017, AVL introduced its 200 kW/l ‘HyPer’ concept [144], a sub-1800 cc engine producing 
349 kW at 8000 rev/min utilising two 2-stage sequential turbochargers with intercooling and 
an additional electric supercharger, as well as 350 bar fuel injection pressure. Peak torque 
for this demonstrator was 422 Nm (240 Nm/l, 30 bar BMEP) at 7000 rev/min, although 90% 
of this peak torque value was reached around 2500 rev/min. Low-end torque without electric 
supercharger assistance was around 7 bar BMEP at 1000 rev/min but rose to approximately 
17 bar with electric supercharger engaged. Quoted torque at 1500 rev/min was 291 Nm, or 
21 bar BMEP (with electric supercharger assistance). 

Whilst the Ultraboost engine achieved the target maximum power and torque, it did miss its 
low-end torque target of 440 Nm at 1500 rev/min, achieving almost 18 bar BMEP at 1000 
rev/min and 370 Nm (23 bar BMEP) at 1500 rev/min. The MAHLE demonstrator engine 
achieved approximately 16 bar BMEP at 1000 rev/min. The AMG M133 engine achieved 
around 14 bar BMEP at 1250 rev/min. The M274, on which the M133 was based, achieved 
peak torque of 350 Nm at 1200 rev/min, representing 22 bar BMEP, although the 
corresponding maximum power of 155 kW (78 kW/l) is considerably lower than the other 
high-output engines being discussed. The Volvo supercharged/turbocharged T6 engine 
also achieved around 14 bar BMEP at 1000 rev/min. The Bugatti Chiron’s engine reached 
600 Nm at 1000 rev/min, a BMEP of less than 10 bar, but the phenomenal torque output as 
a result of its 8-litre displacement means a high BMEP at this speed is not as critical as it 
might have been for a smaller engine. 

When fitted with the electro-mechanical SuperGen unit, allowing both variable supercharger 
speed and a degree of electrical supercharging, the BMEP of Ultraboost at 1000 rev/min 
was increased from below 18 bar BMEP to 22.5 bar BMEP. Transient response was also 
significantly improved, taking 0.8 s to reach the same torque as was achieved by the original 
mechanical supercharger in 2.5 s. The variable supercharger speed enabled part-load 
pumping losses to be optimised, resulting in fuel economy gains of between 1% and 4% 
[145]. 

The V-Power project from the University of Bath, partnered with Ford and Torotrak [146], 
and the HyBoost project run by Ricardo in partnership with Ford, Valeo and Controlled 
Power Technologies [147] also used two-stage boosting systems. The V-Charge project 
used a mechanical supercharger linked to the engine via a variable-speed drive, while the 
HyBoost project used an electrical supercharger, but in both cases a peak power of over 
100 kW/l and a peak BMEP of over 30 bar was achieved, while simultaneously achieving 
fuel economy improvements at lower load. 

In conclusion, performance levels of 155 kW/l have been demonstrated using a single-stage 
boosting device. However, achieving good low-end torque, judged as approximately 13 bar 
BMEP at 1000 rev/min (close to 100 Nm/l, see Figure 1-8), with similar power density 
requires at least two boosting stages. Electrical supercharging offers significant transient 
performance benefits without the fuel consumption penalty which may typically be expected 
from a mechanical supercharger, although the source and efficiency of electrical energy 
provision must be considered. 
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Given these findings, the M256 engine presented by Mercedes in 2017 [66] is of particular 
interest. Whilst this engine does not present class-leading specific power or torque ratings 
(107 kW/l and 22 bar BMEP, respectively), it does feature electric supercharging and 
turbocharging on a production engine. Unlike the AVL HyPer engine, the electric 
supercharger in this application is used to provide more torque, earlier, during transient 
operation, but is not required to achieve the rated torque of the engine in steady-state 
operation. 

2.2. Engine Technologies for Downsizing 

The preceding discussions have highlighted several recurring themes relating to the 
technologies associated with downsizing and high specific power density. These are 
reviewed in more detail below. 

2.2.1. Variable Camshaft Timing 

Many of the surveyed engines featured variable camshaft timing on both intake and exhaust 
camshafts. This technology offers particular advantages when coupled with turbocharging. 
Due to the relative efficiencies of compressor and turbine and the temperature of exhaust 
gas, the turbocharger allows pressure in the intake manifold to be higher than the pressure 
in the exhaust manifold at some engine speeds and gas flow rates (normally at low engine 
speed and high brake torque output, when exhaust system restriction is relatively low). The 
dual variable camshaft timing can then enable the use of a large valve overlap, during which 
the turbocharger can blow significant quantities of air from the intake straight through the 
cylinder and into the exhaust. This flow ‘scavenges’ the cylinder of residual gas, reducing 
the engine’s tendency to knock, which allows more optimal combustion phasing, in turn 
enabling improved torque production and fuel economy [142, 148]. 

The additional charge flow also increases the engine’s volumetric efficiency, potentially 
above 100% (at the cost of low trapping efficiency), which helps to increase the enthalpy 
available to the turbine. This additional flow generates more power from the turbine and 
simultaneously moves the compressor’s operating point away from the surge limit to an 
operating point with higher efficiency. Increased turbine power and increased compressor 
efficiency mean the airflow and pressure delivered by the compressor to the engine 
increases, which therefore also enables an increase in torque to be delivered. The 
increased air flow and increased engine load further increase exhaust enthalpy, and a 
virtuous circle is established until the compressor power consumption matches the power 
available from the turbine, or until a new surge-limited flow rate is reached. The use of 
scavenging is most practical when also using direct injection, so the charge which is short-
circuited to the exhaust contains no fuel. 

However, the oxygen in the scavenge flow prevents the three-way catalyst in the exhaust 
from reducing oxides of nitrogen (NOx) if the in-cylinder combustion remains stoichiometric. 
If stoichiometric conditions at the catalyst are to be maintained, the mixture in-cylinder 
needs to be enriched, which will increase the engine-out THC and CO emissions and impair 
the engine’s fuel economy at that operating condition. While the excess THC and CO can 
then consume the excess oxygen over the catalyst and recover NOx conversion efficiency, 
the oxidation reaction of THC and CO is exothermic, so the catalyst temperature can 
increase significantly while the excess oxygen is consumed. Martin, Beild and Müller [142] 
demonstrate these principles on the MAHLE downsizing demonstrator engine. 

At higher engine power levels, where the exhaust pressure is higher due to increased flow 
rate, the pressure differential between exhaust and intake manifolds often precludes 
scavenging, in which case high levels of valve overlap would be undesirable due to 
‘blowback’. This occurs when higher pressure in the exhaust manifold pushes hot burned 
gas from the exhaust system back through the cylinder and into the intake manifold. 
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This reduces the volumetric efficiency of the engine and increases the temperature of the 
trapped charge. This will occur when the exhaust manifold pressure is instantaneously 
higher than the intake manifold, which can easily occur due to the gas dynamics in the 
exhaust manifold, even if the intake manifold pressure is on average greater than the 
exhaust manifold pressure. Blowback can limit engine performance, either through reducing 
the mass of fresh charge which can be trapped or from making the engine more sensitive 
to knock due to the increased level of hot residual gas. Variable camshaft timing allows the 
amount of valve overlap to be adjusted as a function of the prevailing pressure and gas 
dynamic conditions. 

At part-load, where the intake manifold pressure is likely to be below atmospheric pressure 
while the exhaust system will be at approximately atmospheric pressure, end gas 
temperatures (those present in the unburned charge during the combustion event) are often 
not sufficient to cause the engine to knock and high levels of valve overlap to encourage 
backflow and low volumetric efficiency can lead to a de-throttling effect, which will benefit 
fuel economy. This effect is present for both naturally aspirated and forced induction 
engines. Leone, Stein et al. [149, 150] demonstrate how variable cam phasing can improve 
fuel consumption as well as CO and THC emissions at a constant level of engine-out NOx, 
compared to the use of external EGR at low load (less than 6 bar BMEP). Alger and 
Wooldridge [151] show that residual gas fraction was affected by intake manifold pressure 
(assessing sub-atmospheric pressures only), intake valve opening (IVO) timing and valve 
overlap, concluding that higher intake manifold pressure reduced residual fraction, greater 
valve overlap increased residual fraction and intake valve opening timing could increase or 
decrease residual gas fraction, depending on the in-cylinder density and the effect on the 
exhaust process (for fixed valve overlap). Bourhis et al. [152] showed that, in addition to 
pumping loss reduction, the thermophysical properties of residual gas reduce heat losses 
to the cylinder surfaces and affect the thermal losses related to the temperatures at which 
combustion occurs. They also demonstrate the detrimental effect of hot residual gas when 
engine load is high enough to cause knock, and show how variable valve overlap can assist 
in minimising this effect. 

Variable camshaft timing can also allow optimisation of the effective durations of the 
compression and expansion strokes by controlling the timing of intake valve closing (IVC) 
and exhaust valve opening (EVO) respectively. In this manner, the effective compression 
ratio can be reduced from the geometric compression ratio by closing the intake valve at a 
time when the cylinder volume is less than its maximum, with either early IVC (EIVC) or late 
IVC (LIVC) timing. The reduction in cylinder volume at IVC with either EIVC or LIVC 
strategies means the charge density in the intake manifold must be increased to maintain 
the trapped charge quantity. At low loads, this can reduce pumping losses by reducing 
intake throttling [153, 154], but at higher loads this typically requires the use of forced 
induction, which may lead to an increase in pumping losses. 

The reduction in compression ratio due to the delayed start of the compression stroke 
reduces the heating effect of the compression process and reduces the charge temperature 
at the start of combustion. This reduces the engine’s tendency to knock, which can allow 
more favourable combustion phasing and improved engine gross thermal efficiency. 
However, the lower temperature can also reduce the flame speed, which counteracts the 
improved efficiency to some extent and can reduce combustion stability [131, 155]. 

By varying EVO relative to IVC, the length of the expansion stroke can be controlled, and 
can allow an ‘over-expansion’, where the expansion stroke is longer than the compression 
stroke. This is thermodynamically preferable and increases the cycle’s theoretical efficiency 
[156]. However, care must be taken to still provide sufficient exhaust valve flow area and 
valve open duration to evacuate the cylinder effectively with late EVO without increasing 
the level of trapped residual gas or blowback [157]. 
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Valve lift profiles designed to utilise the capability for reduced effective compression ratio 
and over-expanded cycles are commonly referred to as ‘Miller’ or ‘Atkinson’ cycles (typically 
with ‘Miller’ referring to the use of EIVC timing, and ‘Atkinson’ referring to the use of LIVC 
timing; this is somewhat erroneous as the Atkinson patent explicitly referred to a particular 
crank-slider mechanism to provide the late IVC timing). 

Changes to intake valve timing can have significant influences on combustion, and it can 
be difficult to fully differentiate changes due purely to the change in IVC from changes in 
residual gas fraction and flow field effects. In the 1980s, workers at Nissan [158] showed 
both EIVC and LIVC strategies could yield similar improvements in pumping loss reduction 
and fuel economy improvement, but the strategies had different effects on combustion. 
EIVC strategies could reduce ignition delay compared to LIVC strategies but ultimately had 
longer combustion durations. Both EIVC and LIVC had longer ignition delay periods and 
combustion durations compared to conventional valve timings. EIVC strategies were shown 
to generate increased kinetic energy through the early stages of the intake stroke, but 
ultimately have less kinetic energy than conventional strategies at the time of ignition. More 
recently, these results were corroborated on a modern, highly boosted single-cylinder 
engine. LIVC strategies resulted in more combustion advance than EIVC strategies at 
knock-limited conditions, but EIVC strategies yielded better thermal efficiency at low load 
[159]. Investigating the flow field effects on de-throttling using variable valve technologies 
and EIVC strategies, Stansfield et al. [160] showed marked differences between single-
valve operation and de-throttling with both valves active. Further, the observed benefits 
depended on which valve was in operation and fuel injection timing, pointing to differences 
in port-to-port flow performance and important fuel spray interactions within the cylinder. 

Changing EVO or IVC timing also moves some of the work extraction from the high-pressure 
part of the cycle to the low-pressure part of the cycle, and vice versa. Early EVO leads to a 
loss of some expansion work which would have occurred, had the piston reached bottom-
dead-centre (BDC) before opening the exhaust valve, but earlier EVO also allows the 
cylinder pressure to be reduced at the start of the exhaust stroke, reducing pumping losses. 
Late IVC timing results in the piston starting the compression stroke at a higher pressure 
than if the intake valve closed at BDC, resulting in incremental compression work during the 
compression stroke. This reduces the work apparently extracted from the high-pressure 
part of the cycle, but also reduces pumping losses. These changes will be preferable if the 
reduction in pumping loss more than offsets the loss of work from the high-pressure cycle, 
increasing the net work extraction from the full cycle. Regardless of the overall efficiency, 
increased expansion losses and incremental compression work can make the gross thermal 
efficiency appear poor. For this reason, Shelby and co-workers recommend adjusting the 
gross indicated and pumping work to account for these effects [161]. 

Therefore, variable camshaft timing on both intake and exhaust camshafts enables 
improved control over the length of the relative compression and expansion processes, the 
theoretical cycle losses, and influences the composition of the cylinder charge. Coupled 
with forced induction, this technology can markedly improve the power density, fuel 
efficiency and/or low-end torque output of an engine. 

2.2.2. Variable Valve Timing and Lift 

Beyond variable camshaft timing are systems which allow the variation of valve lift and/or 
independent control of valve opening and closing timings, and thus duration. These systems 
have been in production for many years, from the simple 2-stage systems as typified by 
Honda’s VTEC system [46, 162] or Audi’s Valvelift System [163] (also in use on the exhaust 
valves [106]), through to electromechanical systems such as BMW’s Valvetronic [10] or 
Hyundai’s Continuously Variable Valve Duration (CVVD) system [164], through to 
electrohydraulic systems such as those used by Fiat [165] and Jaguar Land Rover [53], 
which can provide relatively independent control of intake valve phasing, duration and lift. 
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With variable camshaft timing but fixed cam duration and lift, the valve lift profiles must be 
developed to simultaneously achieve multiple conflicting objectives. The valve lift profiles 
must support generation of adequate charge motion for efficient combustion; enable 
trapping of adequate charge to reach performance targets within the limits of achievable 
intake manifold density; balance scavenging potential against blowback, in-cylinder 
enrichment and high exhaust system pressure; and balance effective compression and 
expansion ratios while trying to manage pumping losses. 

A long intake cam duration may enable lower effective compression ratio but may increase 
valve overlap when maximum charge trapping is desired. Similarly, a long exhaust cam 
duration will trade expansion work against increased overlap, potentially leading to reduced 
thermodynamic cycle efficiency or high levels of residual gas. Conversely, short cam 
durations may remove the risk of unwanted valve overlap and reduce intake pumping loss 
or exhaust expansion loss, but may also make it more challenging to ingest sufficient fresh 
charge at high load or expel the exhaust gas effectively. Achieving high levels of valve lift 
with short cam durations also increases the velocities and accelerations experienced by the 
valves, leading to increased valvetrain loading. By enabling variation of valve lift and/or 
duration, the compromises highlighted above can be reduced or even potentially eliminated. 

An example of the various operating modes for the intake valve and how the different modes 
may be utilised across the operation of engine speeds and loads for the MultiAir system is 
shown in Figure 2-1 below. 

 

 
Figure 2-1: Intake valve operation with MultiAir (reprinted with 

permission from [165]) 
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2.2.3. Direct Injection 

Many of the engines surveyed used direct injection instead of (or in some cases, as well as 
[85, 86, 88, 103, 112]) port injection. Direct injection allows the use of scavenging with 
minimal loss of fuel during the valve overlap period, improving fuel economy relative to the 
port-injected equivalent [148]. Direct injection also cools the charge more effectively, as 
more of the enthalpy required to evaporate the liquid fuel is taken from the charge in the 
cylinder, compared to port injection (which takes a considerable proportion of the necessary 
latent heat from the port walls). This reduces the temperature of the evaporated fuel/air 
mixture at the end of compression and makes the engine more robust to knock [166, 167]. 
The cooling of the charge within the cylinder during the induction stroke also increases the 
volumetric efficiency of the engine, allowing an increase in charge trapping and 
consequently in power output. 

However, the use of direct injection means the available time for injection, evaporation and 
mixing of the liquid fuel with the charge is reduced, requiring higher fuel system pressures 
to ensure sufficient fuel can be injected in the available time. The high pressure also reduces 
the mean fuel droplet diameter and increases the charge motion to improve mixing [168]. 
Difficulty with achieving good homogeneity can lead to an increase in soot formation and 
particulate emissions when compared to port fuel injection, at least at some speeds and 
loads – at high loads, the high injection pressures can improve atomisation and reduce soot 
emissions relative to low-pressure port fuel injection [148]. It is for these reasons that some 
engines utilise both port and direct injection. 

In recent years particulate emissions, especially small particulates (down to 10 nm in 
diameter) from gasoline direct injection (GDI) engines, have come under increasing scrutiny 
with the introduction of particulate number (PN) limits, monitoring of PN emissions under 
RDE conditions and a reduction in the allowable RDE conformity factor. It is expected that 
upcoming legislation will reduce the threshold for measurement of PN emissions from 23 
nm to 10 nm. Consequently, more engines have begun to use a Gasoline Particulate Filter 
(GPF) to reduce tailpipe particulate emissions, a trend which is likely to continue in the 
future [169]. These filters are very effective at reducing particulate number, and are even 
more efficient when reducing the 10 nm – 23 nm range than the 23 nm and above range 
[170]. The tightening of particulate emissions legislation also makes it more challenging to 
operate the engine in an enriched state, when particulate emissions are higher. 

There will therefore likely be conflicting requirements on fuel system pressure in the future: 
on one hand, higher fuel pressures will promote lower combustion-generated particulate 
emissions, at the cost of increased parasitic load on the engine required to generate the 
higher pressures; on the other hand, introduction of GPF technology may make reduction 
of particulate generation at source less important. It could be that higher rail pressures 
become desirable for other reasons, such as reducing the mixture preparation time and/or 
limiting the amount of fuel present in the combustion chamber at any particular instant to 
control ignition delay and prevent knock, rather than primarily to control particulate 
emissions [171]. 

2.2.4. Turbocharging 

As presented in Chapter 1.2, forced induction has long been known to increase the power 
density and maximum BMEP of engines. Turbocharging is often a more fuel-efficient means 
to achieve that higher power density than mechanical supercharging, as the energy to 
deliver the increased charge pressure comes from exhaust enthalpy which would otherwise 
be wasted. This is achieved by converting a portion of the exhaust gas enthalpy into kinetic 
energy as it travels through the exhaust system upstream of the turbine. Some of the 
momentum of the incoming exhaust gas is then imparted to the turbine wheel as the gas 
flows through it, rotating the turbocharger’s shaft and thereby powering the compressor. 
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 However, by design the turbine increases the pressure against which the piston must act 
during the exhaust process, increasing the engine’s pumping work. 

A supercharger can beneficially improve pumping work by raising intake manifold pressure 
without increasing the restriction presented to the exhaust manifold, but often the parasitic 
load of the supercharger itself outweighs this benefit, making the supercharger less efficient 
than a turbocharged solution. There are two main routes to extract enthalpy from the 
exhaust with a turbocharger – via constant pressure turbocharging or via pulse 
turbocharging [172]. 

Constant pressure turbocharging is typically the more efficient process as it can allow 
relatively stable operation of the turbine around its peak efficiency, but is unsuitable for 
highly transient applications, such as automotive applications. This is because the constant-
pressure approach necessarily wastes enthalpy resulting from choked flow across the 
exhaust valve. Further, the size of turbine required to reach the optimal thermodynamic 
efficiency (a blade speed ratio of around 0.7) would inherently have very high inertia, making 
it slow to respond to changes in boost demand. For practical applications, the turbine would 
need to be smaller than ideal, reducing the benefits of the constant-pressure charging 
approach [173]. 

By allowing the pressure downstream of the exhaust valve and upstream of the turbine to 
vary a lot, a pulse turbocharged system allows the turbine to utilise more of the enthalpy 
available in the cylinder, but causes the blade speed ratio to vary widely during the cycle, 
which is typically less efficient on average than a well-matched constant pressure 
turbocharged system. The key to high energy extraction is to keep the volume between the 
exhaust valve and turbine low, so the pressure in that volume responds rapidly to changes 
in mass flow rate. In this respect, integrating the exhaust manifold into the cylinder head 
can offer significant advantages for turbocharged solutions. 

A diagram demonstrating the change in enthalpy available to the turbine during the exhaust 
process is shown in Figure 2-2. 

 
 

Figure 2-2: Enthalpy available to turbine (Fig. 7.1 from [172]. Reprinted with permission) 
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Another issue with pulse turbocharging with more than three cylinders per exhaust manifold 
is the likelihood of ‘pulse interference’ between cylinders, where reflected pressure waves 
from the exhaust process of one cylinder inhibit the exhaust process of another cylinder 
[157, 172]. With three cylinders per manifold for a four-stroke engine, there can be up to 
240 °CA between exhaust events, which is considerably more than one stroke and therefore 
provides sufficient time for the exhaust process of one cylinder to complete before the next 
cylinder starts. With four cylinders per manifold, there can only be up to 180 °CA between 
exhaust events, which is unlikely to be long enough to preclude the exhaust valves of two 
cylinders being open simultaneously. 

Twin-scroll turbocharging is a mechanism to reduce pulse interference by effectively 
splitting the exhaust manifold and turbine volute into two discrete volumes, connecting only 
cylinders whose exhaust processes are sufficiently separated to prevent pulse interference. 
With this configuration, the exhaust valve open periods can be increased, benefitting 
pumping work and exhaust gas extraction from the cylinder. However, to successfully utilise 
longer event lengths, flow between the two scrolls must be kept low i.e. the level of scroll 
separation must be high. High scroll separation is achieved by reducing the cross-sectional 
area between the end of the turbine scroll and the turbine wheel, which tends to increase 
flow losses in the volute and reduce the apparent turbine efficiency. Twin-scroll 
turbocharging can be readily incorporated with an integrated exhaust manifold to improve 
both turbine performance and the gas exchange processes in the cylinder. 

A twin-scroll turbo system can therefore allow increased work extraction and improved 
engine breathing at low engine speeds where pulse energy is highly significant, but may 
also cause reduced turbine efficiency and impaired engine breathing at high engine speeds, 
where flow losses are typically more significant than pulse energy. The system needs to be 
optimised for the desired balance of engine breathing, scroll separation and turbine 
efficiency [174]. The effect of excessive volume on reducing turbine work extraction at low 
speed, even without cross-talk, is clear from the work of Turner et al. [175]. 

Regardless of the method of turbocharging used, the parametric macro analysis conducted 
by Shahed and Bauer [176] showed that the effect of downsizing and turbocharging was to 
increase the size of the low-BSFC region of engine operation and move it to lower loads, 
compared to the naturally aspirated equivalent. This analysis also showed that the 
implementation of turbocharging and downsizing increased the BSFC at very high loads 
and at higher speeds relative to a naturally aspirated engine, where the pumping work to 
drive the turbocharger becomes significant. This is consistent with the findings of Königstein 
et al. [177], who showed that fitting a turbocharger to an engine of equal displacement 
generally impairs the engine’s BSFC by 8% - 10%, but that moving the engine’s operating 
point by reducing the swept volume can overcome this penalty and offer further fuel 
consumption benefit, as long as the engine load required was sufficiently low (a breakpoint 
of around 50 Nm was noted, broadly independent of engine speed). 

Of late, significant advances have been made with electric supercharging and electric 
turbocharging, normally utilising 48V electrical systems [66, 178 – 184]. Such devices allow 
the generation of boost pressure which would not be possible with a conventional 
turbocharger due to a lack of exhaust enthalpy. The electric boosting devices also enable 
significant reductions in ‘turbo lag’ and improvements in the transient response of the 
engine. Further, the existing turbocharger is ‘bootstrapped’ by the provision of additional 
airflow resulting from the electric devices, moving the compressor operating point away from 
surge and potentially enabling a greater overall compression ratio, while simultaneously 
providing the turbine with more enthalpy. These devices can assist with a reduction in 
pumping loss, as not all of the compression work need be provided through exhaust gas 
expansion (as some comes from electrical power). 
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Whilst an electric compressor can offer some regenerative capability, the wider operating 
range of an electric turbocharger makes regeneration of electrical energy from excess 
turbine enthalpy a real possibility [182, 183]. During work on the HyPACE project, the team 
from MAHLE, Jaguar Land Rover and BorgWarner demonstrated synergies between the 
use of an electric turbocharger and the variable valve timing system to regenerate up to 7 
kW with minimal fuel consumption penalty (relative to the baseline engine calibration), or 
achieve around 4% fuel economy benefit by operating the turbo at a more efficient speed 
and wastegate position. This enabled a level of electrical regeneration with a simultaneous 
improvement in combustion phasing from reduced pre-turbine pressure. 

2.2.5. Charge Motion 

Another trend apparent from the research is the importance of good intake port design, and 
the balance to be struck between generating substantial charge motion for fast and efficient 
combustion (normally achieved through stronger tumble motion), and the desire for free-
flowing ports to maximise air ingestion with minimal restriction [1, 7, 82, 83, 84, 86, 88, 123, 
134, 136, 138]. It has long been shown that tumble-generating ports can produce high levels 
of turbulent kinetic energy which can aid fast and stable combustion [185, 186], and that 
combustion processes with a short ignition delay have fast combustion [131] due to 
preferable thermodynamics present during flame development. Keck and co-workers in the 
early 1980s demonstrated that typical apparent burning velocities were several times 
greater than the laminar burning velocity for the same fuel and equivalence ratio, and that 
burning velocities were related to the levels of turbulence in the cylinder [187, 188, 189]. 

Keck and Blizard [190] relate internal energy of the charge in-cylinder to the inlet gas speed, 
and in turn to the cylinder bore, stroke, engine speed, valve diameter and valve lift. Nakato 
and Shimizu [191] further simplify these relationships by recognising that if BSR is assumed 
to be fixed and valve diameter is assumed to be proportional to bore diameter, then for a 
given engine speed, the level of tumble is related to the bore diameter and, to achieve a 
certain tumble ratio, the valve lift should be proportional to the bore diameter. This approach 
limits the valve curtain area to increase gas velocity with a smaller bore. 

As identified in several papers [1, 123, 134], and frequently referenced during the newer 
engine developments, downsizing works well when high levels of tumble are used, allowing 
improved combustion stability, increased EGR / dilution tolerance and reducing knock 
sensitivity [192, 193]. Bandel et al. [136] suggest that charge motion of around twice then-
current levels would provide sufficiently fast and stable combustion to allow increases in 
compression ratio and/or reduction in enrichment for component protection. The rationale 
is that use of a suitably-matched turbocharger enables boost pressure to be raised to 
overcome any loss in volumetric efficiency inherent with ports designed for charge motion 
in preference to high flow coefficients, making high-charge-motion port design synergistic 
with turbocharging and downsizing. 

Further, high levels of charge motion can still enable stable combustion when spark timings 
are significantly retarded from optimal, such as during catalyst light-off operation [155]. 
Here, exhaust temperature is shown to be very closely correlated to the location of 90% 
mass fraction burned (MFB90), so high (but optimised) levels of charge motion are 
necessary to enable stable engine operation at the retarded combustion phasings 
necessary to achieve late MFB90. 

Hirooka et al. [194] also demonstrated that fast combustion could prevent knock occurring, 
but that care had to be taken to avoid distortion of the flame front, as irregular propagation 
of the flame could allow regions of the end gas to reach autoignition conditions before they 
had burned. 
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Toyota [123] demonstrate how high tumble motion is required to maintain fast (but not too 
fast) combustion, which enables optimal thermal efficiency and improves EGR tolerance. 
They also demonstrate how the angles between intake valves and intake port are an 
important feature in achieving high levels of tumble generation without excessive energy 
consumption. Whilst the desire is always to push for a better overall trade-off, many of the 
featured engines have chosen to bias their port designs towards charge motion at some 
cost to flow coefficient, supporting the principle espoused by Bandel et al. [136]. 

However, high charge motion also has some negative implications. Annand [195], Woschni 
[196, 197] and Hohenberg [198] recognised that heat transfer in internal combustion 
engines is dominated by forced convection, and therefore has a relationship to mean piston 
speed as an indicator of gas velocity. Bulk charge motion can supplement that gas velocity 
and therefore could further increase heat transfer. They also recognise that combustion 
itself affects the charge motion and gas velocities, and the influence of combustion on heat 
transfer is predominantly through convection as opposed to radiation. High levels of charge 
motion, and consequentially fast combustion leading to high peak combustion 
temperatures, could therefore be reasonably expected to increase heat transfer from the 
combustion chamber. 

2.2.6. Ignition Energy 

The increased levels of cylinder pressure, turbulence and charge motion required for good 
combustion also require an increase in the minimum spark energy. While developing a 
combustion system for stratified combustion, Yamamoto et. al [199] demonstrated how the 
turbulence induced by fuel injection could disturb, stretch and even extinguish the early 
flame kernel around the spark due to the high momentum imparted to the charge by the fuel 
injection process, and how a low spark energy reduced the spark duration and the window 
within which spark timing and end of injection could deliver suitable combustion stability.  

While reviewing the available literature, Kalghatgi [200] confirmed that the minimum energy 
for ignition increases substantially with higher levels of turbulence in the vicinity of the spark 
plug, as it does in the presence of gases with high heat capacities, such as carbon dioxide 
and water vapour present in residual gas or recirculated exhaust gas. 

The theoretical relationships between minimum ignition energy and the charge’s thermal 
conductivity, temperature, pressure, laminar flame speed and specific heat capacity are 
shown in Glassman et al. [201], which also describes how energy is further minimised for a 
certain spark plug gap. They demonstrate that lower laminar flame speeds lead to a 
significant increase in minimum energy requirement, which therefore makes minimum 
energy requirement also highly dependent on the local equivalence ratio and means steps 
taken to reduce the end of compression temperature, such as the use of Miller strategies, 
may also drive an increase in the necessary ignition energy. 

In reviewing the theory of Zeldovich, Frank-Kamenetskii and Semenov, Glassman et al. also 
explain how increasing pressure tends to slow the laminar flame speed for typical 
hydrocarbon-air combustion (assuming the pressure is not high enough to cause significant 
cellularity of the flame [202]). This is due to the increased prevalence of reactions competing 
for hydrogen atoms, which inhibit the formation of OH radicals important for overall oxidation 
rate. Consequently, high boost pressures could be expected to slow combustion down if not 
compensated by increased turbulent burning speeds. Hotter unburned gas temperatures, 
as may be expected with higher compression ratios, are shown to significantly increase the 
laminar flame speed [203], which could then be expected to reduce the minimum ignition 
energy requirement.  
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Akindele et al. [204] demonstrated how turbulence becomes more important as the flame 
kernel grows, resulting in a greater flame thickness at any particular time after spark. Using 
the same ignition theory described by Livengood and Wu [205], Akindele et al. show how 
the increased eddy diffusivity resulting from greater turbulence acts to reduce the 
temperature in the region of the spark more rapidly, making it more difficult to overcome the 
ignition delay at a given radius from the spark. They describe a ‘critical’ radius, the point at 
which the increase in temperature from the spark energy is just sufficient to overcome the 
ignition delay, and relate it to the turbulent flame thickness. If the flame kernel can surpass 
this size, progressive ignition of the remaining unburned charge and flame front 
development will occur, but the combustion process will fail if not. It is shown how increased 
spark energy increases the radius at which a given temperature can be achieved, making 
it easier to achieve local ignition at the critical radius and beyond. 

Nakai et al. [206] demonstrated how a longer spark duration (in this case achieved by 
increasing the spark energy) can reduce the heat release delay (time between spark and 
an appreciable rise in cylinder pressure), enabling an improvement in combustion phasing 
and thermal efficiency in operating conditions where combustion is typically slow and 
difficult (e.g. at idle or with high levels of dilution, such as lean combustion, EGR, or high 
residual gas content). However, they do also demonstrate there is an optimal increase in 
spark energy to improve efficiency; beyond that, the electrical power required to provide the 
spark energy outweighs the improvement in thermal efficiency from the improved 
combustion process. This point was reached between 70 mJ and 120 mJ of energy. 
Although above the optimal energy for thermal efficiency, misfire frequency was reduced by 
utilising still higher ignition energy (up to 200 mJ). The improvement in misfire frequency 
was particularly significant at very advanced spark timings, when the in-cylinder 
temperature and pressure of the charge would be low. 

In conclusion, to provide strong, stable combustion, the ignition system for downsized 
engines must be designed for the mixture composition, the level of turbulence, compression 
ratio and boost pressure expected, but typically high energy systems are required. 

2.3. Combustion Chemistry 

Knocking combustion and pre-ignition are both related to the undesirable auto-ignition of 
unburned mixture. In both instances, at least a portion of the unburned charge undergoes 
the chemical reactions which make up the typical ignition delay period before it is consumed 
by the normal flame. When this occurs, that portion of the unburned charge spontaneously 
ignites, which can, depending on the prevailing thermodynamic conditions, result in severe 
pressure oscillations, extremely high cylinder pressures, engine damage or even engine 
failure. Both mechanisms are a major constraint to continued downsizing.  

2.3.1. Auto-ignition chemistry 
The oxidation and heat release of hydrocarbons follow particular chemical pathways, the rates of 
which are typically described with Arrhenius’ Law relationships of the form below: � = �[���]�[��
]
�� [207] Equation 1 

Where 

� = ��� ��� [207, 208] Equation 2 

where r is the reaction rate, XRa and XRb are the concentrations of the reactants, a, b and m 
denote the chemical order of the reaction, ρ is the gas density, k is the reaction rate 
constant, A is the pre-exponential factor, B is the activation energy of the reaction, R is the 
universal gas constant, and n allows for a sensitivity of reaction rate with temperature T.  
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The above equations demonstrate the general principle that higher concentrations, 
pressures and temperatures, all of which increase the probability of molecular collisions, 
typically lead to faster reactions, unless the exponent n is negative, in which case it is 
possible for a rate to slow down as temperature rises, leading to what is called a ‘negative 
temperature coefficient’ (NTC) region of temperature. The oxidation reactions tend to occur 
via chain-branching reactions in the sequence below [209, 210]. This is intentionally 
simplified as many reactions are occurring simultaneously, with the rate of each reaction 
being governed by its particular activation energy at the local temperature. 

•••• A carbon-hydrogen bond is broken in a molecular collision and a hydrogen atom is 
abstracted from the fuel molecule, typically by an oxygen molecule (O2), a hydroxyl 
radical (OH), or a hydroperoxyl radical (HO2). This forms a fuel radical (with an 
unoccupied site) and a hydroperoxyl radical, water molecule, or a hydrogen peroxide 
molecule (H2O2) respectively. 

•••• An oxygen molecule becomes attached to the unoccupied site on the fuel radical. This 
is a reversible reaction (i.e. the oxygenated fuel molecule can decompose back to a 
fuel radical and molecular oxygen), but the rate of decomposition at lower 
temperatures is quite low. 

•••• The attached oxygen molecule is able to abstract another hydrogen atom from within 
the fuel radical, creating another unoccupied site to which another oxygen molecule 
can attach. 

•••• The oxygenated fuel molecule can undergo endothermic internal isomerisation before 
decomposing to create lower-carbon-number molecules, such as aldehydes and 
peracids, and hydroxyl radicals. The aldehydes can then further decompose 
exothermically to form CO and hydrogen radicals. This oxygenation and 
decomposition of fuel to aldehydes and beyond is typically classed as ‘low 
temperature combustion’. 

•••• In parallel, the oxygenated fuel molecule may decompose to form alkenes (which 
feature carbon-carbon double bonds) and hydrogen peroxide. 

•••• As the temperature rises, the intermediate products further decompose into lower-
carbon-number carbonyls, CO and radicals (predominantly hydrogen peroxide, H2O2, 
at intermediate temperatures) 

•••• Hydrogen peroxide (H2O2) molecules can collide with another molecule, causing it to 
decompose to two hydroxyl (OH) radicals. 

•••• The remaining fuel molecules and intermediate products are rapidly oxidised by 
hydroxyl (OH) molecules, releasing the majority of the chemical energy in the fuel as 
heat. 

•••• To complete the oxidation process, CO is oxidised to CO2, typically by hydroxyl 
instead of atomic oxygen, as the reaction rate for oxidation by hydroxyl is much faster 
than that for atomic oxygen [211, 212]. 

At very low temperatures (below 700 K to 750 K), CO2 is a major product, with limited CO 
production. Above this temperature, the low-temperature cycle previously describes 
becomes more prevalent, leading to an increase in CO and a reduction in CO2 [213]. This 
is in keeping with the chemical equilibrium calculations presented by Alger et al. [214], 
where the ratio of CO2/CO is seen to reduce as flame temperature increases. 
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The initial oxygenation of the fuel, followed by decomposition to aldehydes and subsequent 
oxidation to carbon dioxide and water is highly exothermic, typically releasing approximately 
450 kJ/mol [210], which rapidly increases the temperature of the charge. These reactions 
form the basis of the low-temperature combustion oxidation paths, and are the cause of 
low-temperature heat release and ‘cool flames’ [209]. 

At lower temperatures, the oxygenation of fuel radicals is much more dominant than the 
reverse reaction, but as the temperature rises, the rate of decomposition of the oxygenated 
fuel radical from Step 2 increases, preventing further exothermic cycles from starting. As 
the temperature rises, the endothermic internal isomerisation process increases, effectively 
preventing further temperature increase and further chemical reaction. During this period, 
and over a specific temperature range, the reaction rate falls as a consequence of the 
endothermic isomerisation, leading to the negative temperature coefficient (NTC) region 
described above [215]. If heat is added (for example, due to further charge compression by 
piston motion) the temperature will increase and decomposition of the isomerised products 
can continue. As temperatures continue to increase, production of alkenes, hydroperoxy 
and hydrogen peroxide are favoured over the aldehydes from the low-temperature oxidation 
path. These reactions are much less exothermic than the low-temperature cycle [210], so 
the temperature rises more slowly. The most common radical at this time is hydrogen 
peroxide. As the temperature increases beyond approximately 1000 K, its (chain-branching) 
rate of decomposition to two hydroxyl radicals increases. The rapid increase in hydroxyl 
concentration accelerates the rate of subsequent fuel oxidation and heat release, leading 
to the rapid decomposition and consumption of the remaining fuel [216]. This is the high-
temperature oxidation pathway. 

The fuel’s molecular structure plays a significant role in its reaction rates and the extent to 
which that fuel may exhibit LTHR or NTC behaviour, if at all. Work by Pitz, Westbrook and 
co-workers [216, 217] and by Leppard [215, 218] details how the chemical structure of fuels 
of equal molecular size and approximately equal heating value can have very different 
levels of knock resistance, depending on the type of site from which hydrogen is initially 
abstracted from the fuel molecule. The energy barrier (inferred from the activation energy 
in Equation 2) to a particular reaction is a function of the bond energy between two carbon 
atoms, or between a carbon and a hydrogen molecule [219]. Those hydrogen molecules 
which are bonded to more neighbouring carbon atoms are more difficult to abstract, 
therefore fewer molecular collisions have sufficient energy to undertake the abstraction, and 
so the reaction rate falls. For this reason, branched (‘iso-’) isomers tend to have lower 
reaction rates than the straight-chain (‘normal’, or ‘n-’) isomer of a given substance. As the 
length of the chain increases (i.e. the number of carbon atoms in the molecule increases), 
the number of potential sites for reaction also increases, and the reaction rates tend to rise 
[216, 220]. Saturated hydrocarbons (those with only single bonds between carbon atoms), 
such as alkanes (paraffins), are the most likely to undergo the low temperature heat release 
(LTHR) cycle described above in Steps 1 – 4 [221]. Alkenes, or olefins, feature a carbon-
carbon double bond and a lower hydrogen-carbon ratio. They tend not to provide 
abstraction sites for hydrogen in the same fashion, instead tending to add hydroxyl radicals 
across the double bond before decomposing to lower-carbon-number compounds [218]. 
However, this is very dependent on the chemical structure of the fuel molecule, and those 
alkenes with a longer, saturated tail tend to behave more like alkanes. For example, the 
studies of Vanhove and Mehl [222, 223] show that 1-hexene, which has the double bond at 
the front of the molecule, exhibits LTHR, while 3-hexene does not. Cyclic hydrocarbons, 
such as aromatics and naphthenes, also do not exhibit low-temperature heat release or 
NTC behaviour. Aromatics also tend to have high boiling points, meaning they are of low 
volatility and are generally difficult to vaporise [224]. 
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The LTHR and NTC region are also pressure-sensitive, with an increase in pressure 
pushing the NTC region to higher temperatures, as well as reducing the influence of 
temperature on the reaction rate [225, 226]. Goldsborough [227] describes how the 
activation energy indicative of LTHR drops rapidly above 2 bar absolute pressure to 6 bar 
with a further, less rapid, drop from 6 bar to 10 bar, reaching a minimum activation energy 
around 20 bar. A lower activation energy makes LTHR more likely, as more collisions are 
likely to transfer sufficient energy to initiate the reaction. Cool flames are seen to occur 
within a defined temperature and pressure window, over a range which is typically observed 
during operating conditions for internal combustion engines [209, 228]. 

However, the effect of fuel and oxygen concentration is complex. Enrichment is well known 
as a means of reducing peak combustion and exhaust temperatures, and as far back as 
1950 researchers at MIT were demonstrating that greatly enriched fuel/air mixtures (i.e. 
those mixtures with a high equivalence ratio) had longer ignition delays than those mixtures 
around stoichiometric strength [229]. Westbrook et al. [230] and Adomeit et al. [225, 228] 
show that increasing the equivalence ratio can significantly reduce the ignition delay during 
the low-temperature and intermediate-temperature / NTC region (i.e. below ~ 1000 K), but 
enrichment has relatively little effect on ignition delay in the high-temperature region. 
However, Goldsborough [227] has demonstrated the interdependence of equivalence ratio 
and oxygen concentration in the high temperature region, demonstrating how a deficiency 
of oxygen can lead to a reduction of the main oxidiser, the hydroxyl radical OH, and 
therefore that very rich mixtures can increase the ignition delay in the high-temperature 
regime. Coupled with the high specific heat capacity and low ratio of specific heat capacities 
for typical hydrocarbon fuels [231] relative to air, it can be expected that a rich mixture will 
generate lower temperature and pressure for the same level of compression. This leads to 
an interaction between thermal and chemical effects, where an enriched mixture may cause 
more LTHR, but ultimately experience a longer ignition delay. This interaction is clearly 
shown by Vafamehr et al., who observed a small quantity of excess fuel could lead to an 
initial increase in knock, whereas further enrichment reduced knock as the thermal effects 
overcame the reduced autoignition delay [232]. 

The appearance of an NTC region leads to a characteristic 2-stage ignition process. This is 
the underlying feature of the well-known ‘Shell model’ for autoignition [233]. Tanaka et al. 
[234] observed in a Rapid Compression Machine that the second (main) ignition stage 
seemed to always occur at around 10 bar pressure, regardless of fuel type, which was 
equivalent to a charge temperature of around 1000 K and was around 200 K above the end 
of compression temperature. In other words, the greater the temperature rise during the 
LTHR phase, the earlier the main ignition occurred, so the shorter the overall ignition delay 
was (using lean mixtures). They also found that the ignition delay of primary reference fuels 
(PRFs, binary mixtures of n-heptane and iso-octane) was dominated by the ratio of n-
heptane to oxygen, i.e. by the more reactive of the two fuel components, a finding similar to 
that of Yang et al. [235], investigating droplet ignition. 

Yates and Viljoen [236] devised a two-step empirical ignition delay model, based on the 
equivalence ratio, the pressure dependency of the cool-flame delay period, the temperature 
rise caused by the cool flame, and the equivalence ratio and pressure dependency of the 
main ignition. They also identify that the cool flame heat release has a chemical, as well as 
a thermal, effect on the mixture, and introduce a multiplication factor to the cool flame 
chemistry to account for this effect. Ma et al. [237] expanded on this work to model each of 
the stages as a weighted sum of the molar fractions of the fuel’s constituents, showing good 
agreement to experimental data. 
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Battin-Leclerc reviewed a number of existing chemical models with specific interest in the 
low temperature heat release regime and application to typical fuels [238]. Fatouraie and 
co-workers [239] show that the chemistry controlling the LTHR is equivalent for different 
PRFs, although the magnitude of heat released depends on the number of primary, 
secondary and tertiary chemical bonds, and highlights the importance of oxidation by the 
hydroxyl radical (chemically, the OH molecule) at high temperatures. 

The concentration of radicals is a significant factor influencing the rate of combustion. While 
enrichment can reduce the concentration of radicals and increase ignition delay, 
compounds in the charge which increase the concentration of radicals tend to promote 
combustion and reduce ignition delay. This is demonstrated with oxides of nitrogen (NOx, 
predominantly comprising of nitrogen oxide, NO, and nitrogen dioxide, NO2) present from 
the previous combustion event [240, 241, 242]. Prabhu et al. [240], Francqueville and 
Michel [241], and Dubreuil et al. [242] found that increasing the concentration of NO reduced 
ignition delay to a minimum up to a particular NO concentration, and that higher NO 
concentrations then increased ignition delay again. They went on to show that the effect 
was particularly pronounced on the proportion of heat released during LTHR, which 
increased by several percent at the minimum ignition delay. The concentration for minimum 
ignition delay was also observed to be a function of temperature, but was typically around 
100 – 200 ppmv. The rationale for this behaviour was ascribed to a chemical reaction 
between NO and the hydroperoxy radical, HO2, to form NO2 and the more reactive hydroxyl 
radical, OH, and the reversible reaction of NO and OH to form nitrous acid (HONO), which 
inhibits combustion. At low concentrations, there is insufficient NO to form much nitrous 
acid, so NO contributes to the hydroxyl radical pool, but at high concentrations, the 
abundance of NO leads to an increase in the formation of HONO, removing hydroxyl 
radicals from the pool. The NO concentration at which these competing reactions balance 
is a function of temperature. NO can also react with oxidised fuel radicals to form NO2 and 
a more reactive fuel radical, and NO2 can react with hydroperoxyl to form nitrous acid and 
oxygen, meaning there are several ways NO can be converted to NO2 and vice versa. 
Ultimately, the presence of NOx in the residual gas at concentrations of several hundred 
parts-per-million can be assumed to promote combustion and increase the engine’s 
tendency to knock. 

Partial combustion products in the residual gas can also be expected to reduce ignition 
delay, as they have already been partially oxidised and are therefore that much closer to 
releasing the majority of their chemical energy than ‘fresh’ fuel molecules. The studies of 
Tabaczynski et al., Gottenberg et al., and Daniel and Wentworth  [243, 244, 245] 
demonstrate that the gases from the periphery of the combustion chamber are rich in 
hydrocarbons and are the last gases to be evacuated during the exhaust process. These 
gases are also hot, which is likely to assist in the partial oxidation of some of the 
hydrocarbons when the first of the fresh charge is inducted, will increase the bulk 
temperature of the charge, and can lead to temperature gradients within the charge, all of 
which are detrimental to the engine’s knock-limited performance. Westin et al. [246] showed 
that increasing the residual gas fraction from ~ 5% to over 7% increased the number of 
knocking cycles from less than 10% to almost 70%, over which range the residual gas was 
estimated to have increased the bulk charge temperature by 70 K to 100 K. 

 

2.3.2. Ignition Delay and Relevance to Engine Operation 

In pioneering work, Livengood and Wu [205] showed that the ignition delay period at each 
temperature-pressure condition could be assumed to be independent, and the fuel/air 
mixture consumed a proportion of its available ignition delay time at each temperature-
pressure condition. As the temperature and/or pressure changed, the ignition delay period 
changed, and so the proportion of ignition delay consumed in a given time changed. 
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If the proportions of ignition delay consumed were integrated over a temperature-pressure 
history, autoignition would occur when the integral achieved unity. That is: 

� = � 1���, �, �� �� = 1�
��

 [205] Equation 3 

Douaud and Eyzat [247] built on this by assuming (similar to Livengood and Wu) that � had 
the form 

� = ������   [247] Equation 4 

By regressing measured values of auto-ignition delay under different temperature and 
pressure conditions, values for the constants A, n and B could be found. 

In this equation � has an Arrhenius character and describes a straight line on a log �-1/T plot. 
This means that ignition delay will reduce monotonically with increasing temperature. 
Therefore, this equation cannot capture the behaviour of an NTC region of a fuel’s 
combustion behaviour, but could provide a reasonable fit over confined regions of 
temperature where the fuel displays approximately monotonic behaviour. This was 
demonstrated to be the case by Kim and Ghandhi [248]. 

During typical flame propagation with normal combustion, the end gas is compressed 
approximately isentropically, increasing its temperature and pressure. The implication of the 
knock integral is that the autoignition behaviour of the fuel/air mixture in the engine is 
dominated by the last few crank angles before auto-ignition, as this is when the high 
temperature and pressure of the remaining unburned charge means ignition delay is 
minimised and each crank angle consumes a relatively large proportion of the available 
delay period. This is demonstrated in terms of time in Livengood and Wu’s original paper 
[205], in terms of crank angle in Douaud and Eyzat’s paper [247], and in terms of both crank 
angle and unburned gas temperature in Bradley et al. [249], where the majority of the 
integral’s value is attained over the last millisecond, ~10 crank angle degrees and 50 K 
respectively. 

The value of the pressure exponent n is now worth some consideration. Douaud and Eyzat 
found that a value of 1.7 provided a good match. This value is corroborated by Bradley et 
al. [249] for primary reference fuels with reference to the shock tube ignition delay work of 
Adomeit et al. [225, 228]. However, Bradley et al. also highlight that the aromatic fuel 
component toluene has been found to better predict ignition delay when n is set to 1.3, and 
Cowell and Lefebvre [207] found values of n from 0.66 to 1.2 for different (low-carbon-
number) hydrocarbons. Gauthier et al. [226] found n to be 1.64 for n-heptane, but to lie 
between 0.83 and 1.06 for various gasolines. However, they also noted that the study of 
Horning et al. (reference 7 therein) found the value of n to be only 0.55 for n-heptane at 
lower pressures and much higher temperatures (operating in the high-temperature 
chemistry regime, rather than the low- and intermediate-temperature regimes of more 
immediate interest for knocking combustion in engines). A smaller magnitude of n suggests 
the ignition delay is less sensitive to pressure, while a larger magnitude suggests high 
sensitivity. This has ramifications when considering the fuels to use with the boost pressures 
and charge densities relevant to highly downsized engines. 

2.3.3. RON and MON testing 

Since the 1930s, Research and Motor Octane Number rating tests (RON and MON) have 
been run on commercial fuels in an attempt to quantify their anti-knock behaviour. These 
tests, ASTM D2699 and D2700 respectively, aim to find the PRF which exhibits similar 
knocking tendency to the commercial fuel under investigation. 
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The RON test is run at 600 rev/min and 52 °C inlet air temperature (upstream of the 
carburettor – it could be expected that fuel vaporisation would reduce the temperature of 
the charge entering the engine), while the MON test is run at 900 rev/min and 149 °C inlet 
air temperature (downstream of the carburettor, i.e., no charge cooling effect from fuel 
vaporisation). The compression ratio is adjusted to modify the intensity of knocking 
combustion, therefore at a threshold level of knock each PRF requires a different 
compression ratio. 

The compression ratio of the commercial fuel can then be matched to the PRF which 
required the same compression ratio to achieve the same level of threshold knock. By 
modifying the compression ratio, the pressures and temperatures the unburned charge 
experiences during compression and combustion are modified. 

n-heptane is defined as having both a RON and MON of zero, and iso-octane of 100. In 
defining these numbers, somewhat arbitrarily, several important choices have been made: 

•••• The scales are defined purely from alkane fuels, therefore both LTHR and NTC 
behaviour could be expected 

•••• The RON and MON of PRFs are identical, meaning the difference between them 
(known as the fuel’s sensitivity, denoted S) is zero. 

•••• The scales are defined by molecules with carbon chains between 7 and 8 atoms in 
length, and comparison is between a straight-chain and branched alkane. 

The effect of branching and carbon number on octane rating is clear from Figure 2-3 – 
octane number falls as the straight-carbon-chain length increases, but increases as the 
carbon chain becomes more branched (n-octane has a rating of less than zero, as it 
autoignites at a lower compression ratio than n-heptane, and so falls below the designated 
scale). 

 

Figure 2-3: Octane number vs. carbon chain length (produced from data 

in [216], [219] and [250]) 

Further, as the carbon number of the fuel increases, the molar ratio of carbon to oxygen for 
stoichiometric combustion stabilises, as does the air/fuel ratio and consequently the ratio of 
fuel in the mixture in terms of either mass or volume, see Figure 2-4. Beneficially, this means 
that in many cases, the chemistry of large hydrocarbons will be very similar to smaller and 
simpler hydrocarbons, which has consequences for combustion analyses of lubricating oil, 
typically made up of heavier hydrocarbons [251, 252]. 
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Figure 2-4: Fuel ratio in mixture as function of carbon number 

 

Turbocharged, high BMEP engines typically run at high peak cylinder pressures, and values 
of cylinder pressure of ~80 bar are not uncommon [253]. If air, with a constant ratio of 
specific heats of 1.4, is compressed isentropically from approximately 1 bar pressure and 
52°C (similar to the RON test conditions), by the time the pressure has reached 80 bar, the 
air will be at over 1100 K (see Figure 2-5). If the same air is compressed from approximately 
1 bar and 149°C (similar to the MON test conditions), by the time the air has reached 80 
bar, the temperature will be over 1475 K. The air will have reached 1100 K with less than 
30 bar of pressure. In reality, the compression stroke is not isentropic, heat is lost from the 
cylinder, and the temperature is somewhat lower than if compression had been isentropic. 
Nonetheless, even with lower peak cylinder pressures and a ratio of specific heats of 1.37, 
the end gas could reach temperatures of around 1000 K on the RON test, and hotter on the 
MON test. As noted previously, rapid heat release from autoignition tends to occur beyond 
1000 K – 1100 K. 

 
Figure 2-5: Isentropic Temperature - Pressure Relationships for air 

The NTC region, typical of alkane fuels and/or fuels with saturated hydrocarbon tails as 
previously described, is now of significant benefit. 
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When running in or close to the NTC region, alkane fuels can exhibit longer ignition delays 
than alkene fuels, especially if they have passed through the LTHR region sufficiently 
rapidly and at sufficiently low pressure so as not to raise the charge temperature much. This 
is typically the case under MON test conditions. Figure 2-6 shows the RON and MON ratings 
of various fuel types, including the line of zero sensitivity, S, defined as: 

# = $%& ' (%&  Equation 5 

It is clear that alkanes tend to have the highest MON ratings for a given RON rating and 
are, by definition, low sensitivity fuels (zero sensitivity in the case of n-heptane and iso-
octane). 

 

Figure 2-6: RON and MON ratings of various fuels (produced from data 

in [216], [219] and [250]) 

Assuming a typical compression ratio of between 9 and 11 for turbocharged engines (see 
Figure 1-11), end-of-compression pressures (in the absence of combustion) would be 
expected to be in the region of 20 to 30 bar, at which point the charge could be expected to 
be at around 750 K to 800 K for the RON test and perhaps as high as 1000 K for the MON 
test. Therefore, the fuel is highly likely to be running in or close to its NTC region, and so 
fuels with strong NTC behaviour and good MON ratings could be expected to be relatively 
knock-resistant when running with elevated temperatures and pressures. This is 
demonstrated by Leppard [221], where fuels with higher MON ratings can achieve higher 
compression ratios at elevated temperatures, and fuels with higher RON ratings can 
achieve higher compression ratios at lower temperatures.  

However, Leppard’s work also reveals something else – alkanes show a marked increase 
in fuel consumption and carbon monoxide (CO) production compared to alkenes and 
aromatics throughout the compression process, even if they can ultimately achieve a higher 
maximum compression. This is a consequence of the low-temperature heat release (LTHR). 
As previously mentioned, when relating to ignition delays, at ~ 1.7, the pressure exponent 
for alkanes is typically higher than for other fuel types, and so the reduction in ignition delay 
with increasing pressure is more pronounced for alkanes than for some other fuels, leading 
to more rapid initial decomposition of the fuel molecule. 

So, there is a trade-off with fuel chemistry. At lower pressures and higher temperatures, the 
NTC region prevalent with alkanes is beneficial, while at higher pressures and lower 
temperatures, the ignition delay can be lower for alkanes than for other fuel types. 
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This is highlighted very clearly by Vuilleumier and Sjöberg [254], who show that at low 
pressure, elevating the intake temperature makes the engine more knock-limited as 
expected, but that at higher pressure, elevating the intake temperature can actually improve 
the knock-limited performance of the engine on alkylate fuel, due to the reduction of LTHR. 

Such a trade-off has been recognised for some time. In the United States, the ‘Anti-Knock 
Index’ (AKI) has been used to describe the octane performance of a fuel in a typical vehicle, 
defined as: 

)� = $%& + (%&2  Equation 6 

In the early 2000s, Kalghatgi proposed an ‘Octane Index’ to represent the performance of 
a fuel when used in an engine or on a vehicle [255, 256]. This Octane Index is defined as: 

%� = $%& ' ) ∗ # Equation 7 

where K is a function of the specific operation conditions of the engine or vehicle. When K 
= 0, the octane index matches the RON rating of the fuel and when K = 1, the octane index 
matches the MON rating of the fuel. In this context, the AKI rating is equivalent to K = 0.5. 
When K is greater than 1, the fuel can be said to be operating ‘beyond MON’, typically 
meaning it is in a higher-temperature / lower-pressure regime than prescribed by the MON 
test, and in this regime a high RON and a high MON (so a low ‘sensitivity’, i.e. a small 
difference between RON and MON ratings) is beneficial for knock-limited performance. A 
negative value for K means the fuel is operating ‘beyond RON’, in a lower-temperature / 
higher-pressure regime than the RON test. In this regime, a high RON but a lower MON, or 
a more sensitive fuel, is beneficial for knock-limited performance. 

Octane Index often shows a strong polynomial correlation to typical performance metrics, 
such as knock-limited spark advance [255], normalised vehicle acceleration times [256], 
vehicle tractive effort, and – importantly – the compression temperature at a reference 
pressure (taken to be 15 bar) [257]. The inference of the latter parameter is that a higher 
compressed charge temperature requires a higher octane index fuel to avoid knock, or that 
a higher compressed charge temperature leads to a lower knock-limited performance level 
for a fixed octane index. 

Kalghatgi’s survey of engines and vehicles found that in many instances K was negative. 
This was backed up by the findings of Mittal and Heywood [258], who observed that K had 
tended to decrease between 1951 and 1991 (when survey results were no longer available), 
to the point where 45% of tests exhibited a negative K value in 1991. Therefore, in many 
instances, a high-sensitivity fuel with high RON and low MON ratings could be expected to 
produce better knock-limited performance in modern engines and vehicles. This is likely 
due to the improved charge cooling and higher charge pressures in modern, downsized 
engines with high BMEP. 

2.3.4. Autoignition characterisation 

When autoignition occurs, the subsequent reaction can take several forms. Zel’dovich [259] 
identified four reaction regimes, emanating from a ‘hot spot’: 

•••• Normal deflagrative combustion, when the speed of propagation of the reaction front 
is less than or equal to the flame speed. In this regime, chemical reaction progresses 
through the normal processes of heat conduction and mass diffusion within the flame 
thickness. 
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•••• The speed of the reaction is greater than the flame speed, but less than the local 
acoustic speed. In this regime, the ignition delay of the surrounding charge is 
sufficiently low that a small rise in temperature from the hot spot can start chemical 
reactions in the surrounding charge, which then propagate at a speed not constrained 
by the typical conduction and diffusion processes of a flame. Localised heat release 
causes an increase in the specific volume of the reacting charge, but because the 
speed of reaction and rate of volume increase is subsonic, the molecules in the charge 
can move faster than the reaction front, so pressure equalises within the reacting 
volume. The speed of reaction is dictated by the initial conditions of the charge, not 
its conductivity. 

•••• The speed of reaction is greater than the local acoustic speed in the unburned charge, 
up to the Chapman-Jouguet detonation speed. This is a classical supersonic 
detonation, also described as a ‘strong’ detonation, where shock waves are formed 
and the pressure in the shock wave exceeds the final pressure of the reacting volume. 

•••• The speed of reaction is greater than the Chapman-Jouguet detonation speed. In this 
regime, the entirety of the charge is sufficiently close to autoignition that as soon as 
some heat is generated from the hot spot, the entirety of the charge auto-ignites 
almost spontaneously. This is classed as a ‘weak’ detonation, as the maximum 
pressure approaches the pressure rise expected from constant volume (isochoric) 
combustion, which is less than the Chapman-Jouguet point. In the limit, the entirety 
of the charge autoignites simultaneously in a classical explosion. 

Zel’dovich relates these regimes to the temperature gradient between the hot spot and the 
‘ambient’ temperature in the combustion chamber, while Makhviladze and Rogatykh [260] 
expand the theory to demonstrate that concentration inhomogeneities can also cause 
autoignition through the effect of exothermicity and specific heat capacities of the hot spot 
on the limiting detonation speed. Makhviladze and Rogatykh further relate the maximum 
‘overpressure’ (the pressure increase above that which may be expected from constant 
volume heat release) to the temperature gradient, showing there is a critical range of 
temperature gradient whereby the pressure can be substantially (more than six times) over 
the pressure expected from isochoric combustion. 

In the explosive regime, where temperature gradients are very low such that the entirety of 
the charge is almost equally close to ignition, there can be an amount of overpressure, but 
not substantial, and in the case of very large temperature gradients (as in typical deflagrative 
combustion), the overpressure can be negative i.e. the maximum observed pressure is less 
than may be expected from isochoric combustion. 

Oppenheim [208] relates the rate of temperature rise during a combustion event to a 
balance between the amount of heat released from the exothermic centre (his name for a 
hot spot), the pressure rise from the specific volume expansion and the rate of heat loss to 
the surrounding charge. He identified two auto-ignition regimes, a ‘mild ignition’, where the 
rate of pressure rise tends to zero, and ‘strong ignition’, where the rate of heat loss from the 
exothermic centre tends to zero. 

In the ‘mild’ ignition regime of Oppenheim, several exothermic centres may each ignite, but 
there is insufficient exothermicity for the reaction of one centre to influence the reaction of 
another, except through the global change in temperature and pressure of the charge as a 
consequence of heat release. In the ‘strong’ ignition regime, the reaction of the initial 
exothermic centre generates sufficiently high levels of heat release and rapid specific 
volume increase that the molecules ahead of the reaction front cannot move quickly enough 
to allow the necessary expansion of the burned charge, and so the local pressure rises.  
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This sets off a chain reaction, whereby the neighbouring charge then experiences an 
increase in temperature and pressure, reducing its ignition delay and leading to a faster rate 
of heat release (see Equations 1 and 2), which causes even higher pressure rise and even 
faster progression of the reaction front. Oppenheim further relates the magnitude of 
exothermicity to the induction time and temperature of the surrounding charge. 

In this manner the reaction front and acoustic waves become coupled, with a reaction speed 
and peak pressure which both increase as the reaction progresses, ultimately leading to the 
formation of shock waves and extremely high pressures. Such a coupling can occur as the 
reaction progresses, which Oppenheim referred to as a Deflagration to Detonation 
Transition (DDT), a nomenclature shared by Adomeit and co-workers [225, 228], which has 
also been referred to as a developing detonation [261]. Similarly, should the thermodynamic 
conditions change during the reaction, the fronts can become decoupled, and the 
detonation may stop in favour of subsonic reactions. 

The inference of the foregoing is that autoignition is most likely to initially occur in pockets 
of unburned charge where local temperatures and concentrations are the most conducive 
to autoignition, rather than throughout the remaining unburned charge en masse, and this 
is what is typically observed experimentally [262, 263, 264]. Once ignited, how the 
exothermic centre then develops is dependent on the size of the centre and magnitude of 
heat released, the thermodynamic state in the surrounding charge and the rate of heat loss. 

Building on earlier work, Bartenev and Gelfand [265] identified that the regimes of explosion 
(defined in the paper as constant volume explosion), detonation (defined as intensive 
explosion) and no ignition or deflagration could be identified based on non-dimensional 
characteristic ratios for gas dynamic propagation time relative to chemical reaction time, 
and a cooling intensity. If the cooling intensity was insufficient, the acoustic speed had to 
be further above or below the chemical reaction time to avoid a detonation, in favour of 
either deflagration or explosion. 

Gu, Emerson and Bradley [266] clearly demonstrate how a reaction can transition between 
deflagrative, subsonic and supersonic reactions over time, and derive similar non-
dimensional parameters to explain the transition between subsonic reaction (including 
deflagration), detonation and explosion. As with Bartenev and Gelfand, the axes relate to 
the ratio of acoustic speed to reaction front propagation speed, and (essentially) residence 
time within a hot spot relative to chemical time for heat release (not ignition delay or 
induction time). The expectation is that by understanding the thermodynamic conditions at 
onset of ignition, one can estimate the type of subsequent reaction. An extension of the 
original plot is shown in Figure 2-7 below, taken from [267]. Here, ξ represents the acoustic 
speed divided by the propagation speed (relative to the unburned gas), and the abscissa 
represents the number of excitation times passing into the exothermic centre. Supersonic 
and subsonic regions are denoted “P” and “B” in the diagram respectively, while the line 
denoted by N2-K2-S-E demonstrates a progression from normal engine running (N2), 
through heavy knock (K2), into super-knock (S), with E representing a possible condition 
extrapolated to 15 MPa.  
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Figure 2-7: Diagram highlighting the regions of 

developing detonation, supersonic and subsonic 

autoignitive deflagration (Figure 12 in [267], 

reprinted with permission) 

 

2.3.5. Knock and Pre-ignition 

In both characteristic engine knock and pre-ignition, the autoignition criteria of the unburned 
charge are reached before that charge is consumed by the flame. Knock is related to the 
autoignition of the end gas, some time after the spark has triggered a normal deflagrative 
combustion process, while pre-ignition is related to the autoignition of portions of the charge 
prior to the onset of deflagration as a consequence of spark timing. Not all autoignitions of 
the end gas lead to knock, with some end gas autoignitions leading simply to deflagration, 
which is relatively harmless to the engine. Knock refers to the potentially damaging levels 
of pressure associated with detonative combustion, typically accompanied by a 
characteristic audible noise, hence the name. As well as the high levels of pressure which 
can be caused by detonative combustion, the high gas velocities generated can strip away 
thermal boundary layers within the combustion chamber, increasing the heat transfer to 
pistons and other combustion chamber components, which can also lead to damage and 
premature component failure [268]. Knock is typically stochastic in nature, due in part to the 
cycle-to-cycle variability typically seen with the spark-ignition combustion process [269]. 

Pre-ignition occurs when the fuel reaches its autoignition condition and ignites before the 
spark plug has initiated the normal combustion process. It has historically been related to 
localised heating of in-cylinder components, leading to ignition of the charge in the vicinity 
of the hot surface. As this tends to occur prior to spark timing, it tends to occur when the 
cylinder volume is close to minimum, causing high pressures and temperatures and causing 
the hot spot to get hotter, leading to earlier ignition on the next cycle, which can then lead 
to thermal runaway [270]. Typical sources of hot spots for surface ignition are spark plugs, 
exhaust valves, and combustion chamber deposits, and typical operating conditions which 
make pre-ignition more likely are advanced ignition timing, higher engine speed, higher 
compression ratio and certain fuel chemistries and additives [271, 272]. 

With respect to fuels, Downs and co-workers found wide variations in pre-ignition tendency 
within a group of fuels, but that some aromatics (xylene, toluene) had the highest pre-
ignition resistance and generally alkenes had the lowest [272]. Downs also found that 
equivalence ratio had a significant effect of pre-ignition tendency, with equivalence ratio 
slightly rich of stoichiometric being most prone to pre-ignition. 
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Sasaki et al. [273] corroborated Downs’ findings that alkenes generally showed poor pre-
ignition resistance, using a naturally-aspirated engine at moderate engine speed (4400 
rev/min) and further demonstrated that the pre-ignition tendency could be correlated to the 
MON rating of the fuel and to its autoignition temperature, but not so well to its RON rating. 
Relating this finding to Octane Index, this suggests that this engine at this condition has a 
K value nearer 1 than 0, and that in this case autoignition is dominated by high temperature 
chemistry over low temperature chemistry. 

Guibet and Duval [270] demonstrated that pre-ignition could be related to deposits, oil 
consumption (expected to have low RON and MON due to high carbon chain lengths), and 
particularly to the use of certain lubricant additives like calcium and barium, inferred to be 
due to their high melting point, meaning they can remain on the exhaust valve at sufficiently 
high temperatures to cause autoignition of local charge. 

For both knock and pre-ignition, engine speed is significant – lower engine speeds provide 
a longer time frame for chemical reactions to occur, while higher engine speeds provide 
less time for heat rejection from the previous combustion event, leading to higher 
combustion chamber temperatures. There is therefore competition between time to 
complete combustion and consume the end gas, and time for the end gas to auto-ignite. By 
retarding the spark timing such that the combustion event occurs when the cylinder volume 
is increased from its minimum, the peak cylinder pressures can be reduced, reducing 
compression of the end gas, increasing its ignition delay and reducing the likelihood of 
autoignition occurring before the charge is consumed by the flame. At higher engine 
speeds, the elevated in-cylinder temperatures [272] make autoignition more likely, but it is 
also more likely that the combustion event will complete before the end gas can auto-ignite. 
At low engine speeds, the time period required for the combustion event to complete is 
longer, making autoignition more likely, and requiring substantial spark retard in an effort to 
control knock. 

The flame speed and speed of combustion is therefore a significant factor in defining the 
likelihood of knocking combustion and is also intricately linked to the chemical composition 
and structure of the fuel. The laminar flame speed of a fuel increases with temperature and 
decreases with pressure and (inert) dilution level. Laminar flame speed also increases with 
equivalence ratio up to a maximum of approximately 1.2, before decreasing with further 
enrichment [203, 274]. However, combustion in an engine is predominantly turbulent. The 
turbulence acts to effectively ‘wrinkle’ the flame, increasing its surface area and providing a 
much greater enflamed volume (and hence burning rate) than would be suggested by the 
laminar flame speed [189]. Consequently, the turbulent burning speed seen in an engine 
can be many times the laminar flame speed, and is very closely related to the turbulence 
level [187, 189, 275]. As the turbulence level decays with time [275], combustion duration 
is sensitive to spark timing. 

Whilst there is high variability within any fuel group, typically alkenes and certain alcohols 
and other oxygenates have some of the highest burning velocities and certain aromatics 
the lowest [224, 276]. However, alkenes can also have some of the lowest MON ratings, so 
their tendency to auto-ignite can be very sensitive to the engine’s operating conditions. 
Aromatics are typically associated with high particulate emissions [277] and high carbon 
deposits within the combustion chamber. 

With the advent of turbocharged high-BMEP engines, a new pre-ignition phenomenon has 
been noted, that of Low-Speed Pre-Ignition (LSPI), or super-knock, which can lead to 
extreme knock events of much greater magnitude than the knock typically seen from end 
gas pre-ignition. A thorough review of knocking combustion, including LSPI and super-
knock, can be found in Wang et al. [278]. In essence, at high load and low engine speed, a 
highly stochastic pre-ignition event occurs. 



Chapter 2 – Existing Work 

Niall Turner Page 62 of 327 University of Bath 

As the charge is typically already at high pressure and high density and none of the fuel’s 
chemical energy has yet been released via other combustion processes, the subsequent 
heat release from autoignition is extremely aggressive, and peak cylinder pressures of over 
200 bar have been seen [279]. 

Willand et al. [279] identified potential causes of LSPI as oil droplets or deposits in the 
combustion chamber, hot spots and high surface temperatures, and chemical kinetic 
effects. In particular, they provide an example of how gas dynamics and valve timings can 
cause an increase in residual gas content, which can reduce the ignition delay times in 
regions of the combustion chamber to potentially critical levels. 

Inoue, Inoue and Ishikawa [280] showed how super-knock only occurred above a certain 
boost pressure (in their case above 190 kPa abs.) and how the super-knock frequency 
increased with increasing boost pressure above that threshold. They also showed that 
super-knock was characterised by heavy knocking cycles interspersed by a single regular 
combustion event. Changes in injection timing, spark timing and air/fuel ratio could all 
influence super-knock frequency and, in particular, advanced intake cam phasing could 
increase super-knock frequency, due to the increase in effective compression ratio and end-
of-compression temperatures. They further showed that reducing blowby oil carryover could 
reduce super-knock frequency, and that the spark plug, typically a source of pre-ignition 
due to its high operating temperature, had little effect on super-knock, suggesting it is not a 
major influence on the phenomenon. 

Dahnz and co-workers [281, 282] showed that LSPI could occur throughout the combustion 
chamber, and was therefore not obviously related to hot-spot-induced pre-ignition. They 
suggested that it was highly unlikely that the thermodynamic conditions necessary for 
autoignition of a homogeneous fuel/air mixture could be achieved for long enough in the 
cycle to explain the LSPI phenomenon, but showed it would be possible for oil droplets 
entrained into the fresh charge to auto-ignite if the charge temperature was high enough. 
Lower coolant temperature was observed to exacerbate LSPI, higher RON fuel reduced 
LSPI occurrences, and aged (less volatile) 100 RON fuel had more frequent LSPI events 
than a fresh 95 RON fuel. The coolant temperature was mapped against the fuel’s distillation 
properties, and the likely quantity of fuel droplets absorbed into the oil film was inferred. 
This is postulated to drop the oil’s viscosity, leading to an increase in the quantity of oil 
contained in the crevice volume, which is then released into the chamber either through 
inertial loads as the piston acceleration changes, or through the change in gas pressure 
during the expansion stroke leading to the crevice gas re-entering the combustion chamber. 

Teng et al. [283] showed how increasing fuel dilution reduced oil viscosity, flash point and 
fire point of the oil, meaning oil vapours could ignite at lower temperature and also that more 
oil vapours are likely to be present in the blowby gas which is ultimately recirculated to the 
combustion chamber. They showed how blowby tended to be highest in the low speed and 
high load region most typically associated with LSPI, and how the autoignition temperature 
reduced with increasing carbon number (high carbon number species having autoignition 
temperatures around 200°C), making evaporated oil more likely to auto-ignite than fuel. 

The inference that LSPI is likely related to fuel/oil interactions is reinforced by findings from 
Chapman et al. at GM [284], who found poor correlations for LSPI frequency with RON, 
MON, AKI or fuel sensitivity, but identified correlations between LSPI frequency and the 
distillation temperature for evaporation of between 40% and 80% of the fuel. The correlation 
broke down at higher evaporation levels, and the strongest correlation was with the 
distillation temperature for 70% evaporation, typically between 100°C and 150°C. A 
substantial increase in LSPI events was seen for fuels with a 50% evaporation point above 
103°C, and a strong negative correlation was seen between LSPI frequency and the 
proportion of fuel evaporated between 120°C and 130°C. 
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This is expected to be a similar temperature to the crevice volume at the test condition, and 
suggests that the more fuel which exists as liquid in the crevice volume, the higher the LSPI 
frequency. 

Work by Zahdeh et al. [285] supports the conclusion that pre-ignition can occur throughout 
the chamber and is not expected to be due to hot-spots. They discussed how dropping the 
fuel pressure, changing spark timing and changing boost pressure can all influence the 
locations of LSPI events within the combustion chamber. Enrichment was highlighted as an 
effective method of reducing LSPI frequency, as was incorporating a split injection strategy 
[285, 286], targeting the injection event at the piston crown to minimise cylinder wall wetting, 
changing the oil specification, reducing crevice volume and increasing oil control ring 
tangential loads – all of which lend credence to the theory of oil droplets being complicit in 
causing LSPI. 

Enrichment was also highlighted as an effective means of preventing LSPI by Teng et al. 
[283], who suggested that enrichment could both increase the minimum ignition energy of 
the mixture and increase the combustion speed, reducing both the likelihood and intensity 
of knock. However, Davies et al. [287] stated that the minimum ignition energy is 
proportional to the cubic root of laminar flame speed i.e. ignition energy should be minimised 
when flame speed is maximised.  

As with Zahdeh et al., Amann and Alger [288] found that the oil’s reactivity could heavily 
influence knocking combustion, with high cetane-number (high-reactivity) oils increasing the 
knock intensity for a given spark timing. The source of the base stock was also found to be 
important. 

Takeuchi et al. [289] also identify oil specification as being a highly significant influence on 
LSPI, and further find a strong influence of calcium (increasing LSPI frequency) and 
molybdenum (MoDTC) or zinc additives (ZnDTP) on LSPI frequency. The team found a 
very strong correlation to the autoignition temperature of the oil at 10 bar pressure as 
measured with differential scanning calorimetry, with an autoignition temperature below 
270°C greatly increasing the LSPI frequency. 

Haenel and co-workers at FEV [290] found that increasing the combustion chamber 
deposits had a severely detrimental effect on LSPI frequency, while Welling et al. [291] 
found that inhomogeneity of contaminants was required to trigger a lot of LSPI events. They 
identified that contaminants introduced in one cycle could survive the blowdown and 
exhaust process and could trigger LSPI events in subsequent cycles. Okada et al. [292] 
tracked particles in the cylinder in the vicinity of ignition events and noticed a significant 
increase in the number of particles following an LSPI event. They proposed an LSPI 
mechanism whereby carbonaceous particles, either deposits or oil, are released from 
crevices or shaken loose by an LSPI event and heated during the expansion and exhaust 
strokes. After surviving the exhaust process, they are then oxidised and heated during the 
subsequent cycle, until they are then able to trigger another LSPI event. 

The stochastic nature of LSPI was brought out by the work of Dahnz and colleagues [282]. 
In keeping with the findings of Inoue et al. [280], Dahnz et al. showed that a pre-ignition 
sequence most commonly had one LSPI event, with a break of one cycle, before the 
occurrence of another LSPI event. An LSPI sequence could have LSPI events in several 
consecutive cycles, but it was unusual to have more than four LSPI events within a 
sequence, or a gap of more than three cycles between LSPI events within a sequence. This 
is expected to be caused by the extremely rapid heat release of a super-knock cycle, 
resulting in an early end of heat release and more expansion work on the gas, leading to 
cooler residuals in the cycle immediately after an LSPI event. This could allow normal 
combustion to follow an LSPI event until the thermodynamic conditions are again met for 
autoignition of the charge in the subsequent cycle. 
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In keeping with the theory of particles surviving the exhaust process and triggering further 
LSPI events, Dingle et al. [293] recorded incandescent flames emanating from the liner 
region after the main combustion event had completed. This was assumed to be oil burning 
diffusively late in the expansion stroke, re-introduced to the chamber from the crevice 
volume under gas dynamic forces. As before, glowing particles were seen throughout the 
chamber during several cycles, but a large increase in the number of particles was seen 
following a heavy pre-ignition event, which persisted for several cycles. These particles 
appeared to move as “ligaments” of oil, assumed to have been expelled from the crevice 
volume by shock waves caused by pre-ignition. Magar et al. [252] observed the same 
increase in particles following an LSPI event and identified them as high-carbon-number 
hydrocarbons, inferring they originated from lubricating oil. Amann et al. [294] observed an 
increase in hydrocarbon emissions and a rich spike following an LSPI event, which could 
not be replicated by advancing spark timing to generate the same knock intensity as the 
LSPI events. Maly et al. [295] had previously shown that a normal flame would be quenched 
in the typical crevice gap around a piston’s periphery, but that shock waves could easily 
enter and be reflected out of that region, providing a mechanism for expulsion of unburned 
oil and fuel from this region. 

In another study, Amann and co-workers [296] showed that pistons generating wide, 
shallow crevice volumes had substantially reduced LSPI frequency compared to stock 
pistons. These findings are consistent with the theory that a fuel/oil mixture pooled in the 
crevice volume can be expelled into the main combustion chamber by pressure waves 
resulting from knock, which can then trigger subsequent LSPI and super-knock events. 

Interestingly, the Southwest Research Institute work [296] found that port-fuel-injection had 
a higher LSPI frequency than direct-injection, even after accounting for the latent heat of 
vaporisation benefit enjoyed by DI systems. This was also the experience of Zaccardi et al. 
[297], who found that very high charge motion could maintain inhomogeneities in mixture 
strength throughout the combustion system, which could actually reduce the proportion of 
charge susceptible to autoignition. 

The work of Okada et al. [292] showed that non-combustible particles do not cause LSPI, 
but that many combustible particles can cause LSPI in a similar fashion to those observed 
under normal engine operation. Further, they showed that there was a minimum size of 
particle required to trigger LSPI. Kalghatgi and Bradley [267] showed there was a minimum 
size of exothermic centre required to initiate a propagating flame, which is a function of 
laminar flame thickness, temperature, activation energy, and Lewis number. The 
consequence of these relationships is that laminar flame thickness decreases with 
increasing pressure, but can increase or decrease with increasing temperature, depending 
on the fuel. If the flame thickness drops with increasing temperature and pressure, 
autoignition becomes more likely, and increasing pressure while keeping compression 
temperatures low is likely to increase the tendency to auto-ignite. They found pre-ignition 
resistance to be inversely proportional to laminar flame speed i.e. a faster-burning fuel tends 
to also be more prone to pre-ignition. They also found that the maximum practical radius for 
particles to cause pre-ignition likely requires regions of the charge to be above the bulk 
temperature, but that with known temperature and pressure conditions and an appropriate 
temperature gradient, the violence of a knocking event can be estimated. 

Rudloff et al. [298] used the analytical method of Kalghatgi and Bradley and quantified the 
violence of the autoignition by π, a ratio of pressure rise caused by autoignition to the 
pressure rise caused by isochoric combustion. They found high knock intensity was 
characterised by π > 0.6, which occurred when the effective residence time of a pressure 
wave within a hot spot was more than approximately 16 times the chemical excitation time. 
Qi et al. [299] found the violence of autoignition to increase with the energy density, with 
deflagrative autoignition being observed below 20 MJ/m3, detonative autoignition being 
observed above 24 MJ/m3, and potential for either autoignition mode in the transition region. 
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To sum up, as the power density and low-end-torque of engines has improved, and the 
compression ratio has increased for improved thermal efficiency, the propensity for 
autoignition has increased. This is related to the higher pressures and temperatures 
experienced by the end gas, in part caused by the increased boost pressure necessary to 
achieve the performance targets. Pre-ignition is a particular concern, most likely triggered 
by local temperature and concentration gradients around an area of low autoignition 
resistance within the combustion chamber, such as near hot deposits, oil droplets or oil 
vapours. The higher energy density in the unburned charge also means when autoignition 
does occur, there is a higher likelihood of detonative or explosive heat release, which can 
in turn trigger a sequence of high-intensity knocking cycles interspersed with normal 
combustion cycles. 

2.4. Knock Mitigation Technologies 

2.4.1. Higher Octane Fuel and Basic Engine Design 

The first and most obvious way to mitigate engine knock is to use a fuel which is inherently 
more resistant to auto-ignition at the high temperatures and pressures experienced by 
modern engines. As espoused by the ‘octane index’ approach of Kalghatgi, this may mean 
a sensitive, high-RON and low-MON fuel with little LTHR for engines which tend to operate 
‘beyond RON’ i.e. engines which predominantly operate at conditions where K is less than 
zero. However, for operating conditions where K is greater than zero, a low-sensitivity / 
high-RON / high-MON fuel would perform better. Therefore, some degree of compromise 
will likely be necessary, depending on the K-value across the engine speed/load map and 
ambient conditions, most notably the charge air temperature and end-of-compression 
temperatures. 

Studies by Kalghatgi and co-workers [255, 257 and references therein] and Mittal and 
Heywood [300] show that K tends to increase with engine speed, with K typically becoming 
positive between 2000 rev/min and 3000 rev/min. K is very closely related to the air/fuel 
ratio and in-cylinder temperature at 15 bar pressure (typically achieved during the 
compression stroke), with K becoming less negative as AFR tends to stoichiometry and as 
compression temperature increases. 

K is similarly shown to be highly sensitive to charge air temperature and boost pressure, 
with K becoming positive above 50°C and becoming more negative as boost pressure 
increases. However, K appears relatively insensitive to compression ratio or spark plug 
location. The pressure sensitivity is of lower magnitude than the speed or charge 
temperature sensitivity. There is also some evidence that K does not remain independent 
of fuel specification as boost pressure rises, although recent work by Cracknell et al. [301] 
suggests the apparent increase in K with increasing RON and ethanol content (which are 
correlated) may be linked to the change in peak cylinder pressure, temperature and rate of 
pressure rise enabled by the more knock-resistant fuel, rather than to the fuel specification 
itself. 

Remmert et al. [302] showed that a higher octane fuel enabled the Ultraboost engine to 
achieve an earlier knock-limited spark advance (KLSA), and an earlier KLSA resulted in 
higher load, to the point that a sufficiently high octane fuel (RON ≈ 112 in the paper) enabled 
the engine to achieve minimum (advance) for best torque (MBT) spark timing, despite 
running at 2.5 bar intake manifold pressure and close to 30 bar BMEP. The effect of RON 
seemed to be more pronounced than the effect of fuel sensitivity. The author’s paper with 
Prakash et al. [303] built on this finding by demonstrating how the faster and more stable 
combustion enabled by an earlier spark timing could provide more fuel economy 
improvement than a higher geometric compression ratio. 
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Utilising the ability of variable valve timing and lift systems to reduce the effective 
compression ratio with turbocharging to increase boost pressures and maintain trapped 
charge quantities means that end-of-compression temperatures should be considerably 
lower than would be expected under RON test conditions, and therefore K values should 
tend towards more negative values for downsized engines, particularly those pursuing Miller 
cycle strategies. 

Therefore, to make the most of the basic engine design and fuel performance, the end-of-
compression temperatures should be minimised, and the RON rating of the fuel should be 
sufficiently high to still ensure suitable knock resistance at high engine speeds and charge 
temperatures. It is likely that a sensitive fuel, i.e. with a MON rating considerably less than 
its RON rating, will perform better under these conditions with high boost pressures. 

2.4.2. Enrichment 

Excess fuel has long been known to reduce an engine’s propensity for knock [305]. 
Enrichment works to mitigate knock by taking advantage of several thermodynamic 
phenomena. Firstly, fuel has a higher specific heat capacity than air [304, 305, 306, 
307,308], leading to a lower ratio of specific heats [309] that reduces the temperature and 
pressure of the compressed charge. The extra mass also dilutes the charge, meaning the 
energy released from the fuel has to heat a greater mass, leading to lower temperature of 
the end gas. Secondly, some excess fuel can improve the speed of combustion by 
increasing both laminar and turbulent flame speed [203, 274, 305, 307]. While a faster 
combustion can lead to increased temperature of the end gas by compressing the unburned 
charge more rapidly than it can lose heat to its surrounding, it also reduces the time 
available for auto-ignition of the unburned charge. Finally, the latent heat of vaporisation of 
the fuel has a cooling effect on the charge, reducing in-cylinder temperature, leading to 
lower end gas temperatures and less knock propensity when the charge is enriched [166, 
305]. 

2.4.3. Exhaust Gas Recirculation (EGR) 

EGR is another well-known knock-mitigation technology. The exhaust gas’ high water and 
CO2 content afford it a high specific heat content, so (provided it is sufficiently cool when 
re-introduced to the combustion chamber [152]), the use of EGR can reduce the 
temperature during combustion and therefore reduce the likelihood that the end gas 
reaches its autoignition point before it is consumed by the advancing flame front [310, 311]. 
This allows the engine to run with a more advanced combustion phasing, improving gross 
thermal engine efficiency and reducing the requirement to over-fuel the engine for both 
knock and component temperature protection [214, 304]. The peak temperature can still be 
reduced, despite an increase in cylinder pressure. Diana et al. shows how the use of EGR 
can allow an increase in compression ratio with commensurate improvement in fuel 
consumption at equivalent load [312], up to a limiting compression ratio (in the referenced 
study, this occurred at a compression ratio of 11.5:1). 

Due to the reduction in oxygen concentration and combustion temperatures, EGR is also 
well-known as a NOx reduction technology and has been shown to reduce CO along with 
fuel consumption [214, 304, 312]. In the paper from Alger et al. [214], the reduction in CO 
is linked to a reduction in the amount of dissociation of CO2 to CO as a consequence of 
lower cylinder temperature and higher initial CO2 concentration from the use of EGR. 

The effect of EGR on engine performance is also dependent on the EGR routing chosen. 
In [313], Cairns et al. compare supplying EGR gas before or after the compressor, 
concluding that a post-compressor feed is generally preferable, although the maximum 
quantity of EGR which can be supplied is more limited than in the case of a pre-compressor 
feed. 
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In their study, EGR was extracted before the turbine so the pre-compressor feed had the 
largest pressure differential with which to drive EGR. Therefore, when feeding the EGR 
before the compressor, the compressor work requirement was increased and the turbine 
had to compensate for the increased compressor work and reduced turbine mass flow rate 
by increasing the pre-turbine pressure, with consequences for residual gas content and 
combustion phasing. 

In [175], Turner et al. compared high-pressure-loop, low-pressure-loop and high-to-low-
pressure-loop EGR circuits. They concluded that a low-pressure-loop system was least 
beneficial in terms of exhaust temperature reduction and ability to run stoichiometrically, but 
again the pre-turbine pressure was most pronounced in the case of the low-pressure-loop 
system. They also demonstrated that a low-pressure-loop circuit had the lowest maximum 
EGR rate of the three circuits. The effects of the EGR routing were shown to be more 
significant than the differences in combustion caused by the EGR itself. They identified [314] 
that reducing enrichment could adversely affect performance, so an interaction between the 
level of enrichment and pumping losses observed with the different routes is possible. A 
consequence of high-pressure-loop EGR highlighted in the above studies is that increasing 
the volume before the turbine adversely affected the low-speed torque capability of the 
engines, regardless of whether EGR was flowing or not. This is further evidence of the 
importance of pulse energy in turbocharged automotive applications. 

The pumping loss benefits of high-pressure-loop compared to low-pressure-loop are also 
highlighted in the study by Roth et al. [315], with the high-pressure route providing a lower 
pumping mean effective pressure (PMEP) figure, as well as a potentially smaller EGR valve 
size required to drive a desired quantity of EGR gas. 

Several studies [315, 316, 317] show chemical and thermodynamic differences associated 
with the use of EGR, depending on whether the EGR has been catalysed or not. 
Uncatalysed EGR can be assumed to be relatively high in CO and NO, although this is also 
related to the level of enrichment utilised [314]. Catalysed EGR, especially for stoichiometric 
operation, can be assumed to have very low concentration of these pollutants and other 
combustion products [316], and higher concentrations of CO2. As the relative concentrations 
of CO2 in the intake and exhaust systems are often the primary method for evaluating EGR 
rates, whether the gas is catalysed or not can potentially affect the calculated EGR rates 
[317]. The studies by Roth et al. [315] and Lewis et. al. [317] showed that uncatalysed EGR 
could provide more engine torque than catalysed EGR at the same conditions, despite less 
favourable combustion phasing at the knock limit [315]. This was attributed to an increase 
in burn rate for a hydrogen-rich, CO-rich gas [318, 319], despite the reduction in autoignition 
delay caused in particular by increased CO and NO concentrations [240, 241, 242, 316]. 

The chemical effect of EGR on knock mitigation is further highlighted in the studies by 
Hoepke et al. [310] and Francqueville and Michel [241]. Both studies conclude that the main 
knock mitigation benefit of EGR is derived from the changes to heat capacity of the charge, 
but that the chemical influence of the EGR is not insignificant. In the case of the study by 
Hoepke et al., not accounting for the chemical effects of EGR at high EGR rates could cause 
an error of approximately 2 crank angle degrees in location of knock onset. 

The studies of Sjöberg, Dec and Hwang [320], Francqueville and Michel [241], and He et 
al. [321] show that the water vapour content of EGR can enhance the autoignition of the 
unburned charge, but the net effect of water vapour on autoignition depends on the fuel’s 
propensity for LTHR and the effects of other species, such as oxygen and CO2 
concentration. Francqueville and Michel suggest that CO2 can increase the laminar flame 
speed, in contrast to Sjöberg et al., who claim CO2 is relatively inert. However, Francqueville 
and Michel do show that the effects of both CO2 and H2O on laminar flame speed are 
temperature- and pressure-dependant, and are of relatively small magnitude in comparison 
to the heat capacity and oxygen dilution effects of EGR. 
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Diana et al. also found that the fuel composition could influence how effectively EGR 
suppressed knock, with oxygenated fuels enabling a greater increase in compression ratio 
with high levels of external EGR than non-oxygenated fuel [322]. The level of alkenes and 
aromatics and the type of oxygenated compound appeared to have little effect on the level 
of knock suppression afforded by EGR, confirming that the majority of knock suppression 
from EGR is due to its effects on dilution and specific heat capacity of the charge. Typically, 
the fuels with higher levels of alkenes had lower MON ratings, in keeping with the influence 
of alkane content on the autoignition delay and the NTC region discussed previously. 

Alger et al. [323] showed that each percentage point of EGR is worth approximately 0.5 of 
an Anti-Knock Index (AKI). While a higher AKI fuel could generally achieve better 
performance for a given level of EGR, a lower AKI fuel could actually achieve better thermal 
efficiency and lower CO emissions for a given combustion phasing through faster 
combustion. From this, if the engine could both provide and tolerate enough EGR, there 
may be little benefit in a higher AKI fuel beyond a threshold octane requirement needed to 
achieve good combustion phasing. 

Francqueville and Michel [241] show that, in addition to enabling more optimal combustion 
phasing, EGR can also improve the engine’s thermal efficiency by increasing the ratio of 
specific heats of the charge and by reducing wall losses, despite a slight efficiency loss 
caused by the longer combustion duration typical of EGR use. 

Szybist et al. [311] hypothesise that as engine design, and particularly the use of EGR, 
drives engines to operate at lower end-of-compression temperatures and higher start-of-
compression pressures, the RON test conditions become more relevant, the MON 
conditions less relevant, the fuel tends to move out of the NTC region for ignition delay and 
towards the LTHR region, and the ability to use EGR to inhibit knock may be reduced. This 
is because one of the effects of EGR is to increase the ratio of specific heats, increasing 
temperature and pressure during compression. 

2.4.4. Water Injection 

In the 1980s, Harrington investigated the influence of water injection (WI) as both a liquid 
and a vapour on combustion, emissions and knock-limited performance, across a range of 
spark timings and air/fuel ratios [324]. He found that WI was typically more effective as a 
liquid than as a vapour, that WI increased ignition delay and burn duration and consequently 
its use reduced both the maximum power an engine could achieve and its lean misfire limit. 
WI was found to have negligible impact on CO emissions at a given equivalence ratio, to 
slightly increase THC emissions, but to significantly reduce NOx emissions. Importantly, the 
use of WI allowed an increase in KLSA i.e. earlier combustion phasing could be used for 
the same knock severity. 

Recently, WI has been explored as a means to improve real-world fuel economy and reduce 
enrichment requirements under high engine load [325, 326, 327]. Pauer et al. [325] show 
that WI at a rate of approximately 20% of the injected fuel quantity can allow stoichiometric 
engine operation at 5000 rev/min and 20 bar indicated mean effective pressure (IMEP), 
where approximately 10% enrichment would have otherwise been required. This improved 
fuel consumption by approximately 13%. They also show that WI at 60% of the injected fuel 
quantity can allow combustion phasing improvements of between 5° and 6°, considered 
equivalent to an increase of two compression ratios. 

Böhm et al. [326] show that WI at a rate of over 30% of the fuel quantity at 5500 rev/min 
can enable stoichiometric operation, where approximately 20% enrichment is required 
without WI, saving approximately 23% of the fuel consumption. The inherent improvement 
in combustion phasing also provides a commensurate reduction in boost pressure 
requirement and charge cooler heat rejection. 
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The recent work of Durst et al. [327] corroborates these findings, with the WI engines 
supporting an increased compression ratio, exhibiting substantially reduced fuel 
consumption and particulate generation at high engine speeds and loads, but typically 
showing an increase in THC emissions. CO emissions generally decreased where the 
engine would have been enriched without WI, but the move towards stoichiometric 
combustion led to a significant increase in engine-out NOx emissions. While the 
stoichiometric operation of the engine means a typical three-way catalyst can reduce these 
emissions to acceptable levels, the magnitude of exotherm generated over the catalyst in 
the process, coupled with high exhaust temperatures from the nominally high load operation 
will need due consideration. 

2.4.5. Pre-Chamber Ignition 

Another technology receiving increased attention recently is the use of pre-chamber, or jet 
ignition technology. This is not a new technology, having been extensively researched 
during the 1970s and 1980s (and even as far back as the 1920s) [328], however, it has 
seen increased interest in the last decade [328] and has recently been productionised 
through the Maserati ‘Nettuno’ engine for its MC20 sportscar [329]. 

In essence, a spark plug is encased within a small chamber (the pre-chamber) within, or 
connected to, the main combustion chamber. The pre-chamber may be equipped with its 
own fuel supply (in which case the pre-chamber is described as an ‘active’ pre-chamber 
[330]), or may rely on the charge composition already present in the main combustion 
chamber (in which case the pre-chamber is described as a ‘passive’ pre-chamber [169]). 

As the pre-chamber is connected to the main combustion chamber, unburned and burned 
charge can be exchanged between the chambers through communication passages. The 
size of shape of these passages are key to successful deployment of this technology. 

With both active and passive systems, combustion is initiated in the pre-chamber. This 
increases the pressure in this chamber, which expels the unburned and burning charge 
from the pre-chamber into the main chamber. The specific geometry of the pre-chamber 
and its communication passages determine whether the flame itself can reach the main 
chamber or whether it is extinguished in the communication passages, as well as the 
number and velocity of the jets of burning charge ejected into the main chamber. In either 
case, the presence of hot, partially-combusted products at multiple sites within the main 
chamber then significantly reduces the ignition delay of the neighbouring unburned charge 
and a rapid, but controlled, deflagrative combustion event ensues. As no single flame 
consumes a large proportion of the charge and there are many ignition sites, flame 
propagation is limited, and the unburned charge is consumed rapidly. Therefore, the end 
gas does not spend much time to reside at temperature and pressure conditions which 
would lead to auto-ignition and consequently the engine is made more robust to knock. 

An active pre-chamber enables the air/fuel ratio in the vicinity of the spark plug to differ from 
that of the charge in the main chamber, and therefore the flammability of this portion of the 
mixture can be increased relative to the main charge. This can lead to improved ignitability 
within the pre-chamber and the ensuing jets then provide significantly faster and more 
stable combustion in the main chamber, enabling operation at lean air/fuel ratios which 
would otherwise not be practical [330]. 

However, the use of a pre-chamber can bring some disadvantages as well. For example, 
the surface area of the pre-chamber allows increased conduction and convection of heat 
away from the pre-chamber charge, which is particularly important in light of the small 
volume or mass of charge typically entrained within the pre-chamber. This heat loss can 
reduce thermal efficiency when not knock-limited and may impair or inhibit combustion in 
cold conditions. 
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2.5. Engine Losses with Downsizing 

Smith and Cheng [331] discuss how downsizing and compression ratio affect the thermal 
efficiency of an engine and characterise the engine’s losses. They assume BSR is 
unchanged as the engine is downsized, so cylinder friction and chamber surface area are 
assumed to scale with the cylinder displacement. They also assume full duration intake and 
exhaust camshafts, and intentionally disregard the pumping losses associated with suitable 
matching of the boosting system (as the losses could be positive or negative and are highly 
dependent on the charging system design). Further, MBT spark timing is assumed at both 
part- and full-load, so the study is purely about the geometric effects of downsizing and 
changing compression ratio. 

They conclude that, per unit of fuel energy, pumping losses reduce by approximately 2 
percentage points for every 100 cc reduction in cylinder swept volume, although this would 
be less for systems with variable intake cam lift and duration. Friction losses reduce by 
approximately 0.75 percentage points per 100cc, although again that may be lessened if 
BSR had to increase due to packaging constraints or if larger bearings were required to 
provide sufficient durability at the higher power densities implicit with reduced swept 
volume. These values are both independent of compression ratio. 

They also conclude that crevice losses, particularly at part load, become more significant at 
smaller swept volumes as the crevice volume does not scale with the cylinder volume 
(assuming a minimum bore/piston clearance and top land height must be maintained for 
structural integrity). The crevice losses can be several percent of fuel energy and show a 
relative increase of 40% (independent of compression ratio) when cylinder volume is 
changed from 500 cc to 300 cc. The increased significance of crevice volume with reduced 
cylinder displacement could lead to increased hydrocarbon emissions and issues with 
starting when cold. 

Interestingly, Smith and Cheng show that the heat loss reduces by around 1% of fuel energy 
per 100 cc displacement reduction, but that the heat loss is independent of compression 
ratio. The rationale is that the higher compression ratio causes a more pronounced rise in 
temperature and pressure (thus heat loss) initially, but the pressure and temperature drop 
more rapidly through the expansion stroke than with a lower compression ratio, leading to 
an overall neutral effect. However, the effect of hotter charge on spark advance and 
propensity to knock has not been evaluated in this study. 

It was hypothesised that a high level of in-cylinder turbulence associated with high levels of 
tumble would cause an increase in heat loss [192]. However, this was found to be only 
partly true: heat loss could be significantly increased by directing the tumble motion towards 
the cylinder head and cylinder wall surfaces; otherwise the improved combustion resulting 
from higher tumble allowed an overall reduction in heat loss. This was expected to be due 
to a combination of increased residual tolerance and faster combustion, which provided 
more effective expansion and reduced the time for significant heat loss to occur. 
Consequently, the heat loss for a given tumble ratio may be more influenced by how that 
tumble is generated and its effect on the in-cylinder flow field, than on the level of tumble 
itself. 

2.6. Limitations 

Berntsson et al. [192] commented that while higher tumble ratios produced faster 
combustion, by enabling combustion closer to MBT they also resulted in higher rates of 
pressure rise for a given level of mean effective pressure. Therefore, it could be expected 
that at some point, even if heat transfer to the cylinder does not become limiting, refinement 
may become a concern with very rapid increases in cylinder pressure. 
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Shahed and Bauer [176] conducted a macro analysis on turbocharged vs. naturally 
aspirated engines, corroborating earlier findings that a 40% downsized engine could yield 
of the order of 23% fuel economy improvement and that there are further gains to be had 
by downsizing beyond 60%, but the benefits reduce as the part-load pumping loss is 
removed with incremental downsizing. They also demonstrate how the mechanics of 
conventional turbocharging results in a lack of low-end torque, due both to compressor 
surge limitations and turbine efficiency issues. Low turbine efficiencies are related to the 
high turbine inlet pressures required to provide the necessary compressor power for heavily 
downsized engines, which further reduce the blade speed ratio at a time when the turbine 
is spinning relatively slowly and therefore the blade speed ratio is already significantly below 
its optimum value of around 0.7. 

Budack et al. [111] demonstrate that, although there are further fuel efficiency savings to be 
had from further downsizing at low load, increased pumping work associated to achieve the 
higher power densities required for real-world use and peak engine performance, as well 
as the starting and transient response issues previously highlighted, leads to a ‘preferred’ 
engine displacement. The optimum is claimed to be around 200 Nm for a 2-litre engine, or 
around 13 bar BMEP. Achieving 200 Nm with a smaller engine, such as a 1.4 litre (the 
example given), increases BMEP from 13 bar to 18 bar for the same torque. Therefore, 
vehicular applications operating the engine below this level of BMEP may benefit from 
further downsizing, but vehicles which spend significant time above 18 bar BMEP may 
benefit from a larger engine displacement, to keep the engine’s BMEP in its most efficient 
region. 

This is in keeping with the analysis of MAHLE (Basset et al. [143]), who suggest that the 
downsizing effect (reduced pumping losses) over the NEDC may allow benefits up to 
approximately 75% downsizing factor, but after allowing for increased friction and reduced 
compression ratio required to increase power density in line with downsizing, maximum 
benefit is likely to be achieved with around 70% downsizing factor. In MAHLE’s opinion, 
70% downsizing factor aligns with a power density of approximately 200 kW/l. This analysis 
was conducted using the NEDC cycle, and the benefit from downsizing over other cycles 
may differ. 

Königstein et al. [177] discuss how downsizing is most beneficial for the lightest vehicles 
and is due to shifting the specific load of the engine to a more thermally efficient point. They 
demonstrate that a downsized engine actually has an inferior specific fuel consumption 
compared to a naturally aspirated engine at the same specific load over a wide portion of 
the engine’s operating range, due to a combination of lower compression ratio, increased 
pumping losses from the boosting system and higher parasitic losses necessary to support 
the increased power density. Their analysis highlights that a more significantly downsized 
engine offers fuel economy benefits at low load (below ~50 Nm in particular) and at 
intermediate to high speeds at high loads, but a downsized engine is typically less efficient 
at mid to low speeds and mid to high loads, which is the typical operating range of an 
automotive engine. 

Toda et al. [332] demonstrate how low BSR (an undersquare, or long-stroke, engine) can 
generate improved charge motion, but excessively low BSR can reduce the overall thermal 
efficiency of an engine, as friction becomes more dominant. They also discuss how 
increases in compression ratio beyond 13:1 may not deliver improvements in an engine’s 
maximum brake thermal efficiency, but may still improve part-load thermal efficiency. 

Diana et al. [312] showed how the use of EGR could allow the use of higher compression 
ratios, but did not see a benefit beyond 11.5:1. In the 1970s, workers at Toyota [333] 
demonstrated that a higher compression ratio required a higher octane fuel to mitigate 
knock, and did not show benefits beyond compression ratios of 9 – 10. 
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As far back as 1958, Caris and Nelson identified an ‘optimum’ compression ratio of 
approximately 17:1 [334], beyond which slow combustion and a high surface-area-to-
volume ratio (SVR), particularly around TDC, outweighed any thermodynamic benefits from 
higher compression ratios. They also associated increased compression ratio with a 
reduction in exhaust temperature, which could be a significant consideration for modern 
engines in terms of managing the performance of engine aftertreatment systems. In the 
1980s, Overington and Thring [335] found the optimum compression ratio to lie between 11 
and 13, with turbulent combustion chambers driving the optimum to a lower compression 
ratio. 

Building on these findings, workers at Nissan [133] found that the indicated thermal 
efficiency was proportional to the relative heat loss to the cylinder walls, and therefore 
proportional to SVR, calculated at TDC. The combustion chamber shape and cylinder swept 
volume also influenced SVR and therefore influenced the peak thermal efficiency which 
could be expected for a given compression ratio. Cylinders with small swept volumes and 
high SVR tended to achieve their peak thermal efficiencies at lower compression ratios than 
larger, lower SVR combustion chambers. At low loads, the relative cooling loss is high, and 
the optimum compression ratio for peak thermal efficiency decreases. 

Optimum compression ratios of around 13:1 are consistent with the compression ratios 
seen in the engine sample in Chapter 1.2, with only the Mazda Sky-Activ [59] engine 
exhibiting a higher compression ratio. For typical values of BSR, this is also consistent with 
the analysis by Sellers et al. [336] who showed comparatively long strokes were required 
to achieve further benefits beyond a compression ratio of 14:1. The majority of engines 
included in the industry sample had a BSR of between 0.8 and 0.9 (Figure 1-17), at which 
the optimum compression ratio was found to be around 15:1. The Magma engine, designed 
for a hybrid application, targeted 45% BTE at a compression ratio of 17:1, utilising a BSR 
of 0.7 and lean combustion, which would also reduce heat losses by reducing cylinder 
temperature via dilution with excess air [304, 306, 307]. 

High compression ratios were associated with a reduction in turbulent length scale [337], 
which was in part held accountable for the increase in combustion duration observed with 
increased compression ratio in a study by Attard et al. (other factors were the 
aforementioned increase in heat losses via the increased SVR and retarded combustion 
phasing) [338]. Muranako et al. [133] also found that as SVR increased, the production of 
unburned hydrocarbons increased, and that there existed an optimal combustion duration 
of approximately 30 crank degrees to maximise indicated thermal efficiency. That an optimal 
combustion duration exists agrees with the findings of Eriksson and Sivertsson at Linkoping 
University [339], although they found the optimal duration to be closer to 15 crank degrees. 
In keeping with previous studies, the crevice losses were seen to be highly significant, with 
unburned hydrocarbons accounting for a loss in thermal efficiency of between 5% and 10% 
[133]. Isochoric heat release was found to be most efficient only in the absence of crevice 
or cooling losses, the optimal combustion duration being close to 5 crank degrees in the 
presence of cooling losses but the absence of crevice losses, with the optimal heat release 
profile tending more and more towards constant-pressure heat release as crevice losses 
increased [339]. 

Therefore, downsizing mostly benefits lighter vehicles and less aggressive drive cycles, 
which would spend a considerable proportion of time below 50 Nm of engine load and below 
18 bar BMEP. For other applications, effort can be focussed on alternative technologies 
which can reduce pumping losses (for example, advanced valvetrains and/or use of Miller 
Cycle) without the inherent disadvantages of smaller displacement. 
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Recent legislation restricting the permissible number of particulates emitted are driving the 
fitment of Gasoline particulate filters, and ultimately towards removal of fuel enrichment. To 
achieve this at high loads requires much more consideration of combustion phasing, making 
knock mitigation extremely important, and may restrict the push to ever-higher specific 
power densities. Engines may also need to be designed to accommodate increased cylinder 
pressures, as identified by [253] and [326]. Alger et al. [253] showed that higher 
compression ratio could mitigate the peak pressures seen as knock mitigation still enforced 
a certain level of combustion retardation, while the studies of Su et al. [340] showed that 
increasing compression ratio on its own could actually reduce thermal efficiency if 
combustion phasing is too retarded, and that another tool such as EGR or water injection 
would be necessary to improve combustion phasing in order to take advantage of the higher 
compression ratio at high loads. 

2.7. Conclusions 

This chapter has outlined the mechanisms by which the industry has tended to higher 
specific power and torque over the last 10 to 15 years, which has enabled a reduction of 
engine displacement and cylinder count, significantly improving the fuel economy of engines 
when installed to vehicles. There has also been a trend to higher compression ratio, again 
to the benefit of fuel economy. One of the major drivers of this trend has been use of the 
NEDC legislative cycle, which rewards improved efficiency at low speeds and loads, without 
recognising the detrimental impacts of downsizing at higher speeds and loads. 

The key enablers for the increased power density of downsized engines have been the 
synergistic introduction of direct injection and turbocharging, which have now achieved 
substantial market penetration. Downsizing factors have typically reached values of 40% to 
50%, with research engines demonstrating up to 60%, still with considerable low-end 
torque. However, the benefit of further downsizing reduces with higher-BMEP operation, 
implicit with increased downsizing. Increased focus on real-world, or off-cycle, fuel economy 
and emissions performance may also reveal compromises not immediately apparent with 
the NEDC. Transient performance, particularly without scavenging, becomes more and 
more challenging as the naturally aspirated torque output reduces with displacement and 
more dependence is placed on the boosting system. It is unclear at which point the transient 
performance may be deemed ‘unacceptable’ by the customer, and the application of two-
stage and/or electrical charging assistance may enable levels of downsizing which would 
otherwise be considered unacceptable for transient performance. 

Limitations to continued downsizing appear from increased pumping or ancillary work 
required to provide the necessary levels of forced induction, the potential for increased heat 
losses or hydrocarbon emissions from increased SVR, increased risk of pre-ignition and 
abnormal combustion phenomena from increased specific power density, as well as a risk 
of increased friction and noise, vibration and harshness (NVH) concerns from higher 
cylinder pressures. Compression ratio is emerging as a factor limiting the achievement of 
ever-higher power densities and/or specific torque values. 

Low specific performance engines with impressive fuel economy figures are appearing, 
some naturally aspirated for use in hybrid applications, and some turbocharged, where the 
specific output is still sufficient for many customers, particularly where supplemented by 
electric machines. New technology, such as electric supercharging, is starting to appear in 
the marketplace, while certain engine characteristics, such as scavenging and enrichment 
which may be utilised more frequently in a downsized application compared to a large-
displacement naturally aspirated application, are being challenged as customers and 
legislators demand ever-cleaner engines. 
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As focus shifts to higher-load drive cycles and real-world operation, the reduction in 
pumping losses from further downsizing becomes less beneficial, especially for engines 
equipped with advanced valvetrains. Consequently, the focus on methods to improve CO2 
is shifting from further reduced displacement and higher specific performance, to increased 
compression ratio and reduced BSR. This shift in focus prioritises improved thermal 
efficiency at a given specific load over improving fuel economy by adjusting the specific load 
in the application. However, careful design and development work is required to ensure high 
thermal efficiency is still possible when operating the engine at elevated load with high 
compression ratios. 

In the context of this thesis, it is plausible that the use of high compression ratios or reduced 
swept volumes could both lead to impaired combustion, increased hydrocarbon emissions, 
and sub-optimal thermal efficiency, particularly where operating with retarded combustion 
phasing due to knock. As the Ultraboost engine was developed from a V8 architecture 
originally and engine durability and robustness were prioritised over engine friction losses, 
it is possible that interactions between the changing BSR, friction losses, combustion 
efficiency and thermal efficiency will be uncovered as the swept volume is changed. This is 
perhaps particularly likely, given previous studies which relate BSR to combustion duration 
and thereby to heat loss and thermal efficiency. 

For these reasons, this thesis will make use of both experimental and virtual methods to 
assess the ultimate potential of the Ultraboost platform.  
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3. Review of Original Ultraboost Full Load Results 
3.1. Ultraboost Engine Details 

The Ultraboost engine is described in detail and its results summarised in [1], but a more 
in-depth review of the full load results is provided below. Although the author was not 
involved in the original project, a thorough understanding of the achieved performance 
provides a solid understanding of the engine architecture used for the current work. The 
Ultraboost engine is based around the 3rd generation of the Jaguar Land Rover AJ V8 
engine described in [341], known as the AJ133 engine. The main features are provided in 
Table 1 below. 

Engine Architecture - I4 (one bank of AJ133 block) 
Displacement cc 1991 

Compression Ratio (nominal) - 9:1 

Valvetrain - 

Twin overhead camshaft, 
low/high lift cam profiles on 

intake and exhaust, hydraulic 
cam-profile-switching tappets 

Intake Valve Maximum Opening 
Point (MOP) (High Lift) °CA aTDCf 510 

Intake Camshaft Phasing Range °CA aTDCf MOP – 60 
Exhaust Valve Maximum Opening 

Point (MOP) (High Lift) °CA aTDCf 234 

Exhaust Camshaft Phasing Range °CA aTDCf MOP + 48 
Valve Open Duration °CA at 0.5 mm lift 216 
Maximum valve lift mm  

Exhaust Manifold - 
UB100 Log 

UB200 Water-cooled 
4-into-1 

Boosting System - 

UB100 Boost Rig 
UB100 
Turbo-
only 

Garrett GT30 

UB200 
LP: Garrett GT30 
HP: Eaton R410 
Inter-stage cooler 

Exhaust Gas Recirculation - External EGR on all builds 
Table 1: Ultraboost engine details 

The original project had two main engine builds: the UB100 build and the UB200 build. The 
UB100 build was the base engine without the boosting system; charge air was provided by 
a ‘boost rig’ – a system using industrial compressors and bypass valves to provide the target 
intake manifold pressure, and a butterfly valve after the exhaust manifold to provide exhaust 
system pressure representative of the turbine inlet. The UB200 engine build included the 
engine-driven boosting system, comprising of a turbocharger in the low-pressure position 
and a clutched supercharger in the high-pressure position. A third build was also tested, 
which saw the core engine fitted with the turbocharger, but not the supercharger, from the 
UB200 build. This build is referred to as the UB100 Turbo-Only build. 

The engine used open-circuit crankcase breathing. The cooling system was modified but 
still based on the AJ133 V8 donor engine, meaning coolant flowed along the length of the 
cylinder head before being sent through the engine block, and there was more space for 
inter-bore cooling than would be typical in an inline engine. The coolant flow in the second 
bank was used to cool the exhaust manifold in the UB200 configuration. 
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Further details can be found in [1]. A picture of the UB100 installation and a schematic of 
the UB200 installation are provided in Figure 3-1 and Figure 3-2 respectively. 

Figure 3-1: UB100 engine on the testbed at the University of Bath [reprinted with permission 

from SAE 2014-01-1185] 

Figure 3-2: Schematic of the UB200 engine build [reprinted with permission from SAE 

2014-01-1185] 
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Figure 3-3: Ultraboost camshaft profile diagram 

 

Figure 3-4: Ultraboost valve timing diagram 

Camshaft profiles, including maximum camshaft phasing, are shown in Figure 3-3 and 
Figure 3-4, assuming 0.5 mm valve lift is required to generate measurable airflow. The same 
high-lift cam profile is used for all intake and exhaust valves. With nominal camshaft timing 
valve overlap is precluded, the inlet valve closes around -101 °CA aTDCf, equivalent to 619 
°CA aTDCf, long after BDC and the effective compression ratio, approximately 6.4:1, is 
considerably lower than the geometric compression ratio. The expansion ratio is around 
7.7:1, so it is also reduced from the nominal geometric value. 
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However, if the intake camshaft is advanced its full 60 °CA of phasing allowance, the IVC 
point advances to -161 °CA aTDCf, also equivalent to 559 °CA aTDCf or 199 °CA aTDCg, 
at which timing the effective compression ratio is close to nominal and valve overlap 
becomes marginally positive (~1 °CA). If the exhaust camshaft is then retarded from its 
nominal position by its full 48 °CA phasing, valve overlap is increased to 49 °CA while the 
expansion ratio is increased by around 1.3 ratios to its nominal value. These cam durations 
therefore make it difficult to simultaneously achieve high effective compression ratio, high 
effective expansion ratio and low valve overlap, but they do support high levels of 
scavenging and a significant reduction in effective compression ratio via use of a Miller cycle 
with LIVC. As described in [342] and [343], the Miller cycle can mitigate knock by reducing 
the amount of charge compression (and therefore charge heating) in the cylinder. If a 
proportion of the compression work is completed by forced induction devices, which can 
then utilise charge cooling after the compression process, the same cylinder pressure at 
the start of combustion can be achieved but at a much lower temperature, which will then 
keep the end gas temperature lower during combustion and help prevent knock. This theory 
applies whether the intake valve is closed early (EIVC) or late (LIVC), although there are 
trade-offs between charge heating in the intake runner and reverse gas flows into the intake 
with LIVC vs. longer time periods for in-cylinder turbulence to decay and lower volumetric 
efficiency with EIVC. 

The use of a supercharger at low engine speeds on this engine means the intake manifold 
pressure is higher than the exhaust manifold pressure, so the increase in valve overlap with 
advanced intake cam phasing is likely to enable scavenging of residual gas from the 
cylinder, which is likely to improve the knock resistance of this engine. However, scavenging 
also increases the concentration of oxygen in the exhaust during valve overlap, so the in-
cylinder equivalence ratio will have to be enriched to keep the exhaust at a nominally 
stoichiometric AFR. This will impair fuel economy [142], but will also further aid knock 
resistance as previously discussed, due to a reduction of end gas temperature, the potential 
for higher flame speeds and removal of partially combusted products and knock promoters, 
such as NO, typically present in the residual gas (see Chapter 2.4.2). The presence of 
scavenging would be implied by a volumetric efficiency higher than unity, and/or a high 
concentration of oxygen in the exhaust line. 

As described in [1], the Ultraboost engine was developed as two main build levels – the 
‘UB100’ build did not utilise the proposed boosting system, instead using the University of 
Bath’s boost rig to provide the intake manifold and exhaust manifold pressures expected 
from the initial GT-Power simulation work. The boost rig allows independent control of intake 
and exhaust pressures, enabling isolation of combustion effects and boosting system 
effects. The ‘UB200’ engine build then used the intended boosting system, matched to the 
engine with the same GT-Power model, with its inherent efficiencies and losses. Such an 
approach allows confirmation of the effects of the boosting system on the core engine’s 
combustion system. Some testing was undertaken with only the turbocharger from the 
UB200 build fitted i.e. without the supercharger. This enabled assessment of the engine 
and turbo’s performance without support from the supercharger. 

One important difference between the UB100 and UB200 engine builds relates to the 
exhaust manifold. The UB100 build used a log exhaust manifold, which was subsequently 
found to cause relatively high pressure losses and maldistribution of exhaust port pressures 
between cylinders. For the UB200 builds, this was changed for a water-cooled 4-into-1 
manifold design with a built-in flow splitter component to try and prevent mixing of exhaust 
flows from different cylinders prior to entry to the turbine, thereby reducing expansion losses 
in the exhaust manifold and preserving pulse energy of the exhaust gas. 

The log manifold can be seen installed to the engine in Figure 3-1, while the water-cooled 
manifold is shown in Figure 3-5. 
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Figure 3-5: Water-cooled exhaust manifold for UB200 build 

 

3.2. Airflow Measurement 

Reference [1] provides further details on the measurement equipment used on the 
Ultraboost programme, but in summary, the test programme used a twin-dynamometer 
setup coupled to an HBM T10F 1 kN torque flange with an accuracy class of 0.1 (meaning 
its linearity deviation, relative standard deviation of repeatability and temperature effects on 
drift and sensitivity per 10 K are within ±0.1% of the flange rating); an AVL 16-channel 
Indimaster system with an AVL 3600 pulses/rev optical encoder, a combination of Kistler 
6054A and 6041B in-cylinder transducers (both with quoted accuracies of within ±1% on 
IMEP and maximum cylinder pressure under thermal shock), and Kistler 4049B exhaust 
pressure transducers; ETAS LA4 Lambda measurement (which uses a Bosch LSU4.9 
sensor, accurate to ±0.01 at stoichiometry); MEXA 7100DEGR gaseous emissions 
benches; an FMS 1000 gravimetric fuel measurement system from CP Engineering, with 
quoted accuracy of ±0.05% of reading or ±0.03 grams; a Micro Motion CMF010M 1/10” 
Coriolis flow meter for fuel flow measurement, accurate to within ±0.1% of measurement; 
K-type thermocouples and PRT sensors were used to measure temperature; a range of 
pressure sensors were used depending on location and required measurement range, but 
accuracy was typically within ± 0.25% of full scale. TDC was initially set with a probe, and 
subsequently monitored via thermodynamic loss angle. A fixed engine speed and throttle 
position was set and monitored as a regular daily check point. 

The test facility also had an ABB Sensyflow mass air flow meter rated at 1200 kg/h, which 
had a quoted accuracy of ±0.8% of measurement. However, as also described by Giles, 
concerns were raised during the original testing programme over the accuracy of the meter 
as installed to the test cell [344]. This is indicated by Figure 3-6, showing the relative air/fuel 
ratio (AFR), as calculated with three different sets of equipment, on a sample of 
experimental data from the Ultraboost programme: the ETAS lambda sensor (used as the 
basis), the lambda calculation from the HORIBA MEXA gaseous emissions analyser, and 
an AFR calculation using the measured airflow, fuel flow, and known stoichiometric AFR of 
the fuel. For completeness, a manual calculation of lambda using the Spindt calculation and 
measured species concentrations [345] is included, as well as a reference line to show 
perfect agreement. 
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The figure shows when lambda is calculated from the flow meters, there can be 
approximately 15% disparity between the ETAS lambda sensor in the exhaust and the 
lambda value calculated from fuel and air mass flow rates. This error was not observed by 
the Horiba gas analyser on the same tests, indicating a measurement error. However, the 
variation between the Horiba analyser and the ETAS sensor is also greater than expected, 
given the calculation of Spindt AFR undertaken during post-processing. 

 

 
Figure 3-6: Comparison of Lambda Measures 

Figure 3-7 shows the error recorded between the Horiba analyser, ETAS sensor, and post-
processed Spindt calculation in the form of Bland-Altman plots [344]. It is clear from the 
gradients of the lines that in both cases, the error between the ETAS sensor and the lambda 
value derived from exhaust gas analysis increases as lambda increases, but the error with 
the Spindt calculation is much less sensitive to changes in the ETAS sensor than the Horiba 
analyser. It is the author’s belief that this indicates an error with the setup of the Horiba 
analyser during this testing, possibly in relation to the fuel properties to allow the conversion 
from measured concentrations to lambda. Subsequent analysis of the suspect air flow meter 
also indicated that the recorded airflows would yield unreasonably high volumetric efficiency 
values, leading to low confidence in this measurement. 

Therefore, the ETAS Lambda sensor is considered to be the most accurate measurement 
of air/fuel ratio, corroborated by the post-processed Spindt calculation from the measured 
raw exhaust gas species concentrations. The ETAS Lambda sensor is subsequently used 
in conjunction with the measured fuel flow for all calculations of airflow rate. 
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Figure 3-7: Lambda Error Comparison 

3.3. Torque and Power 

Figure 3-8 and Figure 3-9 show that the UB100 build actually exceeded its target of 
matching the AJ133 brake output up to 4000 rev/min, but did not achieve the targeted 
maximum power level. Boundary conditions (intake manifold pressure, exhaust manifold 
pressure, EGR, etc. were set to mimic the settings expected from initial simulation studies 
undertaken for the project, which assumed the full engine boosting system. However, when 
the turbo was fitted to the UB100 build and boundary conditions (e.g. EGR rate) adjusted 
to operate at the physical limits of the hardware (respecting knock, peak cylinder pressure, 
maximum turbo speed, etc.), the power target could be achieved. Valve timing studies 
indicated the engine achieved highest power when operating with high levels of valve 
overlap, although the optimum valve timings varied somewhat between UB100 and UB200 
builds (see Figure 3-10). This suggests the difference was due to the boundary conditions 
under which the engine was operating. Of course, the turbo-only build could not achieve the 
target torque level at low engine speed, requiring approximately 3000 rev/min to be reach 
target torque. With the supercharger fitted, the UB200 build could achieve the target torque 
level from 1500 rev/min. Even though the torque target was missed below 1500 rev/min, 
the engine could still achieve almost 18 bar BMEP at 1000 rev/min, or 142 Nm/l/(krev/min). 
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From Figure 1-8, this magnitude of low-end torque (LET) is approximately 40% more than 
might be expected for an engine achieving almost 143 kW/l, although it should be noted 
that with the turbo-only UB100 build, that LET figure drops to around 85 Nm/l/(krev/min) at 
3000 rev/min, about 15% below the benchmark of 100 Nm/l/(krev/min) for 140 kW/l. This 
demonstrates the potency of the super-turbo boosting configuration, but also highlights the 
large physical size of the turbocharger. Use of a larger turbocharger and reliance on 
supplementary boosting from a supercharger to achieve higher specific power is the same 
strategy as was used by the HyBoost project [147]. 

The influence of boundary conditions is further explored with Figure 3-11, which shows that, 
with the single exception of the UB100 build at 6500 rev/min, all builds could achieve more 
than 100% volumetric efficiency at all engine speeds, suggesting a level of scavenging at 
all speeds. The UB100 build typically ran the same or greater levels of EGR than the turbo-
only build but had lower volumetric efficiency above 3000 rev/min. The combination of lower 
volumetric efficiency and/or higher EGR rate may explain the reduction in power 
experienced by the UB100 engine when running the boost rig compared to using the 
turbocharger 

 Although further optimisation or experimental results under more consistent boundary 
conditions across engine builds may have been possible, the calibrations in these 
comparisons represent the settings for highest performance which were demonstrated on 
each engine build, balancing the conflicting constraints of knock, peak cylinder pressure, 
exhaust temperature and combustion stability. The differences in performance and 
calibration are attributed to the differences in exhaust manifold pressure and differential 
pressure across the cylinders caused by the differences in boosting system configurations 
between engine builds. At the time of the project, priority was given to maximising the 
experimental performance of each engine build, not providing like-for-like boundary 
conditions for comparisons across boosting systems as is being considered here. 

 

 
Figure 3-8: Ultraboost Torque and Power vs. Engine Speed 
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Figure 3-9: Ultraboost BMEP vs. Engine Speed 

Figure 3-12 and Figure 3-13 explore the relationship between volumetric efficiency, valve 
overlap and pressure differential across the cylinder. The UB100 build had the lowest 
pressure differential between intake and exhaust manifolds at high speed, which could be 
expected to reduce brake torque production due to increased pumping losses (relative to 
the other builds). Valve overlap remains positive throughout the speed range, and the 
volumetric efficiency can be seen to broadly follow valve overlap, with more overlap for a 
given positive pressure differential leading to higher volumetric efficiency. Both UB100 
builds show negative pressure differentials at high speed (i.e. the exhaust manifold pressure 
is higher than the intake manifold), yet for the turbo-only build, volumetric efficiency remains 
above 100%. From Figure 3-11, it would appear the Ultraboost engine could maintain 100% 
volumetric efficiency as long as the intake pressure was not more than 20 kPa below the 
exhaust manifold pressure. This may indicate some gas dynamic effects taking place during 
the overlap period, allowing continued scavenging despite the average adverse pressure 
gradient. 

 
Figure 3-10: Valve Overlap vs. Engine Speed 
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Figure 3-11: Volumetric Efficiency and EGR rate vs. Engine Speed 

 

 
Figure 3-12: Pressure Differential Intake - Exhaust Manifolds 
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Figure 3-13: Volumetric Efficiency and Valve Overlap vs. Engine Speed 

Figure 3-14 shows high-speed data for ensemble-averaged cylinder pressures, intake and 
exhaust manifold pressures captured at 5000 rev/min for the UB100 and turbo-only builds, 
although unfortunately the exhaust pressure sensor was not working in the case of the 
UB100 data. Data for all four cylinders is shown overlaid, with each cylinder being 
represented by the average of 300 cycles. For both engine builds, the cylinder pressure 
drops to around 2 bar absolute pressure before the intake valve opens, and the intake 
manifold pressure is between 2.5 and 3 bar in both cases, so positive flow from the intake 
to the cylinder could be expected at IVO. By the time of exhaust valve closure (in the case 
of the turbo-only build), the intake manifold, cylinder pressure and exhaust manifold are all 
at similar pressures. At no point during the valve overlap period is the exhaust pressure 
higher than the cylinder pressures, so no reverse flow should be expected. Therefore, even 
if the time-averaged exhaust manifold pressure is higher than the time-averaged intake 
manifold pressure, during the overlap period there is little risk of exhaust gas flowing back 
into the cylinder or the intake manifold, and a degree of scavenging may be possible. 

Comparing the two builds in Figure 3-14, the turbo-only build has approximately 2 bar higher 
cylinder pressures during the initial period of the exhaust stroke, but also seems to have 3 
to 4 bar higher pressure through the second half of the power stroke and a similarly higher 
pressure through the compression stroke, although intake manifold pressures and valve 
timings are similar in all cases. This might indicate some differences in heat transfer 
between the engine builds and tests, or may indicate some concerns with cylinder pressure 
measurement. 

Figure 3-15 shows the crank-angle-referenced data for the turbo-only build at 6500 rev/min. 
At this speed, the test bed data indicates that the exhaust manifold pressure, on average, 
is higher than the intake manifold pressure, but even in this scenario, the intake manifold 
pressure is still slightly higher than the exhaust pressure at the start of the valve overlap 
period. This may help to explain why a volumetric efficiency of 100% can still be achieved 
despite a negative pressure gradient on average. 
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Figure 3-14: Cylinder Pressure Data (5000 rev/min, UB100 and UB100 – Turbo Only) 

 

Figure 3-15: Cylinder Pressure Data (6500 rev/min, UB100 - Turbo Only) 
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An interesting phenomenon is also apparent in Figure 3-15 on Cylinder 1, where the 
pressure in the cylinder appears to drop just before intake valve closing (IVC) – a gas 
dynamic simulation may shed some more light on why this is occurring in only some 
cylinders, or may be another indication of sensor error. Thermal shock, where thermal 
expansion of the sensor body reduces strain on the sensing element and reduces the 
indicated pressure, is expected to be more noticeable around the end of the expansion 
stroke and particularly during valve overlap when the sensor is cooled by the fresh charge 
of the next cycle, reducing thermal strain and the indicated pressure approaches the true 
value [346, 347, 348, 349]. 

The quantity of fresh charge trapped by the engine is an indication of the potential level of 
work output for a given AFR, as the air must be consumed to generate useful work. At low 
speed, the UB100 build tended to have better volumetric efficiency than the other builds, so 
it could be expected that this build would require a lower intake manifold density for a given 
airflow, or enable greater EGR consumption for the same intake manifold density and 
airflow rate. Figure 3-16 and Figure 3-17 show intake manifold density and airflow for the 
UB100 build is similar to the other builds, but Figure 3-10 confirms the EGR rate is higher 
at low engine speeds. 

Figure 3-17 also makes the high torque output of the UB100 build interesting, as the higher 
output is not due to the engine ingesting a greater quantity of fresh air. This implies the 
UB100 build is either trapping more charge than the other builds, considered unlikely as it 
has equal or greater valve overlap, particularly in the 3000 rev/min – 4000 rev/min range 
(Figure 3-11), or this build is able to generate useful output from the charge more efficiently, 
which is supported by Figure 3-18. 

 

 

Figure 3-16: Intake Manifold Pressure vs. Engine Speed 
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Figure 3-17: Airflow vs. Engine Speed 

In most conditions the Ultraboost engines consume more fresh air than the AJ133 engine, 
implying these engines use airflow less efficiently than the AJ133, as brake output is often 
similar. This is shown clearly in the brake-specific air consumption, Figure 3-18, and offers 
further evidence of a heavy dependence on scavenging with the Ultraboost engine builds. 

 
Figure 3-18: Brake-specific Air Consumption vs. Engine Speed 

3.4. Knock Performance 

The possibility to scavenge throughout the majority of the torque curve could be expected 
to lead to good combustion phasing within knock limits. Figure 3-19 shows how close to the 
knock limit each build was running – the UB100 build, which also had the lowest volumetric 
efficiency and lowest pressure differential between the exhaust and intake manifolds at high 
engine speed, is the most knock limited. Figure 3-20 shows maximum cylinder pressure 
was always below the design limit of 150 bar, indicating that knock is the factor limiting 
spark advance. 
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The knock classification follows Jaguar Land Rover criteria, which specifies a knocking 
cycle as one in which the peak knocking pressure exceeds the threshold of 1 bar per 1000 
rev/min. The peak knocking pressure is calculated as the absolute difference between the 
recorded instantaneous cylinder pressure and the average of the low-pass filtered cylinder 
pressures from the last 100 cycles. The low-pass filter used a Butterworth filter with a pass 
frequency of 1 kHz and a cut-off frequency of 4 kHz. 

Typical borderline knocking condition would have 2% to 5% of knocking cycles in the set of 
300 recorded cycles, but Figure 3-21 shows that for the Ultraboost builds typically between 
10% and 30% of cycles were knocking, with at least one cylinder on occasion reaching 
almost 70% of cycles classified as knocking (the error bars indicate the spread in proportion 
of knocking cycles across all cylinders). Therefore, the recorded power curve data for all 
builds can be considered to be knocking heavily. Figure 3-22 shows a typical breakdown of 
the proportion of knocking cycles by cylinder for one of the builds. There is no consistent 
trend across engine speeds for one cylinder to be the most, or least, knock-sensitive, 
although in this particular instance Cylinder 4 is often not knocking, while the other three 
cylinders are. In this case, Cylinder 4 shows the lowest knocking frequency and the lowest 
knock peak, despite having higher gross IMEP observations than the other cylinders and 
showing comparable levels of coefficient of variation of IMEP. Despite the apparently high 
IMEP, Cylinder 4 did not show the consistently highest maximum cylinder pressure or 
highest rate of pressure rise. Cylinder 4’s exhaust port temperature was higher than 
average, but in line with other port temperature measurements. 

Because the trend for the lowest knock to on Cylinder 4 is not consistently seen across all 
engine builds and EGR is introduced far upstream of the intake ports, it is considered 
unlikely that the reduced prevalence of knock on this cylinder is related to variations in 
cylinder-to-cylinder cooling or EGR distribution, and more likely that the influence of intake 
and exhaust manifold design or injector-injector variation is leading to differences in in-
cylinder AFR between the cylinders for this particular engine build. Unfortunately, this 
hypothesis cannot be proven from the existing data. 

Figure 3-23 shows an example of the distribution of knocking cycles for a particular engine 
build and operating condition. The majority of cycles have peak knocking values of relatively 
low magnitude, but there are occasional cycles with exceptionally high knock. The influence 
of these rare, but high-magnitude, events is to increase the mean knocking pressure above 
the mode, meaning the average knocking pressure is often experienced by less than 50% 
of cycles. For this build and operating condition, as for the UB100 build at 1000 rev/min 
shown in Figure 3-24 which is exhibiting approximately 70% of cycles knocking on at least 
one cylinder, Cylinder 4 tends to have more cycles with higher knocking pressures, which 
may be related to variations in residual gas content or in-cylinder AFR in this cylinder 
compared to the average. For the UB100 build presented in Figure 3-23 and Figure 3-24, 
the log exhaust manifold could have led to increased restriction further down the length of 
the engine, preventing Cylinder 4 from evacuating its contents as effectively during the 
exhaust stroke. In turn, this could have led to increased residual gas and hotter end-gas 
conditions, meaning when knock occurred, it was more aggressive. However, the variation 
which may also have been caused in in-cylinder AFR due to breathing changes may have 
prevented Cylinder 4 from becoming significantly more prone to knock than the other 
cylinders. That Cylinder 4 (and often Cylinder 3) have higher in-cylinder pressures during 
the exhaust stroke than Cylinder 1 or Cylinder 2 has been confirmed from the UB100 build 
from the indicated data. 

Comparison with the UB200 data in Figure 3-22 confirms there is no consistently poor 
cylinder for knock, further supporting the assumption of stochastic knocking behaviour 
across the engine, rather than a tendency for one build or one cylinder to be more or less 
limited than the others. 



Chapter 3 – Review of Original Ultraboost Full Load Results 

Niall Turner Page 90 of 327 University of Bath 

 
Figure 3-19: Knock Peak vs. Engine Speed 

 

 

Figure 3-20: Maximum Cylinder Pressure vs. Engine Speed 
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Figure 3-21: Proportion of knocking cycles 

 

Figure 3-22: Knock Frequency for each cylinder vs. engine speed 

(UB200 build) 
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Figure 3-23: Histogram of knocking pressures (5500 rev/min, UB100 - 

Turbo Only build) 

 

Figure 3-24: Histogram of knocking pressures (1000 rev/min, UB100 

build) 

Figure 3-25 shows that these high levels of knocking pressure are experienced despite 
significant levels of enrichment, particular for the UB100 build, and considering 
approximately 10% EGR is being used for most of the power curve. However, the levels of 
enrichment for any of these builds are significantly reduced compared to the AJ133 engine, 
so the Ultraboost engine still represents a real improvement in fuel economy, as depicted 
in Figure 3-26. 

Although clear differences between BSFC are apparent in Figure 3-26, direct comparisons 
are difficult to make, as the brake torque at a given speed varies between engine builds. 
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Figure 3-25: Lambda 

 
Figure 3-26: Brake specific fuel consumption 

 
3.5. Combustion Phasing and Duration 

The BSFC from Figure 3-26 shows the UB100 build is considerably more efficient below 
5000 rev/min than the other builds. This suggests the UB100 build has either a substantially 
more efficient thermodynamic cycle, or has reduced pumping, friction or ancillary losses 
compared to the other builds. The UB200 build has to drive the mechanical supercharger 
at low engine speeds, which will have increased the ancillary losses for that build, but the 
other two builds should have similar levels of friction and parasitic loss. From Figure 3-12, 
the UB100 build rarely has the most beneficial pressure differential, meaning pumping loss 
is also unlikely to be the reason for the low fuel consumption. PMEP is around 0.2 bar better 
for the UB100 build than for the UB100 – Turbo Only build. This difference could account 
for approximately 0.6% of the total work and therefore a similar BSFC improvement, but this 
is not enough to explain the difference seen in Figure 3-26. 
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Figure 3-27 shows the location of 50% mass fraction burned (MFB50) is in many cases 
similar for all of the builds. The error bars relate to the earliest and latest average MFB50 
across the four cylinders, as calculated from the 300 cycles recorded at each point. 

At lower speeds, the UB100 build often has the most advanced combustion phasing while 
achieving target torque, in keeping with higher cylinder pressures, higher average knocking 
pressures and higher frequency of knocking cycles. The turbo-only build is more advanced 
below 3000 rev/min as the load and peak cylinder pressures are so much lower. Between 
4000 rev/min and 5000 rev/min, combustion phasing (identified by average MFB50), peak 
cylinder pressures and average knocking pressures are reasonably similar between builds. 
The increased knock sensitivity of the UB100 build is abundantly clear at 6500 rev/min, 
where the average MFB50 is significantly retarded, yet the knocking pressure is the highest 
for this build. This may be further evidence of high levels of residual gas with this build, first 
suggested by the lower volumetric efficiency compared to the other builds (Figure 3-10). 

 
Figure 3-27: Location of 50% Mass Fraction Burned vs. Engine Speed 

 

Figure 3-28: Combustion duration (10% - 90% mass fraction burned) vs. 

Engine Speed; raw data 
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Figure 3-29: Spark Timing vs. Engine Speed 

 

Figure 3-30: Early Flame Development period (Spark Timing to 10% 

MFB) vs. Engine Speed 

The similarity of the 50% mass fraction burned locations across the builds also suggests 
that combustion phasing is not the main reason for the higher brake output of the UB100 
build, particularly at 4000 rev/min, where the UB100 build is the most retarded. Another 
reason for higher cycle efficiency could be that the combustion event was completed more 
quickly, however, the higher EGR rates of the UB100 build might be expected to slow 
combustion down and increase thermodynamic losses. Figure 3-28 shows that above 3000 
rev/min, the UB100 build is the slowest-burning. However, Figure 3-28 also suggests very 
slow combustion at lower engine speeds for the other engine builds, with a very high degree 
of spread between cylinders for the UB200 build. Without changes to valve events which 
could impact charge motion, intake manifold density, exhaust system pressure or EGR rate, 
there is no obvious reason why combustion duration should increase until 2000 rev/min 
before reducing to a local minimum, and then increase again at higher engine speeds. 
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The monotonic trend illustrated by the UB100 data is more typical, recognising a trade-off 
between turbulent flame speed, which typically increases with engine speed, and reduced 
time available for the flame to traverse the combustion chamber. In the absence of a gross 
engine build error, such as incorrect intake valve installation, a cam tappet or valve failure 
or a camshaft manufacturing error, or a gross operational error, such as a blocked intake 
port or poorly installed intake manifold, it is also unlikely that the cylinders would 
demonstrate such large differences in combustion duration. Therefore, a measurement 
artefact, such as an error with polytropic coefficients, a pegging error or TDC offset error is 
expected to be responsible for this data (see Chapter 3.6). 

Figure 3-29 shows that the UB100 build tended to have a greater spark advance than the 
other builds, while Figure 3-30 shows that the UB100 build also took the longest for the 
flame to develop (indicated as the location of 10% mass fraction burned, MFB10). The 
slower flame development may, in part, be explained by the more advanced spark timing, 
meaning combustion was initiated under less favourable temperature and pressure 
conditions, but equally it may be because of the higher rates of recirculated exhaust gas 
[304, 309]. Further, both spark advance and flame development periods increase 
monotonically with engine speed for the UB200 build. For similar locations of MFB50, an 
earlier spark timing is indicative of a slower combustion event, and a slower flame 
development period is also closely correlated with a slower combustion event [131]. 
Therefore, the UB200 build could be expected to have faster combustion than the UB100 
build at low engine speeds, so Figure 3-29 and Figure 3-30 both support the assumption 
that the combustion duration for the UB200 build in Figure 3-28 is erroneous.  

The late combustion phasing for the UB100 build at high speed may have caused higher 
exhaust temperatures (shown in Figure 3-31), which would also explain the enrichment 
observed in Figure 3-25. However, the observed increase in exhaust temperature with the 
UB100 build is expected to be predominantly due to the use of the uncooled log manifold 
instead of the water-cooled 4-into-1 manifold used on the turbocharged builds. 

 
Figure 3-31: Exhaust Manifold Temperature vs. Engine Speed 
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3.6. Polytropic Coefficient Analysis 

To enable real-time processing of the combustion data, it is necessary to specify the 
polytropic coefficient of expansion in advance (instead of calculating it in real-time). 
Inaccurate reporting of this value can lead to substantial error in the reported location of the 
90% mass fraction burned (MFB90), which can then lead to a similarly substantial error in 
the reported combustion duration. To understand if the combustion duration results as 
originally reported from the Ultraboost test data are reliable, the indicated data was post-
processed to re-calculate the polytropic coefficients of compression and expansion which 
seemed to offer the best fit to the measured cylinder pressures. 

The results are shown in Figure 3-32 and Figure 3-33. Error bars reflect the highest and 
lowest values calculated for any cylinder over any of the 300 recorded cycles. To calculate 
these values, a window of -80 °CA to -30 °CA aTDCf was assumed for compression, as the 
earliest spark timing was approximately -25 °CA aTDCf and the latest intake valve closing 
was approximately -100 °CA aTDCf. The latest MFB90 from the raw data appeared to be 
approximately 45° aTDCf, and the earliest EVO was approximately 120° aTDCf, so a 
window of 70° to 110° aTDCf was used to calculate the polytropic index of expansion. These 
windows ensured that the polytropic calculations are only conducted when valves are 
closed. 

The figures show that, despite some variability, all three engine builds had average 
polytropic coefficients of compression between 1.29 and 1.32 across the engine speed 
range. These values are assumed to be reasonable, considering the ideal ratio of specific 
heat for air is 1.4 but this is lowered by the addition of fuel and the effect of heat loss during 
compression. However, during the expansion process, it appears that the UB100 engine 
had a much higher polytropic coefficient than the turbo-only and UB200 builds. The UB100 
build had a polytropic coefficient of around 1.33 across the speed range, while the other 
builds had polytropic coefficients of around 1.23. 

As the effect of heat loss during expansion is to increase the polytropic coefficient, to 
achieve observed values of approximately 1.23, the gas would have to be extremely hot. 
To attempt to quantify the necessary temperatures, some crude combustion calculations 
were undertaken using temperature relationships for specific heat capacity from NIST [231] 
for a number of lambda conditions with assumptions on the level of CO to CO2 ratios and 
assuming a water-gas-shift constant of 3.5. The results are shown in Figure 3-35, and 
suggest that achieving an observed value of 1.23 should be impossible without average 
temperatures in excess of 2200 K. As the exhaust temperature at the end of the expansion 
stroke is of the order of 1300 K (see Figure 3-31), a polytropic index of 1.23 is considered 
unfeasible. The value of ~1.33 observed with the UB100 build could be feasible, but would 
suggest a high level of heat loss. 

An inaccurate polytropic coefficient of expansion may indicate an error with top-dead-centre 
location, or an issue with cylinder pressure pegging, or may suggest a loss of linearity with 
cylinder pressure, perhaps due to distortion of the diaphragm in the sensor as a result of 
heavy knock (already identified as having occurred), or thermal shock of the sensor. 

Figure 3-34 shows that the comparatively high level of variability seen in the polytropic 
coefficient of expansion for the UB200 build is mostly due to Cylinder 4, which typically 
recorded much higher values than the other three cylinders. However, the other cylinders 
produced observed indices of as low as 1.2, already considered to be impractically low. A 
large spread in polytropic index is not expected between cylinders, and no clear physical 
explanation can be provided as to why only one of the engine builds should be affected in 
this manner. Therefore, sensor errors are suspected to be the primary cause of these 
inconsistencies. 
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If the indicating system was subject to pegging pressure offsets, curvature in the logarithmic 
pressure-volume relationship would be present at the start of the compression stroke, while 
an incorrect value for the compression ratio and therefore an incorrect volume at TDC would 
show up as curvature towards the end of the compression stroke, any of which may affect 
the polytropic index of compression [346]. If the sensor is subject to thermal shock, the 
indicated absolute pressures and indicated mean effective pressures will be reduced, and 
will recover as the sensor cools down through the expansion and intake strokes [347, 348], 
meaning the apparent change in pressure with expansion is different to reality – Stein et 
al.’s work [347] showed the calculated polytropic index of expansion tends to increase with 
thermal shock, which may explain why the UB100 data is greatly increased compared to 
the other builds. 

Kuratle and Märki [349] show how a high level of short-term drift (thermal shock) can lead 
to this same phenomenon of apparent heat release late into the expansion stroke, and can 
also markedly affect the calculated pumping losses. They suggest that the effect of knock 
is to typically heat the sensor more than ‘standard’ combustion, leading to an increase in 
the short-term drift. Given the level of knocking combustion seen on each build, one may 
expect the UB100 build to suffer more than the other builds at low speed, which may further 
explain why its calculated index is so much greater than the others at low speed. 

Davis and Patterson [350] show the effect of a pegging error on the calculated values for 
the polytropic indices, and show how they influence the locations of burned mass fractions, 
typically increasing the error most at the later mass fractions, an error compounded when 
using forced values for the indices. However, the polytropic index of compression appears 
much more sensitive to a pegging error than the polytropic index of expansion, therefore it 
seems difficult to justify a pegging error as the reason for a large error in the calculation of 
the expansion index when the compression index seems reasonable. 

Figure 3-22 showed that Cylinder 4 for the UB200 build was typically less prone to knock 
than the other cylinders, which may, when coupled with the above discussion regarding 
thermal shock and indicating system errors, explain why Cylinder 4 also generally showed 
the highest polytropic coefficient of expansion. 

If the burn durations are re-calculated using the calculated polytropic coefficients (thereby 
attempting to remove any error from discrepancies between the assumed and apparent 
values), the trends of all engine builds become much more similar, although for the UB100 
build, burn durations are somewhat extended, see Figure 3-36. This might be explained by 
increased residual gas content in the case of the UB100 build, due to its use of the log 
exhaust manifold with generally higher restriction, or the increased level of EGR used at 
lower engine speeds for this build. 

Given the similarities in load, boost pressure, location of MFB50 and valve events between 
the engine builds (excluding the turbo-only build below 3000 rev/min and the UB100 build 
above 5000 rev/min), there seems little justification for substantial differences in burn 
duration between builds, and the use of EGR across more of the speed range for the UB100 
build would be expected to lead to longer burn durations. Therefore, the UB100 data is 
considered the most reliable, as only small differences were noted between the original and 
post-processed observation combustion metrics. 
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Figure 3-32: Polytropic coefficient of compression vs. engine speed 

 

Figure 3-33: Polytropic Index of Expansion vs. Engine Speed 
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Figure 3-34: Polytropic Index of Expansion for each Cylinder (UB200 

build) 

 

Figure 3-35: Ratio of specific heats vs. temperature 
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Figure 3-36: Burn duration vs. engine speed (calculated polytropic 

coefficients) 

To justify the use of mass fraction burned data, even though there are unresolved queries 
over the indicated cylinder pressures, the reader is referred to Stein et al. [347], who showed 
that despite a severe amount of thermal strain, the calculated 0% - 10% burn duration was 
unaffected, and the 10% - 90% burn duration was only affected by 1° crank angle. Similarly, 
Davis and Patterson [350] showed the effect of pegging errors on burn locations were of 
small magnitude, so long as the pegging errors were below approximately 20 kPa. 
Therefore, the burn durations calculated via the post-processed polytropic coefficients 
should still be reasonable, even if the polytropic indices themselves are questionable. 

3.7. Combustion Stability 

As described previously [131, 339], ideal combustion durations (as judged by the period 
between 10% and 90% of mass fraction burned) tend to be between 15 and 20 crank 
angles, with combustion stability and average IMEP degrading rapidly as combustion 
durations tend towards 30 crank angles. Figure 3-37 shows that the UB100 build fails to 
achieve the targeted combustion stability at high speed, as judged by the average 
coefficient of variation of IMEP across the four cylinders. A 3% limit is typically applied, 
although 5% may be acceptable in some circumstances (depending on how perceptible the 
stability is to the driver, which will depend in part on the driveline frequencies and level of 
isolation and between the powertrain mounts and the cabin). Therefore, for reasonable 
driveability, the IMEP of the UB100 build at 6500 rev/min should arguably be reduced from 
the observed value to enable a greater level of spark advance within knock limits, which 
would allow a reduction in combustion duration and an improvement in combustion stability. 
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Figure 3-37: Combustion Stability vs. Engine Speed 

 

Figure 3-38: Coefficient of variation vs. engine speed (UB100 build) 
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More in-depth analysis shows that Cylinder 2 is the main reason for the poor combustion 
stability with the UB100 build (Figure 3-38). Performance of all cylinders is very similar up 
to 5000 rev/min, but Cylinder 2 degrades compared to the others at 6500 rev/min. This 
same phenomenon is not seen with the turbo-only or UB200 builds (which each showed 
worst-case coefficient of variation of IMEP for any cylinder at any speed of less than 4%), 
where combustion stability remains similar across all cylinders across the engine speed 
range. The loss of combustion stability is likely related to a combination of the retarded 
combustion phasing and increased enrichment experienced by the UB100 build compared 
to the other builds, and the degradation of one cylinder in particular may indicate an issue 
with maldistribution of air, residual gas content, EGR or fuel across the cylinders with the 
UB100 build. 

Researchers at MIT [131, 155] have shown that later spark timing tends to increase 0% – 
10% burn duration and as 0% – 10% burn duration increases, so does 10% - 90% burn 
duration. Beyond a critical value (40 °CA for 0% - 10% burn duration, or 35 crank angle 
degrees for 10% - 90% burn duration), combustion stability becomes very poor. Although 
burn durations of these magnitudes were not observed, the worsened combustion stability 
of the UB100 engine relative to the other builds is in line with the later combustion phasing 
(Figure 3-27) and longer combustion duration (Figure 3-36). 

3.8. Emissions 

Further insight into the combustion process is sought by exploring the measured exhaust 
gas constituents. Figure 3-39 shows that the turbo-only build starts with a higher exhaust 
oxygen concentration than the UB100 build, but the two builds have similar oxygen 
concentrations beyond approximately 4000 rev/min. All builds have significant levels of 
oxygen present in the exhaust gas below 4000 rev/min, despite running at or very close to 
stoichiometric AFR. The slightly lean (lambda = 1.05) operating conditions of the UB200 
build around 3000 rev/min, driven by the positive pressure difference between intake and 
exhaust manifolds and a large amount of valve overlap, are obvious in the oxygen spike at 
the same speeds in Figure 3-39. 

 

 
Figure 3-39: Exhaust Oxygen Concentration vs. Engine Speed 



Chapter 3 – Review of Original Ultraboost Full Load Results 

Niall Turner Page 104 of 327 University of Bath 

 

Figure 3-40: Exhaust Carbon Monoxide Concentration vs. Engine Speed 

CO levels are also high, at between 2% and 3% at 1000 rev/min. Concentrations then 
generally decline with increasing engine speed (and increasing exhaust gas temperature – 
see Figure 3-31). The UB200 build shows an increase in CO around 3000 rev/min, where 
lambda and O2 also increase. When lambda drops below unity, CO increases rapidly. Figure 
3-41 shows that exhaust oxygen and carbon monoxide levels are closely related – nearly 
all tests collapse onto a single trend, which shows that high CO levels are associated with 
low O2 levels and a minimum in CO is found with an exhaust concentration of O2 around 
0.5%. Lower O2 levels are associated with a steep increase in CO. One reason for the 
decreasing trend in both O2 and CO with engine speed, as shown in Figure 3-39 and Figure 
3-40, could be that the increasing exhaust temperature (Figure 3-31) enables more CO 
oxidation when the reaction is rate-limited [351]. 

This implies at least one of two possible scenarios. In one scenario the charge is very poorly 
mixed, such that pockets of rich mixture and pockets of unburned oxygen remain throughout 
the combustion process, to the point that oxygen levels of 2% in the exhaust are possible. 
This would also imply no more than 98% of the fuel could be burned (assuming a nominally 
stoichiometric mixture). In the second scenario, the engine is scavenging and running rich 
in-cylinder to compensate, providing the exhaust with both fresh oxygen and carbon 
monoxide, neither of which are fully consumed before reaching the emissions analyser’s 
sample probe in the exhaust line. 
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Figure 3-41: CO vs. O2 

In this case, the reaction rate would be determined by the concentrations of O2, CO and the 
exhaust temperature. As the lambda sensor reacts to oxygen concentration and registers a 
value close to unity across the majority of the speed range, the oxygen present at the 
emissions sampling probe must be being consumed before it reaches the lambda sensor, 
suggesting a considerable level of post-combustion oxidation is occurring in the exhaust 
system. 

The level of post-combustion oxidation may also explain some of the unburned hydrocarbon 
(THC) trends seen in Figure 3-42. The turbo-only build has more valve overlap, but it also 
has a much lower BMEP and exhaust temperature than the other builds below 3000 rev/min. 
The lower differential pressure caused by the lower engine load (Figure 3-12) could be 
expected to cause less scavenging and require less in-cylinder enrichment, yet O2, CO and 
THC are all highest for this build at these speeds. This might indicate that the loss of 
reactivity from the lower temperature is highly significant for this engine build. Similar 
reasoning could explain the exhaust gas emissions concentrations of the UB200 build below 
1500 rev/min – it is perhaps unexpected that oxygen concentration and unburned 
hydrocarbon concentrations both increase, but the exhaust gas temperature of the UB200 
build at 1000 rev/min is much lower than the equivalent condition for the UB100 build, 
suggesting reduced post-combustion oxidation in this case. 
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Figure 3-42: Exhaust Total Hydrocarbon Concentration vs. Engine 

Speed 

 

Figure 3-43: Exhaust oxides of nitrogen concentration vs. engine speed 

The relatively high concentration of oxides of nitrogen (NOx) seen below 3000 rev/min with 
the UB200 engine build in Figure 3-43 requires some explanation. Combustion phasing is 
more retarded than with the other builds (Figure 3-27), boost pressure and airflow is similar 
to other builds (Figure 3-16) and peak cylinder pressure appears lower than with other builds 
(Figure 3-20), although caution is advised in case the sensor is suffering from thermal 
shock. Peak combustion temperature could therefore be expected to be lower for the UB200 
build than for the other builds, which may be expected to reduce NOx relative to the other 
builds. Looking to the literature, oxides of nitrogen are formed from a combination of time 
at sufficiently high temperature and oxygen concentration [351, 352]. Newhall and Starkman 
[351] show that lean combustion forms more NOx than rich combustion, a finding verified 
by Eyzat and Guibet [352], and Eyzat and Guibet also find that NOx formation drops with 
increasing combustion duration to a point, and then begins to rise again, as the more 
elongated combustion provides more time for reactions to occur and can compensate for 
the reduction in peak combustion temperatures. 
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The UB200 build runs slightly leaner than the other builds, as evidenced by the lambda 
values seen in Figure 3-39 and Figure 3-40. It also runs less valve overlap and lower 
volumetric efficiency below 3000 rev/min (Figure 3-11), meaning there may be less in-
cylinder enrichment for this build compared to the UB100 build, which would support the 
low CO emissions in Figure 3-40. An in-cylinder mixture nearer stoichiometric conditions, 
but which could still leave a slight oxygen excess in the exhaust, may have both high 
temperature and higher oxygen concentrations during combustion, which may explain the 
high NOx emissions for this build at low speed. This may also explain the retardation in 
combustion phasing for this build observed in Figure 3-27. However, further work to 
understand the in-cylinder processes in more detail would be required to confirm this 
hypothesis. 

3.9. Combustion Efficiency 

The combustion efficiency can be calculated as: 

1 ' -.�/0[112]0 × 105 6 × (789: × ;/<789: + .0%[%]100 × >?06 × (@A × ∆/@AC × 29DEF(9DE2789:F × ;/<789:  

Equation 8 

Where: 

Mfuel = 10.64 kg/kmol; MCO = 28 kg/kmol; Mexh = 28.8 kg/kmol; LHVfuel = 43, 062 kJ/kg; C is 
the number of carbon atoms present in each fuel molecule (C = 6.05 for this fuel); THC is 
the measured (wet) concentration of total unburned hydrocarbons (on a C1 basis) in the 
exhaust gas; CO is the measured (dry) concentration of carbon monoxide in the exhaust 
gas; ∆/@A = 283 kJ/kmol; 29DEF  = the mass flow rate of exhaust gas (calculated from the 
stoichiometric air/fuel ratio, lambda and measured fuel flow rate). 

DWC is the wet/dry correction to account for the water vapour in the exhaust gas, calculated 
from the measured dry carbon monoxide and carbon dioxide concentrations, fuel 
hydrogen/carbon molar ratio and specific humidity in accordance with EEC 2016/1628 
Annex 7 as below: 

>?0 = . 11 + /0$ × 0.005 × �0%[%] + 0%I[%]� ' 1.608 × /�1000 + 1.608 × /�6 × 1.008 

Equation 9 

Where: 

HCR is the fuel hydrogen-to-carbon molar ratio (HCR = 1.83636 in this case); CO2 is the 
measured (dry) carbon dioxide concentration in the exhaust gas; Ha is the specific humidity 
in the intake air, measured in grams of water per kg dry air. 

Figure 3-44 shows that combustion is relatively incomplete for the UB100 builds, and still 
somewhat incomplete even when the mixture was slightly lean of stoichiometric, as for the 
UB200 build. The two UB100 builds clearly show incomplete combustion at low engine 
speeds, despite running at nominally stoichiometric air/fuel ratios, with combustion 
efficiency as low as 92% at 1000 rev/min for the UB100 build. This is further evidence of 
rich in-cylinder conditions and supports the claim that the relatively high NOx emissions and 
low CO emissions of the UB200 build are caused by burning more of the fuel, leading to 
higher in-cylinder temperatures. 
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This is particularly relevant when considering the sample probe on which these efficiency 
calculations are based is located downstream of the exhaust manifold in an environment 
containing unburned hydrocarbons, carbon monoxide and oxygen i.e. the calculated 
combustion efficiencies are likely to be optimistic, attributing any heat release in the exhaust 
system upstream of the sample probe to in-cylinder combustion. Rich in-cylinder conditions 
could also aid knock mitigation, due to faster flame speeds (provided the in-cylinder 
enrichment is not excessive) and lower combustion temperatures. This might explain why 
the turbo-only build is capable of more advanced combustion phasing than the UB200 
engine build, particularly at low engine speeds, as shown by Figure 3-27. 

While these observations may further point to differences in the combustion processes 
between the engine builds, any conclusions are clouded by the variations simultaneously 
observed in valve timings, valve overlaps, manifold pressure levels and EGR rates, 
therefore further investigation would be required to separate these effects from each other. 

 
Figure 3-44: Combustion Efficiency vs. Engine Speed 

Another indicator of rich in-cylinder conditions and poor combustion efficiency would be any 
evidence of exothermic behaviour in the exhaust system. Figure 3-45 shows the 
temperature rise between the average exhaust port temperature and the observed exhaust 
manifold temperature. Some temperature rise is expected, as the gas in each port spends 
approximately 75% of the cycle relatively stationary, losing heat to the walls, and therefore 
its time-averaged value is typically lower than the exhaust manifold, which is constantly 
being replenished with hot, recently-exhausted gas. This difference would be expected to 
reduce with increasing engine speed, as there is less time for heat loss to occur, and all 
observed temperatures should approach the true temperature of the gas.  However, the 
discrepancy of over 100 °C, and often in excess of 200 °C, is very high, considering the 
relatively short distance between the exhaust port and exhaust manifold thermocouples. 

For context, Figure 3-45 also shows the temperature reduction over the turbine for the turbo-
only build (unfortunately this temperature difference was not available during testing with 
the UB200 build) as work is extracted. There is less than 150 °C extracted over the turbine 
at any speed, and the difference is even slightly negative at 2000 rev/min. Figure 3-46 
calculates the work extraction from the turbine, and shows that over 50 kW can be extracted 
with less than 150 °C temperature change, meaning the difference in temperature between 
the exhaust ports and the exhaust manifold is sufficient to account for approximately 50 kW 
– or more – of heat addition. 
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Figure 3-46 also shows the ratio of apparent compressor power to turbine power. One would 
expect the turbine to generate slightly more power than the compressor consumes to 
account for losses in the centre housing and heat transfer, yet often the compressor power 
appears higher than the turbine power. This may be due to high levels of heat transfer from 
the turbine housing to the compressor artificially inflating the level of compressor power 
consumed, measurement error in the exhaust thermocouples, or may indicate exothermic 
behaviour in the exhaust system between the turbine temperature sensor locations. 

 
Figure 3-45: Temperature change in exhaust system 

 

Figure 3-46: Turbine power (UB100 – turbo only build) 
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3.10. Chapter Conclusions 

To summarise: 

• The Ultraboost engine achieved over 34 bar maximum BMEP and approximately 
140 kW/litre, in part by utilising EGR in conjunction with high levels of valve overlap 
and scavenging throughout the speed range. This is evidenced by volumetric 
efficiency in excess of 100% and a worsened BSAC relative to the AJ133 engine. 

• The proportion of knocking events was high, with typically between 10% and 20% 
of cycles exceeding the peak knocking pressure threshold at rated power 

• There is evidence of post-combustion oxidation, judged by levels of temperature rise 
present in the exhaust system. It is consequently likely that the calculated 
combustion efficiency is being over-estimated. 

• The indicating system shows unexpectedly low values calculated for the polytropic 
coefficient of expansion, possibly suggesting issues with the indicating system, for 
example the presence of thermal shock. 

• Some builds showed evidence of unexpected in-cylinder pressure behaviour prior 
to intake valve closure on some cylinders and during the combustion event. More 
detailed study to identify potential causes is required. 

A one-dimensional simulation model and/or further test work aiming to separate several of 
these correlated variables may further explain some of these conclusions. 
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4. Ultraboost Performance and Knock Studies 

Given the importance of correctly predicting the knocking behaviour for accurate 
performance simulation of an engine, and given the analysis in Chapter 3.4 which identified 
the Ultraboost engine was experiencing high levels of knock, further studies on the knocking 
behaviour of the Ultraboost engine have been undertaken. A more systematic analysis 
should enable more accurate estimation of the knock limit for the Ultraboost combustion 
system and should aid separation of several of the confounded effects present in the original 
measured full load performance, such as effective compression ratio, scavenging, EGR and 
in-cylinder enrichment. 

This chapter is broken down into a more careful exploration of the original knock results first 
shown in Chapter 3.4, followed by the results of experimental studies undertaken to isolate 
several of the specific effects which could be contributing to the engine’s observed knock 
robustness. The key variables are then identified from these analyses. Then, as the purpose 
of this thesis is to explore the influence of swept volume and compression ratio on engine 
performance, some limited studies exploring the knock performance as a consequence of 
changes to compression ratio and swept volume are presented. 

4.1. Detailed UB100 Full Load Torque Curve knock results 

Typically, as described previously, the knock limit is typically considered to be when 2% of 
cycles, on average across all cylinders, are knocking. With only 2% of cycles exceeding 1 
bar per 1000 rev/min, the mean knocking pressure is normally far below the threshold. 
However, for the majority of the early Ultraboost work, the knock limit was considered to be 
reached only when the mean knocking pressure reached 1 bar per 1000 rev/min (Figure 
3-19). As shown in Figure 3-23 and Figure 3-24, the distributions of peak knocking pressure 
are often lognormal with the majority of cycles having lower-than-average peak knocking 
pressures, but with the mean knocking pressure being increased above the median peak 
knocking pressure by a modest number of cycles with very high peak knocking pressures. 
Consequently, if the engine is operated such that the mean knocking pressure is set equal 
to the knock threshold, it could be expected that a little under half of all cycles are above 
the knock threshold. 

Retrospective analysis of the recorded cylinder pressure data showing the number knocking 
cycles for each cylinder for each engine speed is presented in Table 2 below. 

Engine 
Speed 

(rev/min) 

Percentage of knocking cycles (%) 

Cylinder 1 Cylinder 2 Cylinder 3 Cylinder 4 Average 

1000 51 38 35 71 49 
1500 45 26 52 17 35 
2000 23 5 9 6 11 
2500 41 5 11 14 18 
3000 27 5 29 27 22 
5000 13 42 6 10 18 
6500 20 27 56 26 32 

Table 2: Percentage of knocking cycles, UB100 test data 

Table 2 shows that there is significant variation in the number of knocking cycles between 
cylinders and engine speeds. In every case the proportion of knocking cycles is in excess 
of 2%, sometimes considerably so, but is also often less than 50%. 

 



Chapter 4 – Ultraboost Performance and Knock Studies 

Niall Turner Page 112 of 327 University of Bath 

Knocking cycles are often fast-burning cycles, indicated by either a much earlier 50% burn 
location (MFB50), or by a markedly reduced 10% - 90% burn duration (MFB1090). However, 
it is also unlikely that every fast-burning cycle will knock. As knock is a highly stochastic 
process, some of the fast-burning cycles may be able to consume the remaining fuel in the 
end gas before there has been sufficient time for knock to occur, or the conditions of the 
end gas may be slightly more or less favourable to knock, based on the particular properties 
and distribution of residual gas and hot spots at the start of each cycle. 

To assess these trends, the 300 cycles for each data point were binned into burn durations 
and MFB50 locations. If the hypothesis is correct, it would be expected that the faster or 
earlier the combustion, the higher the proportion of knocking cycles within that bin would 
be. However, by splitting the 300 cycles into multiple bins, the sample size of any individual 
bin is reduced and as neither MFB1090 nor MFB50 are uniformly distributed, there is 
unlikely to be a consistent sample size between bins. 

The knocking frequency was regressed against MFB50 and MFB1090 separately to confirm 
the presence and statistical significance of any correlations. A stronger correlation was 
observed between knocking frequency and MFB50 than MFB1090 – it was typically seen 
that if the MFB50 location occurred beyond a certain crank angle, no knock was observed, 
whereas it was still possible for cycles with a slow burn to knock. An example is shown in 
Figure 4-1, where the criteria for knocking combustion (2% of cycles, on average) is met 
when the combustion phasing (MFB50 location) is less than 28 °CA aTDCf. Although all 
cylinders show similar behaviour, the risk of small sample sizes is also apparent in the data 
for Cylinder 1 at 27 °CA, where 100% of cycles with this combustion phasing are knocking 
– interrogation of the source data shows that of the 300 cycles recorded for this operating 
point, Cylinder 1 only experienced one cycle with a combustion phasing of 27 °CA, which 
happened to be knocking. 

The cumulative proportion of knocking cycles, where each cycle can take one of only two 
values (knocking or not knocking), is well described by a binary logistic function (Figure 4-2, 
using the data from Cylinder 4 in Figure 4-1), which can then be used to develop statistical 
estimates for the combustion phasing which will result in a 2% probability of experiencing 
knocking combustion. 

 

 
Figure 4-1: Knocking cycles vs. MFB50 (UB100 build, 1000 rev/min) 
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Figure 4-2: Example binary logistic fit (UB100 build, 1000 rev/min, 

Cylinder 4) 

There is also a correlation between burn location and combustion duration, which could be 
important for future simulation studies. This is expected from relationships between charge 
motion and combustion duration and the decay of turbulent kinetic energy with time. 
However, this correlation is relatively weak, with the MFB50 location accounting for between 
30% and 50% of the variation seen in combustion duration. From the regression model, 
there was an increase in the average combustion duration of around 0.5 °CA for every 1 
°CA retardation in MFB50 location, but the standard deviation of burn duration was often 
between 1 °CA and 2 °CA. This means the change in combustion duration due to retarded 
combustion phasing is essentially masked by cyclic variation. Armed with this knowledge, 
it is reasonable to assume that if combustion is retarded, the likelihood of knocking is 
reduced, but the burn duration can be reasonably assumed to remain constant. 

The binary logistic statistical models developed from the knock frequency data for each 
cylinder for each engine speed generally showed good agreement to test data, with 
adjusted Pearson correlation coefficients, denoted as R2(adj), values frequently in excess 
of 90% (Figure 4-3). However, there were also examples of poorer fits, particularly for 
cylinders 3 and 4 at 5000 rev/min. On average, the R2(adj) value across all speeds and 
cylinder was around 82%, which is considered a very acceptable level of correlation to justify 
the use of this regression approach. If all cylinders are grouped together (thereby assuming 
similar knock response to MFB50 location across all cylinders) to increase the sample size, 
the regression improves to an average of almost 95%. 

This implies that it should be appropriate to predict the onset of knocking combustion by 
adjusting the combustion phasing of a single heat release profile for each engine speed. 
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Figure 4-3: R2(adj) vs. engine speed and cylinder for knock frequency 

(UB100 build) 

 

Figure 4-4: Estimated knock-limited combustion phasing from observed 

data (all cylinders) 

The estimated MFB50 location for borderline knock (2% knocking frequency) predicted from 
these models is between 3 and 11 °CA retarded from the MFB50 location observed during 
the UB100 full load work. These trends are presented in Figure 4-4 and suggest that 
observed measurements were generally quite far into the knocking region, particularly at 
high and low engine speeds. The shape of the curve reflects the typical balance between 
the time required for autoignition of the end gas to occur and the effect of higher end gas 
temperatures; at low engine speeds there is adequate time for knock to be initiated, while 
at high engine speeds the higher end gas temperatures lead to lower ignition delay periods. 
The end gas tends to be hotter at higher engine speeds due to the increased temperature 
and potentially larger proportion of residual gas in the initial charge, and because there is 
less time for heat transfer out of the end gas in each cycle. Therefore, low and high engine 
speeds tend to require more combustion retardation to protect against knock than 
intermediate engine speeds, where neither effect is as extreme. 
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Review of the combustion data also enables an estimation of the observed crank angle of 
knock onset. As researched by Giles [344], it is difficult to confidently identify the onset of 
knock, but a typical metric which is used is the ‘threshold value exceeded’, in which a 
threshold of 70% of the maximum amplitude of pressure oscillation (MAPO) is applied and 
it is assumed that knock occurs as soon as the high-pass filtered cylinder pressure exceeds 
this value. 

With this threshold set, the cylinder pressure data can identify the onset of knock for each 
cylinder for each cycle where knock occurred. In keeping with the stochastic nature of 
knock, there is a reasonable amount of variation in the point of knock onset (standard 
deviations typically in the range of 2 °CA to 4 °CA), but this is still a useful analytical tool. 
The mean location of knock onset is tabulated below. 

 Crank Angle of Knock Onset (°CA aTDCf) 
Engine 
Speed 

(rev/min) 
Cylinder 1 Cylinder 2 Cylinder 3 Cylinder 4 Average 

1000 26 24 26 24 25 
1500 24 23 22 24 23 
2000 25 26 24 25 25 
2500 23 22 21 22 22 
3000 20 21 18 19 19 
5000 16 13 17 17 14 
6500 27 27 26 26 27 

Table 3: Average point of knock onset, UB100 test data (average is weighted by total number 

of knocking cycles) 

It is apparent that even if there is a reasonable amount of variation within each of the data 
sets, the mean location of knock onset is relatively consistent across cylinders. Cylinder 2 
initially seemed to have an early onset of knock at 1000 rev/min, at 16 °aTDCf. However, 
careful review of the data showed that the angle of knock onset for this cylinder at this speed 
had a bimodal distribution, with a substantial number of cycles showing an angle of knock 
onset always exactly at 6.4 °CA aTDCf. This coincides with the spark timing used for this 
data point, and subsequent analysis of the high-pass-filtered data showed the presence of 
an abrupt noise spike over approximately 0.2 °CA at the same time as the spark, with the 
normal combustion noise following later. Although the noise was not present on every cycle, 
it was assumed this noise spike was due to electrical interference with the ignition system 
and the analysis was re-run over a shorter time window to exclude this effect. The re-
calculated values are presented in Table 3. At 5000 rev/min, it appears that the earlier onset 
of knock on Cylinder 2 is a genuine result. 

To review, it has been shown from the raw data that cycles with an earlier MFB50 are the 
cycles most likely to knock. When knock does occur, the angle of knock onset is reasonably 
consistent on average, but with a standard deviation of up to 4 °CA. 

When aiming to simulate combustion behaviour in one-dimensional tools, it is common to 
use the ensemble-averaged cylinder pressure to calculate heat release and ensure the 
model reflects the average performance of the engine. However, this approach cannot then 
simulate cyclic variability, so it cannot represent this stochastic tendency to knock – the 
single simulated heat release rate either will or will not experience knock. Given the 
consistency in the average angle of knock onset and the generally high correlation achieved 
with the binary logistic models, it is reasonable to assume that when simulating the original 
Ultraboost performance, the calibrated simulation model should transition from a non-
knocking to a knocking cycle at approximately the same combustion phasing as results in 
a knock frequency of 2% from the raw data. 
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4.2. Performance Investigations (1991 cc 9:1 compression ratio) 

As described previously, the original UB100 test data had some particular complexities 
related to uncertain levels of scavenge flow and in-cylinder enrichment and was already 
operating beyond the borderline knock condition, making it difficult to be certain any knock 
model tuned to this data has captured the true knock threshold of this engine architecture. 
To understand the knocking behaviour of the engine in more detail, and to separate several 
of the confounded variables, a test programme was developed to explore the impact of 
varying valve timings and valve overlap, intake manifold pressure, exhaust system 
restriction, coolant temperature and spark timing. This test programme aimed to provide a 
comprehensive set of experimental data against which to robustly tune a knock model. 

One notable difference between the engine build used for this study and that used to capture 
the original UB100 performance data is the move from the original log exhaust manifold to 
the water-cooled 4-into-1 design for this testing. This change was made due to the 
performance issues noted with the log manifold, described in Chapter 3.1. The 4-into-1 
design enables higher performance, partly from the inclusion of water-cooling. 

Engine testing was undertaken using the same equipment as described in [1], [344] and 
[353]. Most testing was undertaken at 2000 rev/min, where residency time for the unburned 
charge is high but the BMEP is also high. This operating condition was expected to make 
the engine prone to knock and is of a similar engine speed to some of the literature on LSPI 
[285] but is slightly faster than a lot of the studies, which were undertaken between 1250 
rev/min and 1800 rev/min [279, 281, 282, 292, 294]. Originally a lower engine speed was 
desired, but issues related to the mechanical durability of the supercharger clutch made 
testing at lower speeds impractical. By testing at moderate engine speed, the engine’s 
cooling system is not being put under as much duress as if testing had been undertaken at 
higher power, but existing literature had already highlighted dependencies between LSPI 
and coolant temperature at low engine speed, so this test regime was considered 
acceptable for knock studies. As enrichment is unnecessary at lower engine speeds, for 
these tests the engine speed was increased to 4000 rev/min. 

For each test, charge cooler outlet pressure, charge cooler outlet temperature, valve timings 
and exhaust system pressure were kept constant, meaning charge quantity is broadly 
consistent within each test, and spark timing is swept to provide the effect of combustion 
phasing on torque and knock behaviour, thereby allowing direct observation of the knock-
limited spark advance (KLSA), instead of needing to infer it via statistical regression, as in 
Chapter 4.1. 

4.2.1. Experimental Design 

Due to the number of variables, the experimental design employed was not a full factorial 
approach. Concerns with a non-linear knock response and sparse coverage of the design 
space, led to a one-factor-at-a-time (OFAT) approach, with the anticipation that a one-
dimensional engine thermodynamic model would be able to offer further insight perhaps not 
initially visible from the observations. The experiment was configured as described below. 

Independent Variables (set for each test) 

• Engine Speed 
• Intake valve phasing 
• Exhaust valve phasing 
• Coolant flow rate 
• Charge cooler outlet pressure 
• Exhaust system restriction 
• Coolant temperature 
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Intake manifold temperature was maintained at nominally 40 °C throughout testing. During 
each test, spark timing was swept to capture the knock response. By fixing intake manifold 
pressure and valve timings for each test and varying spark timing, the volumetric efficiency 
and trapped charge quantity is held approximately constant for each test, but brake torque 
output varies with spark timing. This approach was expected to assist with tuning of the 
knock model by enabling clear identification of the knock threshold for each intake manifold 
pressure and charge trapping condition and enabling some separation of intake manifold 
pressure from peak cylinder pressure and temperature. 

Where possible, in instances where changing boundary conditions caused changes in 
torque output for a given combustion phasing (such as when changing intake valve 
phasing), tests at multiple intake manifold pressures were conducted to provide data with 
similar brake torque output at similar combustion phasing. However, test equipment and 
time limitations, coupled with an unknown knock-limited spark advance (KLSA) prior to 
running the test, meant that this was not always possible or efficacious. The results 
presented below include only those tests which provided the most direct comparisons to 
show the effect of a particular variable. A high intake manifold pressure was desired to 
deliver high load and ensure knock-limited performance, but which also enabled moderately 
advanced spark timing without excessive knock. A nominal pressure of 240 kPa abs (static) 
was chosen, which provided between 75% and 80% of the intake manifold density observed 
during the original Ultraboost full load performance tests. This is expected to provide a 
nominal BMEP of around 25 bar, based on the 32 bar observed during the Ultraboost full 
load testing. 

4.2.2. The effect of varying coolant temperature 

As the Ultraboost engine was derived from a V8 architecture, which therefore provided 
sufficient inter-bore space to accommodate the offset second bank, one possible 
explanation for the observed knock performance was that the inter-bore coolant flow and 
heat transfer capability of this engine was better than would typically be experienced in an 
inline engine. This was hypothesised to make the Ultraboost engine more robust to knock. 

Tests were conducted at a range of valve timings and valve overlaps, and at a range of 
intake and exhaust system pressures, however, similar sensitivity of knock to coolant 
temperature was observed in all cases. The results presented herein can be taken as 
indicative of the results under all tested conditions. 

The particular variable settings for the presented test are: 

Engine speed rev/min 2000 ± 2 
External EGR % ≤ 0.5 

Exhaust manifold coolant flow rate litres/min 26 ± 1 

Coolant temperature (top hose) °C 
90 ± 1; or 
95 ± 1; or 
100 ± 1 

Intake camshaft phasing (MOP) °CA aTDCf 510 (0 °CA advance) 
Exhaust camshaft phasing (MOP) °CA aTDCf 234 (0 °CA retard) 

Intake manifold temperature °C 40 ± 2 
Intake manifold pressure kPa abs (static) 240 ± 2 

Exhaust manifold pressure kPa abs (static) 220 ± 2 
Table 4: Engine setpoints for assessing the effect of coolant temperature on knock behaviour 
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4.2.2.1. The effect of coolant temperature on load 

Under the conditions tested, coolant temperature appeared to have no noticeable effect on 
the load which could be achieved for a given combustion phasing, and, although a clear 
influence of combustion phasing on brake-specific fuel consumption (BSFC) was observed, 
no clear trend on gross indicated thermal efficiency (GTE) or BSFC as a consequence of 
coolant temperature was observed, see Figure 4-5. It is possible a greater influence would 
have been seen under higher engine speed conditions, when levels of heat transfer and 
component temperatures are generally increased. At a little under 18 bar, BMEP was much 
lower than the nominal 25 bar expected, but camshaft timings are also very different to 
those used during the Ultraboost testing. This will be explored later. 

4.2.2.2. The effect of coolant temperature on emissions 

The increased coolant temperature did have an observable impact on cylinder head metal 
temperature, with the exhaust valve bridge temperatures increasing by approximately the 
same amount as the coolant temperature. The higher temperatures correlate with an 
increase in combustion efficiency (calculated using Equation 8), driven by a decrease in 
hydrocarbon emissions. It could be that the higher fluid and metal temperatures led to a 
reduction in the thickness of the quench layer in the charge and a reduction of the density 
in crevice volumes, allowing combustion of more of the fuel. Concentrations of O2 and CO 
in the exhaust system were broadly unchanged at around 0.7% ± 0.1% and 0.5% ± 0.1% 
respectively. The change in combustion system temperature was not sufficient to cause any 
notable change in NOx emissions, Figure 4-6, which remained between approximately 3300 
ppmv and 4000 ppmv. 

Figure 4-6 also shows that combustion efficiency improved and hydrocarbon emissions fell 
as combustion was retarded. This is consistent with less charge being forced into crevice 
volumes due to lower peak cylinder pressures with retarded combustion phasing, or could 
be associated with increased temperatures and opportunity for oxidation later in the 
expansion stroke. 

4.2.2.3. The effect of coolant temperature on combustion and knock 

Coolant temperature had no noticeable impact on the spark timing required for a given 
combustion phasing (denoted by MFB50) or on the average burn duration. Combustion 
duration is seen to be closely correlated with combustion phasing. There was also little 
impact of coolant temperature on the average knock peak (judged by the maximum 
amplitude of pressure oscillation), but at 100 °C coolant temperature the average knock 
frequency did show a minor increase compared to lower coolant temperatures. At most, the 
increase in coolant temperature from 95 °C to 100 °C retarded KLSA by approximately 1 
°CA, for a threshold of 2% average knock frequency. 

The conclusion is that coolant temperature at low speed is, at most, a minor contributor to 
the observed knocking behaviour of this engine. This is despite a fairly large spread in valve 
bridge temperatures across the length of the cylinder head, expected to be due to the 
longitudinal flow of coolant in the cylinder head.  For more details on these findings, the 
reader is directed to the paper by Asif et al. [353], to which the author contributed. 
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Figure 4-5: Influence of coolant temperature on engine output 

 
Figure 4-6: Influence of coolant temperature on emissions 
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Figure 4-7: Influence of coolant temperature on combustion and knock 

 

4.2.3. The effect of varying coolant flow rate 

A further investigation to assess the effect of coolant flow rate on knock was undertaken. 
The coolant flow rate was reduced in an attempt to reduce the heat transfer and elevate 
temperature in the inter-bore space. However, the maximum reduction in flow rate was 
relatively modest – around 20% - to prevent any unintended film boiling risk, particularly as 
only a global reduction in coolant flow rate could be enacted and this coolant flow also fed 
the water-cooled exhaust manifold. Without undertaking 3D computational fluid dynamics 
studies to understand how marginal the cooling capacity around the engine was under the 
test conditions, it was not known in advance of the testing how significant this reduction in 
flow would prove to be. 

During testing it became apparent that this variation in flow rate was insufficient to drive any 
observable change in knock behaviour of the engine. To protect the engine, further 
reductions in flow rate were not sought. It is concluded that coolant flow rate is also only a 
minor contributor to the engine’s knock resistance at this speed, however, it is also 
recognised that the impact may have been more significant at higher engine speeds, or if 
coolant flow rate had been further reduced. 

Consequently, the use of V8 bore spacing is not found to be a significant determinant of the 
Ultraboost engine’s knock behaviour.  

More details can be found in the paper by Asif et al. [353], to which the author contributed. 
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4.2.4. The effect of exhaust back pressure 

Exhaust system pressure was suspected of having a strong influence on the original 
Ultraboost performance results, as the achieved performance between the UB100 build and 
UB200 build differed considerably at the highest speeds. The selected turbo was very large, 
which enabled a low cylinder pressure during the exhaust process, the ability to scavenge 
the engine and very high volumetric efficiencies across the engine speed range (Figure 3-10 
and Figure 3-12). It is expected that a higher exhaust restriction would have led to increased 
pumping losses and increased residual gas concentrations, limiting the engine’s ability to 
fill the cylinder with fresh charge, while making that charge hotter and more prone to knock, 
particularly if the residual gas contained high levels of nitrogen oxide (NO) [240]. 

To investigate this, a series of tests was conducted with increasing exhaust restriction, 
ranging from considerably below the intake manifold pressure to higher than the intake 
manifold pressure. The other boundary conditions were as set out in below. In the graphs, 
exhaust pressure is presented rounded to the nearest 5 kPa, but the actual values observed 
during experiment are detailed more accurately in Table 5. 

Engine speed rev/min 2000 ± 1 
External EGR % ≤ 0.5 

Exhaust manifold coolant flow rate litres/min 25.5 ± 1 
Coolant temperature (top hose) °C 90 ± 2 
Intake camshaft phasing (MOP) °CA aTDCf 480 (30 °CA advance) 

Exhaust camshaft phasing (MOP) °CA aTDCf 254 (20 °CA retard) 
Intake manifold temperature °C 41 ± 3 

Intake manifold pressure kPa abs (static) 238 ± 1 

Exhaust manifold pressure kPa abs (static) 
163 ± 2; or 
218 ± 1; or 

278 ± 1 
Table 5: Engine setpoints for assessing the effect of exhaust pressure on knock 

4.2.4.1. The effect of exhaust back pressure on load 

Exhaust pressure can be seen to have a substantial effect on engine load, shown in Figure 
4-8. The back pressure is seen to increase pumping losses (PMEP) broadly in proportion 
to the change in pressure differential between manifolds i.e. by around 0.6 bar for every 60 
kPa increase in exhaust manifold pressure (0.6 bar being between 5% and 6% of the brake 
output). However, the brake output of the engine is reduced by more than this amount. This 
is related to volumetric efficiency, also shown in Figure 4-8, which drops by around 4% for 
every 60 kPa increase in exhaust manifold pressure. This reduction in fresh charge could 
be expected to reduce work output commensurately, and when the increased pumping work 
is considered as well, brake output could be expected to fall by around 10% for the same 
combustion phasing between the highest and lowest exhaust system pressures tested. 

This magnitude of reduction is broadly what is seen, although in some cases (retarded 
MFB50), the loss is more pronounced. The BSFC data shows an increase broadly in line 
with the change in PMEP, implying the change in pumping loss is the primary factor driving 
the increase in specific fuel consumption. 

At the most advanced spark timings tested, BMEP is close to the targeted 25 bar, indicating 
performance in line with the Ultraboost engine running at reduced intake manifold density. 
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Figure 4-8: The influence of exhaust back pressure on engine load 

4.2.4.2. The effect of exhaust back pressure on emissions 

As was seen for the higher coolant temperature setpoint, the increase in exhaust system 
pressure tends to lead to more complete combustion (Figure 4-9), again driven by a 
reduction in hydrocarbon emissions. As previously, it is postulated this is due to a reduction 
in the quantity of charge in crevice volumes and thinner quench layers, this time driven by 
an increase in the bulk charge temperature, rather than an increase in the temperature of 
the metal surfaces in the combustion system. Unfortunately, emissions data was missing 
from the measurements with the highest exhaust system pressure, making it difficult to 
ascertain if the slight increase in NOx emissions observed with 220 kPa exhaust system 
pressure indicates a trend to higher emissions, caused by higher bulk charge temperatures. 
Confirming the observation that the change in BSFC is dominated by the change in pumping 
work, the observed gross indicated thermal efficiency (GTE) is similar for each exhaust 
system pressure at a given combustion phasing, although arguably higher exhaust system 
pressures improves combustion efficiency and marginally increases GTE. 
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Figure 4-9: influence of exhaust back pressure on emissions 

4.2.4.3. The effect of exhaust back pressure on knock 

The knock results in Figure 4-10 show that the burn duration increases slightly with 
increasing exhaust system pressure, attributed to an increase in residual gas content. Spark 
timing is broadly unaffected, perhaps showing a slight reduction in spark advance 
necessary at retarded combustion phasing when exhaust pressure is increased, also in 
keeping with hotter trapped charge temperatures. The knock-limited combustion phasing is 
retarded by about 2 °CA over the course of these tests, suggesting the engine has a 
sensitivity to exhaust system pressure. Furthermore, the knock limit is retarded while the 
load is simultaneously reduced, so the effect of exhaust pressure on the knock limit at 
equivalent load could be expected to be significantly more than the 2 °CA observed. 
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Figure 4-10: Influence of exhaust pressure on knock 

4.2.5. The effect of intake camshaft timing 

One factor expected to have a significant impact on the knock behaviour of the engine is 
the intake camshaft timing. This is expected to influence the knock behaviour via two 
primary mechanisms: firstly, the later intake valve closing (IVC) timings caused by less 
camshaft advance should reduce the effective compression ratio of the engine, resulting in 
lower pressure and temperature at the end of compression, enabling a more advanced 
knock-limited spark timing; secondly, for the same intake manifold density (as was the case 
in these tests), a later IVC timing will reduce the quantity of mass which can be trapped and 
thereby the quantity of fuel which can be burned for a given air/fuel ratio, reducing the load 
on the engine and reducing the likelihood of knock occurring. Performance changes with 
increased density to compensate for later IVC is assessed in Chapter 4.2.9. 

For the following tests, the engine was controlled as laid out in Table 6 below. 

Engine speed rev/min 2000 ± 1 
External EGR % ≤ 0.5 

Exhaust manifold coolant flow rate litres/min 25.5 ± 0.5 
Coolant temperature (top hose) °C 90 ± 2 

Intake camshaft phasing (MOP) °CA aTDCf 
510 (0 °CA advance); or 

480 (30 °CA advance); or 
450 (60 °CA advance) 

Exhaust camshaft phasing (MOP) °CA aTDCf 234 (0 °CA retard) 
Intake manifold temperature °C 38.5 ± 0.5 

Intake manifold pressure kPa abs (static) 238 ± 1 
Exhaust manifold pressure kPa abs (static) 218 ± 2 

Table 6: Engine setpoints for assessing the effect of intake cam timing on knock 
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Exhaust camshaft phasing was kept in its nominal condition (i.e. earliest exhaust valve 
opening, EVO, and exhaust valve closing, EVC) to minimise the amount of overlap and limit 
the opportunity for scavenging. Intake camshaft phasing was swept through its range i.e. 
from no advance through to approximately 60 °CA advance. Two sets of observations were 
recorded with minimum overlap, which provides some insight into test-to-test consistency. 

4.2.5.1. The effect of intake camshaft timing on load 

The reduction in trapped mass from later IVC is apparent in Figure 4-11 when camshaft 
advance is reduced from 60 °CA (the most advanced phasing) to 30 °CA, causing a later 
IVC and lower effective compression ratio. The volumetric efficiency reduces by around 8 
percentage points, which is of the expected magnitude, given the cylinder volume at IVC. 
BMEP is reduced by a similar amount (around 9%). PMEP is only slightly worsened, and 
BSFC is approximately unchanged. BMEP is only close to the nominal 25 bar value when 
running with maximum advance, confirming the importance of intake valve timing as a 
tuning parameter to achieve high load from the engine. 

Moving from 30 °CA camshaft advance to no advance also significantly affects the engine 
load and breathing characteristics. Volumetric efficiency drops by almost 20 percentage 
points and brake output drops by around 25%. The change in volumetric efficiency is in 
excess of that expected from the influence of IVC timing on cylinder volume, suggesting 
residual gas content is also increased in this case, or losses across the intake valve become 
more important. Pumping work increases from a 0.15 bar contribution to the indicated 
engine output (around 0.6%) to a loss of IMEP by a similar amount (now worth 
approximately 0.8%) over the same range of camshaft advance. 

 
Figure 4-11: The effect of intake camshaft timing on load 

In other words, the majority of the drop in load (20%) can be attributed to impaired cylinder 
filling, with a further small fraction (1% - 2%) due to increased pumping losses. 
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4.2.5.2. The effect of intake camshaft timing on emissions 

There are no clear trends on the effect of intake cam phasing on hydrocarbon emissions or 
GTE, suggesting the magnitude of these effects is within the margin for measurement error 
(Figure 4-12). This is corroborated by the two tests with no camshaft phasing applied, which 
show a difference of approximately ±0.3% in combustion efficiency and approximately 
±0.7% in thermal efficiency (at 95% confidence). It is reasonable to conclude that 
combustion efficiency is broadly unchanged as a consequence of intake camshaft phasing 
without valve overlap and that there is no significant change in GTE between 60 °CA and 
30 °CA of intake camshaft advance, but there is a significant change in GTE when moving 
between 30 °CA advance and no advance. NOx emissions also reduce when moving from 
30 °CA advance to no advance, with little difference between 30 °CA and 60 °CA of intake 
camshaft advance. 

Between 1% and 2% of the performance loss can be attributed to the reduction in gross 
indicated thermal efficiency. Despite the delay in starting compression with later IVC, the 
incremental compression work [161] caused by the most retarded IVC is calculated to be 
only 2 J, while the indicated work in total for the cycle is close to 900 J. Therefore, the 
change in GTE caused by the change in compression work is minor. As exhaust valve timing 
is unchanged, expansion losses from EVO to BDC are similar. 

More detailed analysis of the source of the indicated efficiency losses highlights increased 
combustion losses (i.e. deviation from the ideal isochoric heat addition) as the main source 
for this difference in indicated efficiency. Deviations from isochoric combustion account for 
between 0.5% and 1% more of the apparent heat released for the case with no camshaft 
advance, compared to the 30 °CA or 60 °CA camshaft advance cases. BSFC is increased 
by around 5%, meaning the majority of the increase is attributable to the greater pumping 
and combustion losses. 

 
Figure 4-12: The effect of intake camshaft phasing on emissions 
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The reason for the drastic change in pumping losses between 0 °CA advance and 30 °CA 
advance is clear from Figure 4-13. With 30 °CA or 60 °CA camshaft advance, the intake 
valve opens early enough to allow the cylinder pressure to remain at a similar level to the 
intake manifold throughout the intake stroke. However, with the intake camshaft in its 
nominal position, the downward motion of the piston creates a significant depression in the 
cylinder during the initial part of the intake stroke while the intake valve is still opening, 
increasing the total work consumed during the intake process. The later IVC delays the start 
of the compression process, which starts somewhere around -170 °CA aTDCf for the most 
advanced camshaft phasing but does not start until approximately -110 °CA for the most 
retarded camshaft phasing. Consequently, cylinder pressures at the end of the compression 
stroke are seen to be lower with less advanced camshaft phasings. 

The most advanced intake camshaft phasing is also able to prevent a minor amount of 
recompression at the end of the exhaust stroke, which is present for the other cases, 
meaning it is only with the most advanced intake camshaft timing that there is any evidence 
of positive valve overlap. 

 
Figure 4-13: The effect of intake camshaft timing on cylinder pressure 

4.2.5.3. The effect of intake camshaft timing on combustion and knock 

Figure 4-13 also shows the heat release profiles, which clearly demonstrates the lower rate 
of heat release with the most retarded camshaft phasing, offering further evidence of an 
inefficient heat release process in this case. The literature highlights that use of both early 
and late IVC timings can result in a reduction in charge motion at the point of ignition. 
Coupled with increased ignition delay and lower burning velocities of the charge caused by 
the lower charge temperature, this could explain the poor maximum heat release rate 
observed with retarded intake camshaft timings. 
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Figure 4-14 offers further support for reduced flammability and impaired combustion as IVC 
is retarded, in the form of increased spark advance necessary for a given combustion 
phasing and a much slower combustion duration. KLSA is improved with later IVC, expected 
to be in part due to lower peak pressures and temperatures, but also due to the significant 
reduction in load and slower combustion. In keeping with the above comments on charge 
motion and combustion duration, combustion stability is also impaired as IVC is retarded, 
although combustion stability is always below the nominal threshold of 3% at the knock limit, 
only reaching the threshold at the most retarded combustion phasings tested. 

The change in MFB50 when retarding the intake camshaft from 60 °CA to 30 °CA is greater 
than the change seen when increasing exhaust pressure in Chapter 4.2.4, despite a similar 
reduction in load. This confirms the importance of intake camshaft timing and the potential 
for Miller cycle application as one of the key parameters to control knock on this engine. 
However, the poor combustion performance observed with the most retarded camshaft 
timing also highlights some of the challenges with applying aggressive Miller cycle 
strategies. 

 

 
Figure 4-14: The effect of intake camshaft timing on knock 
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Figure 4-15: The effect of intake camshaft timing 

on combustion stability 

 
4.2.6. The effect of exhaust camshaft timing 

The exhaust camshaft phasing may also impact engine performance and knock robustness, 
primarily through influencing the residual gas content and pumping work. As with the intake 
camshaft phasing, for these experiments intake camshaft phasing was kept at its nominal 
position to minimise positive valve overlap. The results with 0 °CA phasing on both intake 
and exhaust camshafts are as shown in Chapter 4.2.5; both sets of experimental results 
are again included to aid comparisons. Other engine setpoints are shown in Table 7 below. 

Engine speed rev/min 2000 ± 1 
External EGR % ≤ 0.5 

Exhaust manifold coolant flow rate litres/min 25.5 ± 0.5 
Coolant temperature (top hose) °C 90 ± 2 
Intake camshaft phasing (MOP) °CA aTDCf 510 (0 °CA advance) 

Exhaust camshaft phasing (MOP) °CA aTDCf 
234 (0 °CA retard); or 
258 (24 °CA retard); or 

282 (48 °CA retard) 
Intake manifold temperature °C 38 ± 1 

Intake manifold pressure kPa abs (static) 238 ± 1 
Exhaust manifold pressure kPa abs (static) 218 ± 2 

Table 7: Engine setpoints for assessing the effect of exhaust camshaft phasing on knock 

Exhaust camshaft phasing is shown in Figure 4-16 to have only a moderate impact on load 
until the camshaft is moved towards its maximum level of retardation. As the exhaust 
camshaft is retarded, volumetric efficiency is initially unaffected, but by maximum 
retardation, both volumetric efficiency and brake output have been reduced by 
approximately 5 percentage points. 

PMEP loss is increased by a little over 0.1 bar for the same range of camshaft retardation, 
equivalent to an increase from a little under 1% to nearly 2% of the gross indicated work, 
with the majority of the increase occurring over the last half of the retardation range. The 
change in observed BSFC over the range of exhaust camshaft retardation is between 1% 
and 2%, in keeping with the change in PMEP, but is within the range of measurement error. 
Maximum BMEP is near the 18 bar value seen with similar camshaft timings during the 
coolant temperature studies. 
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Figure 4-16: The effect of exhaust camshaft phasing on load 

The reason for the change in pumping work is made clear in Figure 4-17, which compares 
the energy losses from the loss of expansion work by opening the exhaust valve before 
BDC with the losses during the initial exhaust pumping work, considered to be blowdown 
losses. The blowdown loss is calculated as the energy expended between BDC and the 
crank angle where the cylinder pressure reaches the average pressure during the exhaust 
stroke. This analysis shows that with the most retarded camshaft timing, the expansion loss 
is very low, but the blowdown loss is considerably higher. Conversely, with the earliest 
camshaft timing, the expansion loss is high but there is negligible loss from the blowdown 
process. 

The net effect of the expansion and blowdown losses is that losses are highest when the 
camshaft is most retarded but are very similar whether the camshaft is not retarded at all, 
or whether is retarded by around half of its phasing range. The calculated losses of 70 J 
correspond to around 3% of the available fuel energy while losses of around 20 J 
correspond to a little under 1% of the available fuel energy, after correction for combustion 
efficiency. Relative to the gross indicated work, the exhaust losses with maximum 
retardation correspond to around 8% of the total work extracted, while the losses for the 
other camshaft phasings correspond to around 2% of the extracted work. This means the 
exhaust blowdown losses are an important contributor to the overall losses from the engine. 
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Figure 4-17: The effect of exhaust camshaft timing on exhaust process losses 

The expansion and blowdown losses do not explain the loss of volumetric efficiency with 
the most retarded camshaft phasing, and do not entirely explain the observed differences 
in pumping losses (which are ultimately a smaller proportion of the total engine work than 
would be expected from the calculations above). Some further insight is offered by Figure 
4-18, which shows the changes in expansion loss and blowdown work with exhaust 
camshaft phasing, but which also demonstrates some impact on recompression pressures 
at the end of the exhaust stroke. With the earliest exhaust camshaft phasing, EVC is around 
444 °CA, or 16 °CA before TDC. With the latest camshaft phasing, EVC is around 32 °CA 
after TDC, or -328 °CA in Figure 4-18. This means the exhaust valve is still open when the 
piston completes its exhaust stroke and starts its intake stroke, which means later EVC 
timing reduces or prevents recompression of the residual gas at the end of the exhaust 
stroke. It also means the cylinder volume is greater at EVC with maximum retardation than 
with the other camshaft phasings, and exhaust gas can flow from the exhaust manifold back 
into the cylinder before EVC.  The extra mass in the cylinder prevents the pressure drop 
seen at the start of the intake stroke with less retarded exhaust camshaft phasings, caused 
by late IVO (see Figure 4-13). It also means the cylinder contains more residual gas with 
the most retarded exhaust camshaft phasing and there is less swept volume with which to 
fill the cylinder with fresh charge. If the volumetric efficiency is corrected for the remaining 
swept volume between EVC and BDC, all exhaust camshaft phasings provide similar levels 
of volumetric efficiency. Therefore, the increased residual gas content from later EVC can 
be considered to be the reason for the lower volumetric efficiency observed in Figure 4-16 
when the camshaft is at its maximum retardation. 

With maximum retardation, the work expended during the final part of the exhaust stroke 
and initial part of the intake stroke is minimised, but this cannot compensate for all of the 
increase in blowdown loss shown in Figure 4-17, resulting in overall greater pumping losses 
for this camshaft phasing than for the others (Figure 4-16). 
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Figure 4-18: The effect of exhaust camshaft phasing on cylinder pressure and heat release 

The higher residual gas content may also explain the reduced peak rate of heat release and 
elongated heat release period shown in Figure 4-18, which supports the more advanced 
spark timing and slower burn durations for this camshaft phasing, displayed in Figure 4-19. 

Figure 4-19 also shows there is no significant change in combustion phasing at the knock 
limit for the different camshaft positions, but as the most retarded camshaft phasing is 
producing less load than the other camshaft phasings, there is in effect a reduction in the 
knock limit when the exhaust camshaft is very retarded, possibly due to the inferred increase 
in residual gas content. Combustion stability is unchanged when the exhaust camshaft is 
retarded by 24 °CA from its nominal position but is close to the nominal 3% limit under these 
conditions. However, when the camshaft is retarded by 48 °CA, combustion stability is 
worsened, and is around 3.5% at the knock threshold. 
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Figure 4-19: The effect of exhaust camshaft phasing on knock 

The impaired heat release process with maximum exhaust camshaft retardation also results 
in a lower peak cylinder pressure, as can be seen in the pressure-volume diagram of Figure 
4-18. The lower peak pressure, coupled with a greater residual gas content, causes lower 
NOx and lower hydrocarbon emissions but the highest gross thermal efficiency, shown in 
Figure 4-20. The increase in gross thermal efficiency is due to the reduction in expansion 
losses with retarded exhaust camshaft phasing. Combustion efficiency is also maximised 
with the latest exhaust camshaft phasing, but the observations are considered to be within 
the range of measurement error. High combustion efficiency is in line with reduced 
hydrocarbon emissions, which is consistent with reduced peak cylinder pressure. The lower 
peak pressure is assumed to cause less charge to be trapped in crevice volumes, however, 
the effect on hydrocarbon emissions and combustion efficiency is small. 

Detailed analysis of the thermodynamic losses from the cylinder pressure data implies that 
operating with no camshaft advance causes greater combustion losses than other cases, 
despite having the fastest heat release (Figure 4-18). A 1D simulation may be able to offer 
further insight on how much of this change in indicated efficiency is genuine, for example 
due to increased heat transfer resulting from the faster combustion. 

In conclusion, operating the engine with an exhaust camshaft timed to around the mid-point 
of its phasing range should result in minimal degradation of load, BSFC and knock margin. 
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Figure 4-20: The effect of exhaust camshaft phasing on emissions 

4.2.7. The effect of enrichment 

As discussed previously, enrichment is known to improve the knock limit of an engine and 
is suspected of being present during the original Ultraboost results, due to the use of high 
levels of scavenging while maintaining an apparently stoichiometric mixture in the exhaust. 
Enrichment may also improve the combustion process, up to a point, by increasing the 
laminar flame speed of the mixture, although excessive enrichment could reduce laminar 
flame speed and/or reduce work extraction by reducing cylinder pressures and 
temperatures through changes to thermodynamic properties. 

From the previous studies on intake and exhaust camshaft phasing, an exhaust camshaft 
retard of 20 °CA was used to avoid causing excessive thermodynamic cycle losses or 
creating too large an opportunity for positive valve overlap, and an intake camshaft advance 
of 30 °CA was used to balance cylinder filling and reduced pumping losses against creating 
positive valve overlap, which could lead to an in-cylinder air/fuel ratio which differs from the 
targeted quantity. With these valve timings, the nominal valve overlap at 0.5 mm lift is of the 
order of 10 °CA. 

The engine setpoints are laid out in Table 8. Intake manifold pressure was close to 230 kPa 
abs (static) when enrichment was utilised, but the testing with stoichiometric fuelling was 
unintentionally run at pressures nearer 225 kPa abs (static). However, the pressure 
difference between intake and exhaust manifolds remained similar to the other experiments. 
Exhaust manifold pressure was kept around 280 kPa abs (static) throughout, although was 
reduced by a similar amount as the intake manifold in the case of stoichiometric fuelling. In 
all cases the relatively high exhaust pressure should have prevented scavenging even with 
positive valve overlap. 
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The original Ultraboost full load data produced almost 35 bar BMEP at an intake pressure 
of 280 kPa abs (static). At 230 kPa abs (static), the nominal load at this condition could be 
assumed to be around 28 bar BMEP. 

Engine speed rev/min 4000 ± 1 
External EGR % ≤ 0.5 

Exhaust manifold coolant flow rate litres/min 62.5 ± 0.5 
Coolant temperature (top hose) °C 90 ± 1 
Intake camshaft phasing (MOP) °CA aTDCf 480 (30 °CA advance) ± 0.1 

Exhaust camshaft phasing (MOP) °CA aTDCf 254 (20 °CA retard) ± 1 
Intake manifold temperature °C 39.5 ± 0.5 

Intake manifold pressure kPa abs (static) 226 ± 3 
Exhaust manifold pressure kPa abs (static) 280 ± 6 

Table 8: Engine setpoints for assessing the effect of enrichment on knock 

4.2.7.1. The effect of enrichment on load 

As the engine is utilising direct injection, changes to the AFR under constant intake manifold 
pressure could result in changes to volumetric efficiency due to the latent heat of 
vaporisation of the extra fuel [166, 167]. This is observed, with the volumetric efficiency of 
the engine increasing by almost 2.5 percentage points as the mixture is enriched from 
stoichiometry to a lambda of 0.8, with the majority of the increase when enrichment is 
increased from 10% to 20% (Figure 4-21). At constant combustion phasing, brake output 
increases by around 5% with 10% extra fuel, before then dropping by 3% as the mixture is 
further enriched. The net increase of 2% for 20% enrichment vs the stoichiometric case is 
in line with the change in intake manifold pressure, and therefore the brake output of these 
cases can be assumed to be similar, meaning the 20% enrichment case cannot convert the 
increased volumetric efficiency into increased brake output. The increase in load with 10% 
enrichment is much larger than the change in volumetric efficiency or the change in intake 
manifold pressures, suggesting an influence on brake output above the effect of cylinder 
filling. The presence of the extra fuel is clear when looking at both the gross indicated 
thermal efficiency and brake specific fuel consumption, which shows a BSFC increase of 
8% for 10% enrichment and an increase of 25% for 20% enrichment. Gross efficiency 
reduces by 2.9 percentage points (a relative reduction of 8%) and 7.9 percentage points (a 
relative reduction of 20%) as the charge is enriched by 10% and 20% respectively. 

Attention is drawn to the minor change in volumetric efficiency shown in Figure 4-21 in the 
20% enrichment case at a combustion phasing of around 21 °CA aTDCf. Interrogation of 
the test data revealed that the two points with an MFB50 timing around 21 °CA aTDCf 
marked the highest and lowest exhaust manifold pressures observed in this test, with a 
difference of just over 2 kPa. On average, the volumetric efficiency of the engine was 0.1% 
higher at the more retarded combustion phasings. No changes were intentionally made to 
the calibration between these points and the time between logs was approximately 1 
minute. It is assumed that some amount of hysteresis or stiction in the control system 
resulted in a slight change in the exhaust butterfly valve blade angle between these points, 
causing the difference in cylinder filling between the earlier and later parts of this 
experiment. This change is seen to have had negligible effect on the brake output or 
efficiency of the engine. 

At less than 22 bar BMEP, the load achieved is considerably lower than may have been 
expected for the intake manifold pressure, which may indicate differences between the 
boundary conditions used for this test and those used during the original Ultraboost testing 
at this engine speed. 
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Figure 4-21: The effect of enrichment on load 

The changes in efficiency are not directly proportional to the change in fuelling and some 
further insight is available from the heat release profiles in Figure 4-22, which show the 
increase in peak heat release rate for the enriched cases. The effect of these changes in 
heat release profile is presented in Figure 4-23, where the 10% enrichment case can be 
seen to have the highest peak cylinder pressure and the largest maximum rate of pressure 
rise for a given combustion phasing. The 20% enrichment case is in most ways similar to 
the stoichiometric case, but with a slightly higher maximum rate of pressure rise. 

A slight change in the maximum rate of heat release and its location with a combustion 
phasing more advanced than 21 °CA aTDCf is observed, commensurate with the slight 
change in volumetric efficiency in Figure 4-21. However, peak cylinder pressure and its 
location appear to be unaffected. 

 

18 19 20 21 22 23 24 25 26 27 28
Average location 50% mass burned fraction [deg]

B
M

E
P

 [b
ar

]

19.0

19.5

20.0

20.5

21.0

21.5

22.0

22.5

Lambda setpoint = 1
Lambda setpoint = 0.9
Lambda setpoint = 0.8

18 19 20 21 22 23 24 25 26 27 28
Average location 50% mass burned fraction [deg]

V
ol

um
et

ric
 E

ffi
ci

en
cy

 [%
]

87

88

89

90

91

92

93

94

18 19 20 21 22 23 24 25 26 27 28
Average location 50% mass burned fraction [deg]

G
ro

ss
 T

he
rm

al
 E

ffi
ci

en
cy

 [%
]

24

26

28

30

32

34

36

38

18 19 20 21 22 23 24 25 26 27 28
Average location 50% mass burned fraction [deg]

co
rr

ec
te

d 
to

 4
3.

14
 M

J/
kg

 L
H

V
B

S
F

C
 [g

/(k
W

*h
)]

240

260

280

300

320

340

360

380



Chapter 4 – Ultraboost Performance and Knock Studies 

Niall Turner Page 137 of 327 University of Bath 

 
Figure 4-22: The effect of enrichment on cylinder pressure and heat release (MFB50 ~ 23 

°CA aTDCf) 

 
Figure 4-23: The effect of enrichment on peak cylinder pressure and rate of pressure rise 
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4.2.7.2. The effect of enrichment on emissions 

Given the similarity in work output to the stoichiometric case, the loss of gross thermal 
efficiency in Figure 4-21 seems relatively high for 20% enrichment (for equivalent output, 
an increase in fuelling of 20% would be expected to reduce the relative thermal efficiency 
by 17%, not the 20% observed). However, the extra fuel also impairs the combustion 
efficiency, meaning less of the fuel energy is available to do useful work. Figure 4-24 
confirms CO and hydrocarbon emissions increase with enrichment, as expected, causing 
combustion efficiency to reduce. With only 10% enrichment, the loss of combustion 
efficiency is less than 1%, but further enrichment to 20% enriched causes a loss of 4% 
combustion efficiency relative to the stoichiometric case. This loss of 4% of the available 
energy is sufficient to explain the remaining loss of gross indicated efficiency with 20% 
enrichment. 

 

Figure 4-24: The effect of enrichment on emissions 

Despite a tenfold increase, at approximately 1000 ppm, hydrocarbon emissions are likely 
to still be within an acceptable space velocity for a typical gasoline automotive catalyst 
system. However, CO emissions increase by a factor of approximately 33, and at nearly 7% 
of the dry exhaust volume flow it is highly likely that these space velocities would cause 
breakthrough on a typical catalyst. The exotherm associated with the oxidation of the 
copious levels of CO and hydrocarbons could also cause irreparable damage to the 
catalyst. Another very clear effect of enrichment is the reduction of NOx emissions by more 
than 50% with 10% enrichment and over 75% with 20% enrichment. The drop in NOx 
production would mean less oxygen could be produced via chemical reduction in the 
catalyst for subsequent oxidation of CO and hydrocarbons, further increasing the probability 
of breakthrough. 
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4.2.7.3. The effect of enrichment on combustion and knock 

The combustion benefits of some enrichment are highlighted in Figure 4-25. Running with 
lambda = 0.9 allows a reduction in spark advance for a given combustion phasing and 
results in the shortest burn durations, while further enrichment to a lambda of 0.8 returns 
spark advance and combustion phasing to values similar to the stoichiometric case. 
However, despite the similarities in the major heat release and combustion metrics between 
the stoichiometric and 20% enriched cases, it is very apparent that enrichment makes a 
significant difference to the knock-limited combustion phasing which can be achieved. 

Without enrichment, the most retarded timing tested was the borderline knock case, with 
MFB50 of around 25.5 °CA aTDCf. At this spark timing, combustion stability was also in 
excess of 3%, indicating this operating condition was on the limit of feasible operation for 
the combustion system. With 10% enrichment, despite achieving the highest brake load, 
the knock-limited MFB50 was advanced to just before 24 °CA aTDCf, while enriching to a 
lambda setpoint of 0.8 enabled the knock-limited MFB50 to be further advanced to around 
20.5 °CA aTDCf. Load was still higher at lambda = 0.8 than in the stoichiometric case, due 
to the change in intake manifold pressure. In every case, combustion stability was between 
3% and 3.5% at the knock limit, see Figure 4-26. Consequently, enrichment is confirmed as 
having a significant influence on the knock performance of the Ultraboost engine, albeit a 
factor that carries a hefty fuel consumption penalty and which would require further work to 
produce a viable calibration, considering aftertreatment implications. 

The burn duration in Figure 4-25 shows a sudden increase of over 0.6 °CA commensurate 
with the change in volumetric efficiency in the case of 20% enrichment, which is believed to 
be due to a slight change in exhaust system pressure, as described in Chapter 4.2.7.1. The 
increase in burn duration at this point was almost equally split between an increase in the 
10% - 50% mass fraction burned duration and the 50% - 90% mass fraction burned duration. 
The duration between spark and MFB10 was also increased in the case of observations 
with the higher exhaust pressure and lower volumetric efficiency. The spark was advanced 
in approximately 0.5 °CA steps for the majority of this test, but due to the increase in ignition 
delay and increase in both 10% - 50% and 50% - 90% burn durations, two test points 
showed very similar MFB50 locations of around 21 °CA aTDCf. 

It is assumed that the increase in exhaust pressure and reduction in volumetric efficiency 
represents an increase in residual gas content within the charge, leading to the reduction 
and slightly retarded maximum rate of heat release as well as the changes in combustion 
duration. A marginal increase in residual gas content may also explain the minor reduction 
in knock frequency also observed at this combustion phasing in Figure 4-25. 

However, as maximum cylinder pressure, combustion stability, brake load, thermal 
efficiency and emissions production appear unaffected by this minor change in volumetric 
efficiency, the entirely of the 20% enrichment experiment is still considered to provide a 
valid basis for comparison of the effects of enrichment. 
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Figure 4-25: The effect of enrichment on knock 

 

 

Figure 4-26: The effect of enrichment on 

combustion stability 
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4.2.8. The effect of EGR 

Another factor which may have affected the knock performance of the Ultraboost engine is 
its use of exhaust gas recirculation (EGR). Results of experiments from 2000 rev/min and 
4000 rev/min are presented below. All of the original Ultraboost engine builds were using 
EGR by 4000 rev/min, so 4000 rev/min was considered an acceptable speed at which to 
undertake testing for the efficacy of EGR, while results at 2000 rev/min were also 
undertaken for comparative purposes to the other parameters being assessed in this study. 
As with the lambda investigations, the intake camshaft was advanced 30 °CA from its 
nominal position and the exhaust camshaft was retarded 20 °CA from its nominal position 
to balance pumping losses, cylinder filling and valve overlap to keep the in-cylinder air/fuel 
ratio similar to that measured in the exhaust. Engine operating conditions are laid out in 
Table 9 below. In the figures, intake manifold pressures are denominated by the nominal 
pressure setpoint at the boost rig, but Table 9 provides the actual intake manifold pressures 
observed during experiments. 

Engine speed rev/min 2000 ± 1 4000 ± 1 
Exhaust manifold 
coolant flow rate litres/min 25.5 ± 0.5 62.5 ± 0.5 

Coolant temperature 
(top hose) °C 90 ± 1 

Intake camshaft 
phasing (MOP) 

°CA 
aTDCf 480 (30 °CA advance) ± 0.1 

Exhaust camshaft 
phasing (MOP) 

°CA 
aTDCf 254 (20 °CA retard) 

Intake manifold 
temperature °C 40 ± 1 

External EGR % ≤ 0.5 10 ± 0.1 ≤ 0.5 10 ± 0.2 
Intake manifold 

pressure 
kPa abs 
(static) 248 ± 0.2 268 ± 0.2 224 ± 1 228 ± 1 248 ± 1 

Exhaust manifold 
pressure 

kPa abs 
(static) 229 ± 3 247 ± 2 276 ± 2 287 ± 3 313 ± 2 

Table 9: Engine setpoints for assessing the effect of EGR on knock 

In all cases, the EGR was introduced upstream of the charge cooler, so was conditioned as 
part of the fresh charge and introduced to the intake manifold pre-mixed with fresh air, most 
closely replicating low-pressure, or long-loop, EGR (LPEGR). However, as testing was 
undertaken without an exhaust system catalyst, the chemical composition of the EGR most 
likely did not fully replicate a LPEGR system as would be found installed to a typical vehicle. 
When running at constant AFR and constant intake manifold density, EGR displaces fresh 
air and therefore oxygen from the charge, reducing the amount of fuel which can be burned 
and reducing load from the engine [322]. A reduced quantity of heat release would also be 
expected to reduce the propensity to knock and thereby improve the knock-limited spark 
advance. To address this, three tests were conducted at 4000 rev/min: one test at nominal 
intake manifold pressure without EGR; one test at similar intake manifold pressure but with 
10% EGR; and one test with 10% EGR but with elevated intake manifold pressure to bring 
the quantity of fresh air back to its original level. 10% EGR was used as this was the typical 
amount used during the original Ultraboost testing at 4000 rev/min (Figure 3-10). At 2000 
rev/min, the intake manifold pressure was elevated when running with EGR to compensate 
for the loss of fresh air. 
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4.2.8.1. The effect of EGR at 2000 rev/min 

To account for the loss of fresh air when running 10% EGR, the intake manifold pressure 
was elevated by a little under 10% to provide similar load at the knock limit. Exhaust 
manifold pressure was increased to maintain a consistent pressure differential across the 
cylinder. Ideally, a slightly higher intake manifold pressure would have been used to provide 
similar load at similar location of MFB50, however, the results are close enough to enable 
useful analyses to be conducted. 

Figure 4-27 shows that the volumetric efficiency of the engine (considering air and EGR at 
intake manifold conditions) is approximately equivalent whether or not EGR is being utilised, 
but the addition of EGR leads to a higher indicated efficiency and approximately 1.6% better 
BSFC for a given combustion phasing. The load achieved with this experimental setup is 
around 24 bar BMEP, which is below the load of 29 – 30 bar achieved by Remmert et al. 
[302], despite the use of higher intake manifold pressures in this case. The difference is 
attributed to the use of different valve timings in the two sets of experiments and 
considerably higher exhaust system pressure in this case (225 – 250 kPa abs in these 
experiments, vs. 145 kPa in [302]). A load of 24 bar BMEP is also relatively close to 
expectations, based on the intake manifold pressure tested and the relative performance of 
the original Ultraboost full load power curve. 

Figure 4-28 shows that this BSFC benefit is achieved despite a reduction in combustion 
efficiency, caused by an increase in hydrocarbon emissions with EGR. NOx emissions are 
reduced by around 40% with the inclusion of 10% EGR. CO emissions are also slightly 
reduced, in keeping with a reduction in dissociation and a shift towards higher proportions 
of CO2 with lower temperatures [214]. 

 

 
Figure 4-27: The effect of EGR on load (2000 rev/min) 
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Figure 4-28: The effect of EGR on emissions (2000 rev/min) 
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Figure 4-29: The effect of EGR on knock (2000 rev/min) 

 
Figure 4-30: The effect of EGR on cylinder pressure and heat release (2000 rev/min) 
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4.2.8.2. The effect of EGR at 4000 rev/min 

As expected, when EGR is introduced but intake manifold pressure is not adjusted for its 
presence, brake output from the engine drops by an amount commensurate with the amount 
of EGR (Figure 4-31). When intake manifold pressure is adjusted to compensate, brake 
output returns to its original level. When running elevated intake manifold pressure, the 
exhaust system pressure was also increased to maintain an approximately similar pressure 
differential across the engine. The volumetric efficiency (which is calculated to include both 
fresh air and EGR) is unchanged across all of these tests, confirming similar engine 
breathing in all cases. Of more interest, in contrast with the results at 2000 rev/min 
presented in Chapter 4.2.8.1, gross thermal efficiency is also unchanged by the presence 
of EGR or the change in intake manifold pressure, suggesting the introduction of this rate 
of EGR has not significantly altered the thermodynamic efficiency of the cycle in this case. 
Brake-specific fuel consumption (BSFC) perhaps shows a slight degradation when brake 
output is reduced, as might be expected for similar gross efficiency, similar pumping losses 
and similar levels of engine friction. The best BSFC results occurred when running EGR at 
elevated intake manifold pressure, but the differences are considered to be within 
measurement error. 

It is possible that at this engine speed, penalties associated with the use of EGR, such as 
slower combustion and reduced combustion efficiency, are no longer compensated by 
increases in specific heat capacity or the reduction in heat losses. 

BMEP is again low at this condition, at around 20 bar, compared to the nominal expectation 
of around 28 bar, based on the original Ultraboost full load results. 

 
Figure 4-31: The effect of EGR on load (4000 rev/min) 
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EGR slightly increases hydrocarbon emissions and consequently reduces combustion 
efficiency. This is expected to be due to an increase in quench layer thickness caused by a 
reduction in cylinder temperature during combustion, and a reduction in oxygen 
concentration in the unburned charge making flame propagation more difficult near the 
walls, where heat loss is likely to be greater than heat release from the unburned charge. 
NOx emissions are reduced by around 20% from the use of 10% EGR at this speed, with 
minimal change in NOx emissions as a result of different intake manifold pressures. CO 
emissions are low and show only a marginal change from the inclusion of EGR. These are 
both in keeping with a reduction in flame temperature as discussed in [214]. 

 
Figure 4-32: The effect of EGR on emissions 
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In Figure 4-33, EGR can be seen to cause a lower peak heat release rate and to extend the 
duration of heat release. The change in cylinder pressure with crank angle is reduced when 
running EGR, with the final stages of the compression stroke showing visibly similar rates 
of change of cylinder pressure as those seen during combustion, explaining why the highest 
rate of pressure rise can occur during compression. It is also clear that the increase in intake 
manifold pressure to recover load increases cylinder pressure during the compression 
stroke and combustion process but has negligible effect on the heat release rate. Exhaust 
system pressures are seen to be similar, but highest, for the highest intake manifold 
pressure case. 

 
Figure 4-33: The effect of EGR on cylinder pressure and heat release (MFB50 ~ 25.5 °CA 

aTDCf) 

By reducing the temperature and oxygen concentration of the end gas, EGR should make 
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knock-limited combustion phasing is virtually unchanged. KLSA is increased by around 6 
°CA, but this is due to the increase in burn duration. Burn duration and spark advance are 
very similar with 10% EGR at both intake manifold pressure settings, suggesting little 
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10% EGR is not considered to have had a significant effect on the knock performance of 
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At the knock limit without EGR, combustion stability was around 4% of IMEP, but when 
operating with EGR combustion stability degraded to around 5% of IMEP, which is 
considered to be a very borderline condition. This was true whether operating at the original 
or elevated intake manifold pressures tested. Due to the distance between EGR entry and 
the intake ports, EGR maldistribution was not expected to be significant in this case, and 
there was no evidence that the coefficient of variation was higher on one cylinder than 
another. Although the pressure differential between the intake and exhaust manifold was 
around 65 kPa in favour of the exhaust manifold, the volumetric efficiency of around 88%, 
both with and without EGR, (Figure 4-31) suggests a high level of internal residual gas 
fraction is also unlikely to be the cause of this combustion instability. 

In other words, at these conditions, this engine has difficulty tolerating EGR, and EGR 
appeared to be relatively ineffective at the quantities tested. It is unclear whether a further 
increase in EGR would have enabled more spark advance while maintaining combustion 
stability, as was seen in [253], or whether the increased EGR would have further worsened 
combustion stability and prevented the brake output from being sustained in this engine. 

According to the work of Szybist et al. [311], a fuel’s ignition delay tends to become relatively 
insensitive to pressure and more sensitive to temperature at pressures above 30 bar and 
below 750 K, while it is more sensitive to pressure and less sensitive to temperature 
between 700 K and 900 K, particularly in the absence of NTC behaviour. Above 900 K, or 
where there is strong NTC behaviour, ignition delay is sensitive to changes in temperature 
and pressure. Relating these findings to the current study, the effect of EGR and heat loss 
on reducing in-cylinder temperature may lead to a more pronounced change at 2000 
rev/min which is more significant than the change in pressure to maintain load, while at 
4000 rev/min the effect of the pressure increase might be more profound than the change 
in in-cylinder temperature. Simulation and in-cylinder temperature prediction may offer 
further insight. 

 
Figure 4-34: The effect of EGR on knock 
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4.2.9. Knock performance at equivalent torque 

From the preceding results, so long as the exhaust camshaft is not overly retarded, the key 
variables appearing to determine the performance and knock robustness of the Ultraboost 
engine are the intake camshaft phasing, the in-cylinder air/fuel ratio and, to some extent, 
the exhaust system pressure. In general, 30 °CA advance of the intake camshaft and 20 
°CA retard of the exhaust camshaft was observed to offer a reasonable compromise 
between cylinder filling and valve overlap, while 60 °CA of intake camshaft advance and 30 
°CA of exhaust camshaft retard offered the highest observed engine load for a given intake 
manifold pressure but with high levels of valve overlap, which could lead to discrepancies 
between air/fuel ratios in the cylinder and in the exhaust system. 

In an effort to explore the relationship between valve overlap and engine load for the 
Ultraboost engine, another test sequence was run at elevated intake manifold pressure to 
bring the brake output of the engine when operating with 30 °CA intake camshaft advance 
to the level observed when running 60 °CA of intake camshaft advance. Engine fuelling was 
set to provide a stoichiometric condition as measured in the exhaust system, meaning the 
higher overlap camshaft setting is likely to be enriched in-cylinder. The engine conditions 
can be seen in Table 10 below. 

Engine speed rev/min 2000 ± 1 
Exhaust manifold coolant 

flow rate litres/min 26 ± 1 

Coolant temperature 
(top hose) °C 90 ± 2 

Intake manifold temperature °C 38 ± 1 
External EGR % ≤ 0.5 

Intake camshaft phasing 
(MOP) 

°CA 
aTDCf 

450 
(60 °CA advance) 

480 (30 °CA advance) 
± 0.1 

Exhaust camshaft phasing 
(MOP) 

°CA 
aTDCf 

264 
(30 °CA retard) 

254 
(20 °CA retard) 

Intake manifold pressure kPa abs 
(static) 239 ± 1 289 ± 1 

Exhaust manifold pressure kPa abs 
(static) 164 ± 1 215 ± 1 163 ± 2 185 ± 1 

Table 10: Engine setpoints for effect of valve timing on knock (equivalent load) 

For most of these tests, exhaust restriction was kept low (around 164 kPa abs when intake 
manifold pressure was around 240 kPa abs) to more closely replicate the operating 
conditions in use for the original Ultraboost testing. The effective orifice size was maintained 
when testing at elevated intake manifold pressure, but the exhaust pressure did not 
increase as much as the intake manifold pressure, meaning higher intake manifold 
pressures provided greater positive pumping work. A test with high valve overlap and a 
higher exhaust system pressure has been included in the discussion to provide some insight 
into the effects of valve timing vs. the effects of scavenging.  

Spark sweeps were undertaken at incremental intake manifold pressures for this work, and 
the nearest manifold pressure which provided similar engine load at similar spark timings 
to the reference spark sweep was used for this comparison. Unfortunately, this means that 
there is not an exact match on engine load and/or combustion phasing for a given load, but 
several insights can still be gleaned from the available results. 
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4.2.9.1. The effect of valve timing on engine load 

The engine output across several valve timings and intake manifold pressures is shown in 
Figure 4-35. Although a direct match on brake torque at a given combustion phasing for the 
two sets of valve timings cannot be shown, conclusions can still be drawn on the influence 
of exhaust system pressure and valve timings.  Volumetric efficiency is consistent for the 
30 °CA advanced intake camshaft tests, despite the changes in intake and exhaust manifold 
pressure, while volumetric efficiency is inconsistent for the 60 °CA advanced intake 
camshaft tests, implying that tests with positive valve overlap are very sensitive to the 
pressure differential across the engine cylinders. In most cases, the PMEP is of a similar 
magnitude to the pressure differential between intake and exhaust manifolds and often 
provides a positive contribution to the engine’s output, up to almost 1 bar. 

Volumetric efficiency is reduced from 130% with high valve overlap and low exhaust 
pressure, to around 115% with high overlap and high exhaust pressure, to around 90% with 
low overlap. Such high levels of volumetric efficiency coupled with low combustion efficiency 
(Figure 4-36) indicate high levels of scavenging with large quantities of valve overlap. 
Despite the loss in volumetric efficiency from the higher exhaust pressure and loss of 
positive pumping work, the high-overlap, high-back-pressure case can still achieve similar 
load to the high-overlap, low-back-pressure case, and can also achieve much better BSFC. 
The low-overlap case with high intake manifold pressure achieves the highest load and the 
best BSFC, albeit with a substantial contribution from positive pumping. This suggests that 
high levels of scavenging may not be necessary to realise the maximum benefit from the 
Ultraboost engine, although achieving the same load with less overlap will likely require an 
increase in intake manifold pressure. 

 
Figure 4-35: The effect of valve timing on engine load 

Performance levels of 28 – 30 bar BMEP are on par with expectations for this intake 
manifold pressure, if not higher. 
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4.2.9.2. The effect of valve timing on emissions 

Figure 4-36 shows a reduction in valve overlap or pressure differential across the cylinder 
leads to an increase in gross indicated thermal efficiency (GTE) of over 1 percentage point, 
which is greater than the measurement error previously observed (of the order of 0.5 points). 
GTE is similar for all tests except for the high-overlap, low-back-pressure case, suggesting 
the impact on GTE is dominated by scavenging and in-cylinder enrichment as opposed to 
intake valve closing (IVC) or intake manifold pressure. The differences in BSFC for the low-
overlap cases can be primarily explained by the difference in PMEP. 

Combustion efficiency is also significantly improved by reducing scavenging, with the low-
overlap cases releasing over 95% of the energy from the supplied fuel, but with the high-
overlap, low-back-pressure case releasing less than 90% of the available energy. Further, 
with high levels of scavenging, the combustion efficiency is very sensitive to combustion 
phasing, with hydrocarbon emissions dropping rapidly when combustion is retarded. CO 
emissions are also reduced with less overlap and less pressure differential, although the 
sensitivity to combustion phasing is much less pronounced than for hydrocarbons. 

For similar PMEP, the high and low overlap cases at 240 kPa abs intake manifold pressure 
show a difference in BSFC of over 8%, and a difference in combustion efficiency of around 
10%. This is not consistent with the change in indicated thermal efficiency of between 1% 
and 2%, and deeper interrogation of the data has identified some discrepancies in the 
calculated FMEP, suggesting the indicated work may be being inaccurately estimated (this 
is considered more likely than a measurement error with the brake output) and the real 
efficiency benefit of reducing scavenging is being underestimated. 

However, reducing scavenging does lead to an increase in NOx, consistent with an in-
cylinder charge which is closer to stoichiometry and with a higher level of heat release from 
the ingested fuel. 

 
Figure 4-36: The effect of valve timing on emissions 
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4.2.9.3. The effect of valve timing on knock 

As demonstrated in Chapter 4.2.7, a rich in-cylinder mixture can have higher heat release 
and faster combustion, requiring less spark advance for a given combustion phasing, so 
long as in-cylinder enrichment is not too great. It is not clear how much in-cylinder 
enrichment is occurring with the high-overlap valve timings, but the above trends are also 
apparent in this case. Spark advance is similar for both low-overlap cases and when running 
high valve overlap but with a low pressure differential across the cylinder. A greater spark 
advance is required in all three cases relative to the high-overlap, low-back-pressure case 
(Figure 4-37). Burn durations are similar in all cases, but the fastest burn is for the high-
scavenge case, which would be consistent with this case having the richest in-cylinder 
mixture. 

Knock-limited combustion phasing is quite similar between the low-overlap case with 
elevated intake manifold pressure and the high-overlap case with high exhaust manifold 
pressure, both of which are more retarded than the high-overlap case with low exhaust 
manifold pressure. The effect of exhaust pressure is now estimated at around 4 °CA retard 
for an increase of 60 kPa in exhaust pressure, a greater effect than observed in Chapter 
4.2.4, but now at similar engine load. 

Combustion phasing at the knock limit for the low-overlap case with elevated intake 
manifold pressure is around 3 °CA more retarded than for the high-overlap, low-back-
pressure case. As the low-overlap case achieves slightly higher brake load, this difference 
might be slightly exaggerated, but it suggests high engine load could be achieved with 
several different valve timing strategies, and that a moderate reduction in effective 
compression ratio offers less knock suppression than enrichment for this engine. 

 

Figure 4-37: The effect of valve timing on knock 

14 16 18 20 22 24 26 28 30 32 34
Average location 50% mass burned fraction [deg]

K
no

ck
 P

ea
k 

[b
ar

]

0.0

0.5

1.0

1.5

2.0

2.5

3.0

3.5

60 °CA intake advance, 30 °CA exhaust retard
60 °CA intake advance, 30 °CA exhaust retard
30 °CA intake advance, 20 °CA exhaust retard
30 °CA intake advance, 20 °CA exhaust retard

240 kPa abs intake manifold, 165 kPa abs exhaust manifold
240 kPa abs intake manifold, 220 kPa abs exhaust manifiold
240 kPa abs intake manifold, 165 kPa abs exhaust manifold
290 kPa abs intake manifold, 185 kPa abs exhaust manifold

14 16 18 20 22 24 26 28 30 32 34
Average location 50% mass burned fraction [deg]

S
pa

rk
 A

dv
an

ce
 [°

C
A

]

-8

-6

-4

-2

0

2

4

6

14 16 18 20 22 24 26 28 30 32 34
Average location 50% mass burned fraction [deg]

K
no

ck
 F

re
qu

en
cy

 [%
]

0

5

10

15

20

25

30

35

14 16 18 20 22 24 26 28 30 32 34
Average location 50% mass burned fraction [deg]

B
ur

n 
D

ur
at

io
n 

(1
0%

 - 
90

%
 M

B
F

) [
de

g]

10

11

12

13

14

15

16

17



Chapter 4 – Ultraboost Performance and Knock Studies 

Niall Turner Page 153 of 327 University of Bath 

At all times, combustion stability was within the threshold of 3%, but as was observed in 
Chapter 4.2.5, combustion stability was approximately 0.5 percentage points worse with the 
low-overlap valve timings than with the high-overlap valve timings. There was negligible 
impact from changes to intake or exhaust manifold pressures. 

4.2.9.4. The effect of valve timing on heat release 

The effect of valve timing on heat release is shown in Figure 4-38. The low-overlap, high-
intake-manifold-pressure test and high-overlap, high-back-pressure tests are compared to 
try and separate the effect of valve timing from enrichment and engine load. These two tests 
have similar spark timing and burn duration for a given combustion phasing, however, it is 
uncertain to what extent the high-overlap case is being influenced by in-cylinder enrichment. 

The high-overlap case, which has IVC nearer to BDC, shows faster heat release with a 
greater peak heat release rate. The higher intake manifold pressure for the later IVC case 
is also clear, as is the start of compression at around -128 °CA, compared to around -158 
°CA with maximum intake camshaft advance. However, the differences in heat release are 
not substantial enough to drive a marked difference in peak cylinder pressure. The 
consequence is only a small change in the calculated losses compared to isochoric 
combustion between the cases (445 J vs 470 J), not enough to justify the differences in 
efficiency noted in Figure 4-35 and Figure 4-36. Therefore, the primary reasons for the 
difference in efficiency are considered to be the loss of combustion efficiency from in-
cylinder enrichment with scavenging, and the changes in pumping work for the boundary 
conditions assessed. 

 
Figure 4-38: The effect of valve timing on heat release (MFB50 ~22 °CA aTDCf) 
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4.2.10. Summary 

This suite of testing explored the sensitivity of the engine to a range of factors in terms of 
brake torque, combustion and emissions behaviour, and knock sensitivity. These factors 
were: 

• Coolant temperature and flow rate 
• Exhaust system pressure 
• Intake camshaft timing 
• Exhaust camshaft timing 
• Enrichment 
• EGR 

In general, low sensitivity to coolant temperature or flow rate was observed. Both factors 
reduced volumetric efficiency, but neither factor causing more than a 2 °CA retardation of 
the MFB50 location. Increased coolant temperature could cause between 2% and 3% 
reduction in maximum torque achievable, while reduced coolant flow had little effect on the 
maximum brake torque observed, even allowing for the retardation in combustion phasing. 

Increased exhaust back pressure has a significant impact on brake torque at all cam timings 
investigated, with an increase in exhaust system pressure from 65 kPa gauge to 120 kPa 
gauge causing a loss of approximately 5% in maximum observed torque, and a retardation 
of up to 4 °CA in combustion phasing. Increased exhaust pressure reduces volumetric 
efficiency, especially with high valve overlap, but can lead to an improvement in combustion 
efficiency and gross thermal efficiency of the engine, particularly when scavenging. Varying 
exhaust valve timing has little influence on knock-limited combustion phasing, but there is 
an optimal position for this engine around the mid-point of the possible travel, at which 
expansion and pumping losses are most optimally balanced. 

For this engine, around 10% fuel enrichment was an effective means of increasing brake 
output, providing faster combustion, and improving the knock-limited combustion phasing. 
20% enrichment could provide more combustion phasing advance but offered only marginal 
performance improvements over the stoichiometric case and caused a significant loss in 
efficiency. Although 20% enrichment allowed a better knock-limited combustion phasing, 
the output at the knock limit was still inferior to the 10% enrichment case. 

Intake camshaft timing is shown to be a highly sensitive parameter, with both torque and 
volumetric efficiency dropping by around 30% with fixed intake manifold conditions as intake 
valve closing is retarded from around 560° aTDCf to 620° aTDCf. Later IVC allows an 
improvement in spark advance and combustion phasing, although effects at constant intake 
manifold conditions are confounded with a change in engine brake torque. Increasing the 
intake manifold pressure can enable the engine to generate the same or more torque with 
a later IVC than with a more advanced IVC, but the knock-limited combustion phasing of 
the more advanced intake camshaft was better than the late IVC condition. However, due 
to the long valve-open durations of around 220 °CA used on this engine it is difficult to 
separate cylinder filling, scavenging and in-cylinder enrichment effects, so it is possible the 
full benefit of a Miller cycle strategy is not being realised with the current valve lift profiles. 

EGR provided the expected improvements in knock-limited combustion phasing and 
reduction in NOx emissions during testing at 2000 rev/min. At this speed, thermal efficiency 
improvements in line with the literature on reduced heat losses were apparent despite the 
longer ignition delay and slower combustion. However, at 4000 rev/min at equivalent brake 
torque, there was no noticeable benefit from running EGR. This is hypothesised to be due 
to the reduced time for heat transfer and a greater influence of in-cylinder pressure on the 
fuel’s auto-ignition behaviour, but further work is required to confirm if this hypothesis is 
accurate. 
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In most cases at 2000 rev/min, the engine produced around 25 bar BMEP, which was 
expected for an intake manifold pressure of around 240 kPa abs, given the 260 – 270 kPa 
abs used to produce 30 bar BMEP during the original Ultraboost testing. However, 
achieving this load with less overlap required intake manifold pressures of around 290 kPa 
abs, which is a significant increase in pressure ratio for any charging system. At 4000 
rev/min, performance was often lower than may have been expected from the original 
Ultraboost results and may indicate a heightened sensitivity to valve timings and overlap at 
these conditions. 

4.3. The effect of compression ratio 

To understand the influence of compression ratio (CR) on maximum performance potential 
for this engine architecture, several studies were undertaken with elevated compression 
ratio and the results compared to those achieved with the original Ultraboost compression 
ratio. The increased compression ratio was achieved by modifying the piston crown, while 
maintaining the same gudgeon pin position. The results are shown below. The nominal 
compression ratios targeted were 9:1 and 11:1, however, when measured, the actual 
compression ratios were found to be lower than targeted. Nonetheless, the nominal 
difference of 2 ratios were approximately retained. 

4.3.1. The effect of compression ratio on load 

Figure 4-39 shows the effect of changing intake manifold pressure and compression ratio 
on engine load. Unfortunately, the experiments were not undertaken at exactly the same 
intake manifold pressures, but the boundary conditions are similar enough to make informed 
comparisons. Engine setpoints are described in Table 11. BMEP is again close to 25 bar at 
the most advanced combustion phasings tested. 

Engine speed rev/min 2000 ± 1 
External EGR % ≤ 0.5 

Exhaust manifold coolant flow rate litres/min 25.5 ± 0.5 
Coolant temperature (top hose) °C 90 ± 1 
Intake camshaft phasing (MOP) °CA aTDCf 480 (30 °CA advance) ± 0.5 

Exhaust camshaft phasing (MOP) °CA aTDCf 254 (20 °CA retard) ± 1 
Intake manifold temperature °C 40 ± 1 
Geometric compression ratio - 8.6 10.4 

Intake manifold pressure kPa abs 
(static) 258 ± 0.5 263 ± 0.5 273 ± 0.51 

Exhaust manifold pressure kPa abs 
(static) 240 ± 5 245 ± 4 269 ± 4 

Table 11: Engine setpoints for assessing the effect of compression ratio on knock 

The first observation is that, for equivalent combustion phasing, the higher compression 
ratio cases demonstrate an improvement in BSFC and an increase in brake torque. Partly 
this is due to differences in intake manifold pressure. Compared to the 9:1 CR case, the 
11:1 CR case with 265 kPa abs intake manifold pressure has approximately 5.5% more 
airflow, and the 275 kPa case has approximately 8.7% more airflow. The increases in brake 
output are of similar magnitudes, implying the dominant reason for the change in load is the 
change in boundary conditions, not the change in compression ratio. However, the increase 
in compression ratio appears to have improved the volumetric efficiency of the engine 
slightly, which could be due to reduced volume for residual gas at constant EVC timing. 

 
1
 The most advanced combustion point observed during this test was erroneously run with 278 kPa 

abs intake manifold pressure. Results are still included as many parameters appear unaffected by 
this increase of less than 2% in load. 



Chapter 4 – Ultraboost Performance and Knock Studies 

Niall Turner Page 156 of 327 University of Bath 

As boundary conditions differ, pumping work is not identical across the cases, but varies 
from producing between 0 and 0.1 bar positive contribution for the nominal 9:1 CR, to a 0.1 
bar negative contribution with the nominally 11:1 CR case with 275 kPa abs intake manifold 
pressure. The 11:1 CR case with 265 kPa abs intake manifold pressure had approximately 
neutral pumping work (i.e. PMEP ~ 0 bar). At these magnitudes, differences in pumping 
work accounts for between 0.8% and 1% of the brake output, which should act to improve 
the BSFC for the 9:1 CR case and have negligible or a slightly detrimental effect on the 11:1 
CR cases. Therefore, the increase in load may be attributable to change in boundary 
conditions, but the observed improvement in BSFC of approximately 1% from the higher 
compression ratio can be considered to be a real improvement. 

Ideal thermodynamic cycle analysis states that the gross thermal efficiency should improve 
with a higher compression ratio, however, this is not observed in the test data. At a given 
MFB50 location, the observed gross indicated efficiency is no better with the higher CR, 
although the differences are within measurement error. The ideal analysis indicates an 
improvement of approximately 3 percentage points in gross efficiency should be seen for 
an increase of 2 units in CR, although the effect of real gas properties, potential changes to 
the combustion process, increased friction and heat losses may prevent this full benefit from 
being realised. 

 
Figure 4-39: The effect of compression ratio on load 
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4.3.2. The effect of compression ratio on emissions 

One reason the higher compression ratio may not have realised the expected improvements 
in gross thermal efficiency could be if the combustion process was adversely affected by 
the changes to the piston crown required to realise the higher compression ratio. Some 
evidence of this is shown in Figure 4-40 where, despite similar combustion efficiencies and 
ostensibly greater in-cylinder temperatures from the higher levels of compression, the 11:1 
CR cases show a reduction in NOx emissions and commensurate increases in CO and O2 
levels. The increase in both CO and O2 might suggest impaired mixing and reduced heat 
release. However, the increase in CO is not significant enough to cause an observable 
change in combustion efficiency, which continues to be dominated by hydrocarbon 
emissions. 

The 11:1 CR case at the lower intake manifold pressure (which is still higher than was used 
for the 9:1 CR test), shows some evidence of misfire when running retarded combustion 
phasing (inferred from the sudden increase in hydrocarbon emissions and loss of 
combustion stability). The higher CO emissions compared to the other 11:1 CR case may 
indicate borderline conditions for charge motion generation, leading to poor mixing and poor 
oxidation which are avoided when running the higher intake manifold pressure. Other 
possible causes of high CO emissions, such as low temperatures later in the exhaust stroke 
leading to reduced chemical reaction rates, are not corroborated by exhaust manifold 
temperature data. Peak cylinder pressure is lower for the lower intake manifold pressure 
condition, but this is not expected to cause significant differences to CO production. 

 
Figure 4-40: The effect of compression ratio on emissions 
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4.3.3. The effect of compression ratio on knock 

Increasing the compression ratio can be seen in Figure 4-41 to have a pronounced effect 
on combustion phasing and knock performance. The 11:1 CR cases are not able to advance 
MFB50 beyond 26 °CA aTDCf, while the 9:1 case could advance as far as ~ 21 °CA aTDCf 
within the knock threshold. However, the higher compression ratio cases require less spark 
advance for a given MFB50 location, suggesting reduced ignition delay from higher 
temperature and pressure at the end of the compression stroke. 

The burn duration demonstrates a trade-off between higher flame speeds from higher initial 
temperatures and reduced charge motion from the reduced clearance volume. This is 
apparent from the shorter burn durations possible with the higher compression ratio at the 
most advanced combustion phasings, particularly with the higher intake manifold pressure, 
but the longer burn durations required at later combustion phasing, when charge motion 
decay is more significant. However, the most advanced combustion phasings also have 
excessive levels of knock, and none of the burn durations at the higher compression ratio 
are as fast as are possible at the knock limit with the lower compression ratio, showing the 
sensitivity of this combustion system to charge motion. When operating at the knock limit, 
this engine can achieve a lower BSFC with a lower CR than a higher CR, due to the 
additional retardation with the higher CR. 

Figure 4-42 shows cylinder pressure and heat release results using data at, or close to, the 
knock limit for each case. The lower CR case clearly has the higher peak heat release rate 
and a shorter combustion duration, confirming the conclusions initially reached from Figure 
4-40. The more advanced combustion phasing possible with the lower CR is also clearly 
apparent. 

In short, the implementation of a higher compression ratio by manipulation of the piston 
crown without further consideration of the impact on charge motion, has prevented this 
engine from realising the potential thermodynamic benefits of the higher compression ratio. 
The increased knock sensitivity may mean that this engine architecture will always benefit 
from a lower compression ratio at high load, but a more sympathetic and considered re-
design may realise improvements over the performance observed during these tests. 
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Figure 4-41: The effect of compression ratio on knock 

 
Figure 4-42: The effect of compression ratio on heat release 
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4.4. The effect of swept volume 

The influence of swept volume was explored below by comparing a version of this engine 
with 1623 cc displacement (equivalent to a 70% downsizing factor from the original AJ133 
engine) and nominal 11:1 CR to a 1991 cc variant, also with a nominal 11:1 CR. However, 
as described previously, when measured, the actual compression ratio was found to deviate 
from the nominal target. The reduced swept volume was achieved by de-stroking the engine 
but maintaining the bore diameter, as this was considered the simplest way of realising the 
reduced displacement with minimal change, requiring a new crankshaft, conrod and piston, 
but enabling use of the same engine block and cylinder head. Because of the negative 
influence of higher compression ratio on charge motion and combustion identified in 
Chapter 4.3, data from a 1991 cc engine at 9:1 CR is also included for comparative 
purposes. 

Engine speed rev/min 1500 ± 3 
External EGR % ≤ 0.5 

Exhaust manifold coolant flow rate litres/min 16 ± 3 
Coolant temperature °C 90 ± 2 

Intake camshaft phasing (MOP) °CA aTDCf 480 (30 °CA advance) ± 0.1 
Exhaust camshaft phasing (MOP) °CA aTDCf 254 (20 °CA retard) ± 0.1 

Intake manifold temperature °C 39 ± 1 
Swept volume cc 1623 1991 
Geometric CR - 10.1 10.4 8.6 

Intake manifold pressure kPa abs (static) 278 ± 0.5 268 ± 0.5 
Exhaust manifold pressure kPa abs (static) 229 ± 3 224 ± 2 

Table 12: Engine setpoints for assessing the effect of swept volume on engine performance 

 

4.4.1. The effect of swept volume on load 

Unsurprisingly, for a similar intake manifold pressure, the engine with the smaller swept 
volume produces less brake torque, despite producing similar BMEP (Figure 4-43). 
Unfortunately, issues with the cam profile switching system experienced during testing 
prevented comparison of data at more similar intake manifold pressures. Although the 1991 
cc 9:1 CR engine is tested at a lower intake manifold pressure, reducing the load for a given 
combustion phasing, meaningful comparisons can still be drawn between these engines. 

Figure 4-43 also shows that the smaller engine has the highest gross indicated efficiency, 
but also has the highest BSFC. This might imply that the 1623 cc engine benefits from 
reduced heat losses, but also suffers from relatively high friction losses, as the absolute 
friction losses between the engines should be similar but the 1623 cc engine has reduced 
brake output by virtue of its smaller size. The friction losses are explored in more detail in 
Chapter 5. 
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Figure 4-43: The effect of swept volume on load 

4.4.2. The effect of swept volume on emissions 

The reduction in swept volume is enacted by reducing the engine stroke and keeping the 
same bore size. This has consequences on the observed exhaust emissions. The reduced 
engine stroke is anticipated to cause a reduction in charge motion associated with lower 
piston speeds, but the crevice volumes and quench layer is expected to be broadly 
unchanged as the bore and cylinder head is unchanged, meaning air and fuel contained in 
these volumes is likely to account for a larger proportion of the total mass of charge. 

As with the change in compression ratio discussed in Chapter 4.3, Figure 4-44 shows that 
the reduction in swept volume appears to have increased CO and O2 emissions relative to 
1991 cc at 9:1 CR. However, the 1623 cc engine also has higher NOx and higher 
hydrocarbon emissions than the 1991 cc engine at 11:1 CR. 

This might suggest reduced heat loss from the 1623 cc engine, causing higher peak 
temperature within the charge, but may also suggest an increase in quench layer thickness, 
perhaps also caused by a reduction in charge motion. Further impacts on charge motion 
are implied by the observed reduction in combustion stability. The higher hydrocarbon 
emissions explain the drop in combustion efficiency. 
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Figure 4-44: The effect of swept volume on emissions 

4.4.3. The effect of swept volume on knock and combustion 

More evidence of impaired combustion performance with reduced swept volume is clear 
from reviewing the knock performance of the engine. Figure 4-45 shows that the 1623 cc 
engine has more retarded knock-limited combustion phasing than the 1991 cc engine at 
similar compression ratio, however, all of the engines operating at a CR of nominally 11:1 
are similar and much more retarded than the 1991 cc engine operating at a CR of 9:1. The 
1623 cc engine also requires a much smaller spark advance for a given combustion 
phasing, but has a considerably elongated combustion duration compared to the 1991 cc 
engines at either compression ratio. The increase in combustion duration due to the 
reduction in swept volume from 1991 cc to 1623 cc is much greater (~ 2 °CA) than the 
increase in combustion duration due to the increased compression ratio (~ 0.5 °CA for the 
1991 cc engine). The increase in combustion duration as MFB50 location is retarded is also 
more pronounced for the 1623 cc engine than for the 1991 cc engine, further inferring 
difficulties with charge motion generation as the engine is downsized via stroke reduction. 

As seen in Figure 4-42, the increase in compression ratio at 1991 cc causes some reduction 
in peak heat release rate, but the reduction in swept volume causes a more pronounced 
reduction in the peak heat release rate and a marked increase in combustion duration. This 
suggests that the full benefit of a reduced swept volume engine is not being realised due to 
the simultaneous impairment in the combustion process, but that there is a real potential 
benefit from reduced heat loss with the smaller swept volume, as the gross indicated 
efficiency is still improved despite the poor combustion behaviour. 
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Figure 4-45: The effect of swept volume on knock 

 
Figure 4-46: The effect of swept volume on heat release  
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4.5. Conclusions 

From the preceding studies on knock sensitivity, the following conclusions are reached: 

• The Ultraboost engine architecture is most sensitive to intake valve timing, exhaust 
system pressure and in-cylinder AFR 

• Later intake valve closing timing causes an increase in combustion duration, 
believed to be due to impaired charge motion. There is no marked improvement 
observed in knock robustness from later IVC, although it is also difficult to isolate 
the impact of IVC from other factors, such as cylinder filling and in-cylinder 
enrichment. 

• Exhaust valve timing is a relatively insensitive parameter to the engine’s 
performance and knock behaviour, as long as it is not at its earliest or latest 
phasings, as significant expansion work can be lost with early EVO and significant 
in-cylinder enrichment and/or residual gas entrainment can be caused with late 
EVC. 

• A level of in-cylinder enrichment can significantly improve the burn duration and 
work output of this engine, as well as the knock limit. Even when over-enriched (i.e. 
the work output is no longer showing the improvements expected from volumetric 
efficiency), the knock limit is still beneficially advanced. 

• The burn duration and combustion stability is sensitive to combustion phasing. 
Therefore, parameters which enable more advanced combustion also enable the 
engine to benefit thermodynamically from an earlier, faster and more stable 
combustion event. 

• In the manner by which the changes have been implemented, the combustion 
performance of this engine is impaired by increases in compression ratio or 
reductions in swept volume, and these penalties are exacerbated by the retarded 
combustion phasing necessary to mitigate knock. The detrimental effects are 
attributed, at least in part, to impaired charge motion, although crevice losses are 
also expected to become more significant in these cases, in line with literature. 
Consequently, this engine architecture is not realising the full benefits which may 
have been possible, had charge motion been maintained as compression ratio was 
raised or swept volume reduced. 

• The higher compression ratio appeared to offer an improvement in brake-specific 
fuel consumption, while the reduction in swept volume appeared to cause a 
degradation in brake-specific fuel consumption, relative to the nominal 1991 cc 9:1 
engine build used for the original Ultraboost project. These trends are perhaps as 
expected, given increased thermodynamic cycle efficiency from higher compression 
ratio but increased relative friction losses as swept volume is reduced. However, 
some inconsistencies between brake and indicated efficiency were noted. 

• 1D thermodynamic simulation studies are recommended to offer further insight into 
both the observed behaviour, and the behaviour which may have been possible, had 
combustion performance been maintained or if the changes in swept volume been 
implemented in a different manner (e.g. through simultaneous changes to bore and 
stroke). 
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5. Engine Friction – Comparison of compression ratio and 
swept volume 

This study uses data from the three different geometric specifications built to assess 
changes in swept volume and compression ratio (CR). Depending on the test programme 
and component availability, some geometries were built and tested more than once. In all 
cases, the position of the gudgeon pin relative to the crankshaft centreline was kept 
common, as was the block and cylinder head. Changes in compression ratio were achieved 
via the piston crown, by including enough material within the raw component and adjusting 
only machining the necessary material to achieve the target compression ratio. This 
required careful attention to likely clearances between the piston, cylinder head and valves 
when at full operating temperature, and therefore a piston material with a low coefficient of 
expansion was used. The change in swept volume was achieved by adjusting the 
crankshaft throw while simultaneously adjusting conrod length to keep the same gudgeon 
pin position at TDC. This caused a simultaneous variation in bore/stroke ratio (BSR) and a 
varying stroke/conrod-length ratio. The short-stroke engine, with its reduced mean piston 
speed and relatively long conrod, was expected to have the lowest absolute friction loss 
associated with the piston group. The reduction in crankshaft throw to conrod length (r/l) 
ratio was expected to have a particularly pronounced effect at high load, when the piston 
side loading is particularly high. However, as this engine also has the lowest swept volume, 
although it may require less absolute torque to overcome friction, it is not assured that this 
engine will have the lowest FMEP. 

Since the FMEP of the different engines is expected to be an important factor in their overall 
efficiency, as has already been identified in Chapter 4.4, a more detailed understanding of 
the friction characteristics of the different engines is desirable. To provide better insight into 
the friction behaviour, a multi-body-simulation (MBS) model was built in the industry-
standard GT-Suite from Gamma Technologies Inc. Due to limitations with the available 
data, the modelling was limited to the cranktrain, and the fidelity was kept intentionally 
simple i.e. the crankshaft was discretised into the major constituent journals and webs, the 
analysis was conducted as a rigid body and the piston-ring-liner (PRL) interface was 
approximated as a cylindrical sliding oil film with constant clearance, but dependent on 
sliding speed. The gudgeon pin connection was modelled as a simple sliding dry friction 
surface without any speed dependency. A schematic of the general model thus developed 
can be seen in Figure 5-1. 

To validate the model once developed, the basic model was adapted to match the major 
geometrical dimensions of a known engine cranktrain for which the measured friction torque 
of specific component groups was already available within Jaguar Land Rover (a 2016 
Jaguar Land Rover 2.0-litre 4-cylinder Ingenium diesel product). Unfortunately, measured 
friction data was not available for the Ultraboost or AJ133 engines, so an alternative 
approach was sought. Coefficients of sliding friction in the model were tuned to give 
approximately similar torque losses, particularly in terms of the crankshaft and piston group, 
for which direct measurements were available. An exact match across the entire speed 
range was not sought, as the simple model lacked some elements present in the measured 
data e.g. crankshaft oil seals, and PRL friction characteristics should be expected to be 
different between engines. 

The reference engine was a fully-developed engine available in mass production, for which 
low friction was a major developmental goal, while the Ultraboost engine builds were 
prototype engines for which robustness was a much more desirable attribute than low 
friction. The diesel engine was chosen over the petrol equivalent as the diesel engine was 
closer to Ultraboost in terms of peak cylinder pressure capability and crankshaft main 
bearing diameter. 
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Nonetheless, there were still significant differences between the engines, for example the 
crankshaft bearing diameters, piston ring tangential loads and piston skirt profile. Therefore, 
by tuning the model against the production engine, some errors with predicting Ultraboost 
friction may be introduced, but the model may also reflect a reasonable status for 
production, had more detailed development of the cranktrain been undertaken. To ensure 
a level of realism, the dimensions of the gudgeon pin diameter and ring groove dimensions 
were checked to ensure there were no major differences between the Ultraboost pistons 
and the reference engine’s piston. Although there are known differences in piston skirt 
profile, ring pack design, etc., for the magnitude of changes being sought through this 
model, this comparison was considered acceptable. Both engines were designed to 
withstand similar levels of peak cylinder pressure in extremis. 

With the model coefficients tuned to the production reference, the model was repopulated 
to the Ultraboost geometry and run over a number of different operating conditions for each 
engine build. The aim was to understand the estimated engine friction during each of the 
types of test regimes being undertaken through this programme. These were: 

• Friction torque vs. engine speed, motored cylinder pressures 
• Friction torque vs. engine speed, constant (25 bar) IMEP 
• Friction torque vs. IMEP at 2000 rev/min with constant start of combustion (SOC) or 

with combustion retarded to maintain a peak cylinder pressure of 100 bar, this value 
being a common peak pressure at knock-limited spark advance from measured test 
data (see Chapter 4.2, 4.3 and 4.4) 

• Friction torque vs. SOC at 2000 rev/min with constant fuel energy input and constant 
heat release profile. 

The model was run at a constant crankshaft rotational speed i.e. the speed fluctuations 
caused by the instantaneous changes in load on the crankshaft were not considered. In 
effect, this approach is equivalent to the use of a flywheel with infinite inertia. 
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Figure 5-1: Schematic of the cranktrain multi-body simulation model 

The well-known Chen-Flynn friction model [354] provides for friction changes due to engine 
speed and cylinder pressure, but it makes no specific allowance for the magnitude of in-
cylinder work. It is expected that higher loads correspond to higher peak cylinder pressure, 
and therefore the easily measured peak cylinder pressure provides a proxy measure for the 
effect of engine load on engine friction. However, it is also expected that the phasing of heat 
release could affect engine friction by, for example, increasing piston side loading for an 
equivalent, or even reduced, peak cylinder pressure. This effect would not be captured in 
the typical Chen-Flynn model. 

To assess some of these factors, particularly the effect of SOC, with minimal change in 
other parameters, cylinder pressure data was synthesised by assuming intake and exhaust 
pressures were constant throughout the intake and exhaust strokes respectively, polytropic 
coefficients of compression and expansion were constant throughout the compression and 
power strokes respectively, the heat addition was described by a Wiebe function [355] which 
was independent of the start of combustion timing, and a constant proportion of the available 
energy was assumed to be lost to heat transfer. These assumptions ensured constant 
cylinder trapping conditions and a constant magnitude of heat addition irrespective of 
combustion phasing. 
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5.1. Measured Motored Friction 

During the experimental phase of this project, each engine build (with one exception) was 
motored to assess its friction losses. The throttle was kept wide open under atmospheric 
pressure from the boost rig in an effort to minimise pumping losses. This experimental setup 
provides validation data to check the behaviour of the MBS model results. The torque output 
recorded during these tests includes the torque taken to turn the engine as well as work lost 
due to gas exchange losses and heat transfer, which still occurred during the compression 
and expansion strokes. To separate these losses, the IMEP over the whole cycle was 
converted into a torque value, from which the measured brake torque was subtracted to 
leave the friction torque. Each build went through a run-in and friction stabilisation procedure 
before the motored friction torque was measured. The run-in procedure entailed running the 
engine at a number of speeds and loads between 1000 rev/min and 6000 rev/min and 
between 40 Nm and 140 Nm, over a period of approximately 4 hours, spending 10 minutes 
at each condition. Maximum power on the run-in cycle was around 90 kW. The cycle would 
be repeated a minimum of 3 times, or until engine friction had stabilised, assumed to have 
occurred when calculated FMEP was within ± 0.03 bar for 3 consecutive tests when 
measured on a motored engine between 1000 rev/min and 6000 rev/min. Typically this took 
around 50 hours of operation to achieve. Motoring tests to assess FMEP were conducted 
after each run-in cycle, ensuring coolant and oil temperatures were stable at 90 °C ± 1 °C 
and oil was changed every 50 hours during the stabilisation procedure. The indicated torque 
was split into a pumping element and a ‘high pressure’ element (i.e. indicated torque over 
compression and expansion strokes only). The ‘high-pressure’ element should be slightly 
less than zero to account for heat loss during compression and expansion. 

It was expected that the higher compression ratios would generate greater in-cylinder 
pressure and temperature during compression, whilst having a higher surface area to 
volume ratio (SVR) around TDC, both leading to higher heat transfer losses. The lower 
swept volume engines have lower mean and peak piston speeds, so were expected to 
generate lower pumping losses through reduced gas velocities and pressure losses across 
the ports. As explained in Chapter 4.4, the lower piston speeds were also expected to lead 
to lower levels of charge motion and possibly a lower level of convective heat transfer to the 
cylinder surfaces. Pumping losses were expected to increase with engine speed, while heat 
transfer losses were expected to decrease with increasing engine speed. Later intake valve 
closing or earlier exhaust valve opening could be expected to reduce heat transfer losses 
but could also affect the measured level of indicated work. Changes in valve timings could 
also cause significant variations in pumping losses. 
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Figure 5-2: Indicated torque loss, high pressure loop, motored friction 

testing 

 

Figure 5-3: Gas exchange losses, motored friction testing 

 
Figure 5-4: intake cam phasing, motored friction testing 
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Figure 5-5: Exhaust cam phasing, motored friction testing 

 
Figure 5-6: Peak cylinder pressure, motored friction tests 

Figure 5-2 through Figure 5-6 broadly corroborate these hypotheses. The 1991 cc engines 
have higher pumping losses than the 1623 cc engines. The high-pressure-loop losses do 
tend to reduce with engine speed, while the pumping losses increase with engine speed. 
The peak cylinder pressure increases with engine speed, indicative of reducing heat loss 
during compression, and the 1623 cc engines at 11:1 CR have higher peak cylinder 
pressures than the 1991 cc engines. However, the 1991 cc engine at 11:1 CR has less 
intake camshaft advance than the other tests, which might explain both the higher pumping 
losses (from a later intake valve opening timing) and similar peak cylinder pressure (from 
reduced effective compression ratio) to the 1991 cc engine at 9:1 CR. The effect of 50 °CA 
less advance with the higher geometric compression ratio is to reduce its effective 
compression ratio to a level similar to the 9:1 CR engine, which explains the similar peak 
cylinder pressure. The 1991 cc engines also show an increase in high-pressure-loop losses 
at higher engine speeds, which may be due to high convective losses caused by charge 
motion, but the difference between the 9:1 and 11:1 compression ratios are particularly 
pronounced for this swept volume. Ultimately, the magnitude of the losses are all small 
relative to the maximum rating of the in-cylinder pressure sensor, often being less than 10% 
of full scale, and therefore measurement error must be carefully considered. 
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Figure 5-7: Indicated torque loss, motored friction tests 

 

Figure 5-8: Calculated Friction Torque, motored friction tests 

Figure 5-7 shows that the magnitude of in-cylinder torque required to overcome pumping 
and heat transfer losses is similar for the two 1623 cc engine builds, and in all cases is 
around 16 Nm or less. This is typically one third or less of the total brake torque taken to 
motor the engine at the speeds measured. 

Figure 5-8 shows the friction torque, calculated as the measured brake torque minus the 
indicated torque. Differences between builds are evident, becoming most pronounced at 
high engine speeds, where the 1991 cc engines appear to have the highest absolute friction 
loss, as expected. Figure 5-8 also shows that there is a difference between the two builds 
of the 1623 cc 11:1 CR engine. This difference is expected to be predominantly due to 
measurement error, given the similarities in boundary conditions shown in Figure 5-2 to 
Figure 5-7. 
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To confirm this, the differences between torque measurements for the two 1623 cc engines 
are calculated at each engine speed and analysed for trends. Figure 5-9 and Figure 5-10 
show there is no trend in the torque difference with engine speed or average friction torque, 
and that the measured difference very closely follows a normal distribution with a mean of 
1.58 Nm and a standard deviation of 0.22 Nm. The normality of the distribution across a 
range of engine speeds and torque values implies ‘common cause’ variation i.e. 
measurement error and test-to-test repeatability. 

Assuming these differences are typical of the measurement system, to have at least 95% 
confidence that an observed difference of friction torque reflects a real difference, the 
change in torque would need to be greater than 1.7 Nm. A difference of 1.7 Nm across the 
speed range is around 15% of the measured friction torque at low engine speeds but only 
around 5% at high engine speeds, meaning a real friction change is more likely to be 
detected at high speed than at low speed. 

The preceding discussion suggests the difference in calculated friction between the 1623 
cc 11:1 CR engine builds and the 1991 cc 9:1 CR engine is likely to be real, as the 1991 cc 
9:1 CR engine is showing an increase in friction in excess of 5 Nm at high speed. The 
difference between the 1991 cc 11:1 CR and 1623 cc 11:1 CR engines is barely statistically 
discernible, while the difference between the 1991 cc 9:1 CR and 11:1 CR engines only 
appears to be statistically significant at intermediate speeds. There is no trend with speed 
as might be expected with increasing CR, as the higher compression ratio would be 
expected to generate greater levels of heat loss during compression and expansion as well 
as greater piston ring tangential loads and side loads on the piston. However, the 1991 cc 
11:1 CR engine was only measured up to 4500 rev/min, and it may be that differences 
would have become more noticeable at the higher speeds. 

While there may be a genuine difference in friction between the 9:1 and 11:1 CR engines 
at 1991 cc swept volume, or between the 1623 cc and 1991 cc engines at 11:1 CR, the test 
equipment utilised can only confidently ascertain a difference in friction between the 
extremes of the tested engines, namely the 1991 cc 9:1 engine and the 1623 cc 11:1 engine. 
The smaller swept volume engine, benefitting from a shorter stroke and longer conrod, has 
the lower friction torque. 

From the lack of statistically significant difference between compression ratios at the same 
swept volume, it is reasonable to assume that swept volume is more influential on engine 
friction for the Ultraboost platform than compression ratio. 
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Figure 5-9: Measured torque difference between 1623 cc 11:1 engine 

builds vs. engine speed 
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Figure 5-10: Distribution of torque differences, 1623 cc 11:1 engine builds 

 

The engines all share the same design of block and head, meaning many of the engines’ 
friction losses should be of similar magnitude across all builds, such as crankshaft main 
bearing losses, water pump and oil pump power consumption, valvetrain friction losses, 
piston ring tangential loads. The big end and little end bearings are also of the same design, 
but the changes to crankshaft throw and conrod length may affect the friction losses of these 
components. The ~ 5 Nm benefit observed between the largest and smallest engines at 
high speed may not be sufficient to provide an overall FMEP benefit, given the reduction in 
swept volume. Figure 5-11 confirms the 1623 cc engines do have slightly higher observed 
FMEP. 
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It is also worth noting that FMEP values of around 2.5 bar were measured at high speed, 
and values of less than 1 bar are rarely seen – these are high numbers, demonstrating this 
engine design is very high in friction. For comparison, the measured FMEP is around 50% 
higher than for the reference engine at 4000 rev/min. 

Figure 5-12 shows the relative friction contribution of each of the major components for the 
reference engine from 1000 rev/min to rated power speed, in this case, 4000 rev/min. From 
this graph, it is clear that the cranktrain can account for approximately two thirds of an 
engine’s base friction. This data was measured during a teardown exercise and 
consequently there is no cylinder pressure present. Higher levels of friction and a higher 
relative contribution from the piston group could be expected when the engine is under load. 

Coupling these two pieces of information, it is assumed that the cranktrain friction accounts 
for between approximately 0.8 and 1 bar of the observed friction torque at 4000 rev/min, 
and around 1.5 bar at 6000 rev/min. 

 
Figure 5-11: FMEP, motored friction tests 

 

Figure 5-12: Reference engine relative FMEP contributions 
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5.2. Simulated Motored Friction 

The MBS model of the cranktrain described earlier was used to corroborate the measured 
friction losses. The total simulated cranktrain friction torques vary from around 15 to 17 Nm 
at 6000 rev/min, equivalent to around 1.1 to 1.2 bar FMEP. Given the assumption that 
around two thirds of the observed motored friction is caused by the cranktrain. These values 
are slightly lower than the estimated cranktrain friction of 1.5 bar described in Chapter 5.1, 
but are of the same order of magnitude. As this model was tuned using reference data from 
a productionised engine design, it is perhaps unsurprising that the model appears slightly 
optimistic, compared to the observed data. 

It is evident that the 1623 cc engine does have lower absolute total cranktrain friction torque 
than the 1991 cc engines but a higher FMEP value, in line with the measured motored 
friction data. A review of Figure 5-13 to Figure 5-17 inclusive shows that, as expected, the 
1623 cc engine has similar main and big end bearing losses, but lower little end friction 
losses and markedly lower piston friction losses than the 1991 cc engines. 

As inferred from the measured results, the simulation confirms that swept volume and the 
influence of stroke and conrod length is far more significant than compression ratio, but a 
higher compression ratio is likely to cause marginally higher friction than a lower 
compression ratio. 

 
Figure 5-13: Total cranktrain friction vs. engine build, motored simulations 
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Figure 5-14: Main bearing friction vs. engine build, motored simulations 

Figure 5-15: Big end bearing friction vs. engine build, motored simulations 
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Figure 5-16: Little end friction losses vs. engine build, motored simulations 

 
Figure 5-17: Piston friction vs. engine build, motored simulations 

Figure 5-14 through Figure 5-17 also show some interesting characteristics related to the 
higher compression ratio, namely that under motored conditions the crankshaft, big end 
bearings and piston friction are insensitive to the change in compression ratio, with only the 
little end friction showing any noticeable effect. 
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The little end friction loss is showing a slightly more complex trend, as it is affected both by 
relative movement of the conrod, driven by the r/l ratio, and by the cylinder pressure which 
affects the normal force against which that relative movement takes place. The reduction in 
relative movement aided by the lower r/l ratio leads to the 1623 cc engine’s little end friction 
losses increasing less rapidly with increasing engine speeds than the 1991 cc engines with 
their relatively short conrods. 

Maximum cylinder pressures, which are modelled as adiabatic (due to the assumptions 
under which the cylinder pressure-volume history is generated) and assume intake valve 
closing around BDC, also corroborate the measured data, with peak pressures of around 
20 bar for the 9:1 CR case and around 26 bar for the 11:1 CR cases, regardless of swept 
volume or engine speed. 

5.3. Simulated Effect of Cranktrain Friction Under Load 

The lower r/l ratio of the 1623 cc engine, leading to a reduction in piston side loading, is 
expected to be a primary reason for reduced friction loss. This benefit will be more 
pronounced when the engine is under high load. Therefore, an analysis was undertaken for 
the three engine geometries with 25 bar IMEP applied. A further run with the 1623 cc engine 
at 11:1 was undertaken at an equivalent brake torque to the 1991 cc engines to compensate 
for the reduced output of the smaller engine. The results are shown below in Figure 5-18 
and Figure 5-19. 

The friction torques have not been significantly affected by the addition of load, with the 
maximum friction torque still being of a magnitude of around 20 Nm. Comparing the 25 bar 
IMEP and equivalent torque simulations for the 1623 cc engine, the increase in load of over 
20% appears to have increased total cranktrain friction by less than 1 Nm, equivalent to an 
increase of about 5%. As with the motored tests, the major change is found in the piston 
friction, where the 1623 cc engine maintains a friction advantage, even at elevated IMEP, 
Figure 5-18. Peak cylinder pressures are kept to approximately 100 bar, which required 
different SOC timings for the different geometries, but was assumed to appropriately reflect 
a realistic engine testing condition. 

 
Figure 5-18: Total cranktrain friction losses vs. engine speed, 25 bar IMEP (30.7 bar for 

equivalent torque) 
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Figure 5-19: Piston friction losses vs. engine speed, 25 bar IMEP (30.7 bar for equivalent 

torque) 

 

5.3.1. Simulated Effect of Cranktrain Friction with Increasing Load 

The motored simulation results corroborated the experimentally-derived motored friction 
data, namely that the cranktrain friction would be reduced by the smaller swept volume, but 
this is offset in terms of FMEP. However, the reduction in piston side loading expected from 
the low r/l ratio should enable the 1623 cc engine to benefit from lower friction under higher 
loads, although the IMEP for this engine would need to be increased to achieve the same 
brake torque output as the larger displacement engines. Simulations showing the trend in 
friction loss with load are shown below in Figure 5-20 and Figure 5-21. Simulations were 
run at 2000 rev/min, as this was the main speed assessed during the experimental 
programme. 

Figure 5-20 shows that the friction torque of the 1623 cc engine is lower than the 1991 cc 
engines for a given IMEP, with the difference increasing at higher load. However, the 
reduction in friction torque is not enough to fully offset the reduction in swept volume, and 
consequently the 1623 cc engine still has the highest FMEP. This is particularly relevant as 
the 1623 cc would need to be operated at a higher IMEP to achieve equivalent brake torque 
output to the 1991 cc engines, meaning the 1623 cc engine is likely to experience a further 
friction increase due to the higher load demand. 

The change in swept volume from 1991 cc to 1623 cc is equivalent to an increase in mean 
effective pressure of approximately 23% for the same torque output. In terms of absolute 
torque output, 30 bar IMEP for the 1623 cc engine is equivalent to around 24 bar on the 
1991 cc engines, as shown in Figure 5-20. The total friction torque for the 1623 cc engine 
at 30 bar IMEP and the 1991 cc engines at 24 bar IMEP can be seen to be reasonably 
similar, all between 7.5 Nm and 8 Nm. The similarity in absolute torque means that the 
FMEP of the 1623 cc engine is still between 15% and 20% higher than the 1991 cc engine 
for the same brake torque output. 
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The 1991 cc 11:1 engine has slightly higher friction than the 1991 cc 9:1 engine, in line with 
the earlier simulations. The increase in cranktrain friction between the 1991 cc 9:1 and 11:1 
CR engines is considerably less than 1 Nm at this speed, and therefore would not be 
expected to be identified robustly using the measurement system available on the test bed. 
This confirms the earlier finding that there was no significant increase in friction from the 
higher compression ratio. 

 
Figure 5-20: Friction losses vs. IMEP for each engine build, 2000 rev/min 

Studying the friction losses in more detail, all engine builds have approximately the same 
main crankshaft bearing torque losses, while the 1623 cc engine has a marginal reduction 
in torque loss from the big end bearings and gudgeon pin. As with the motored results, the 
major improvement in friction torque for the 1623 cc engine comes from the piston group, 
shown in Figure 5-21. The reduction in piston friction for the 1623 cc engine is over 1 Nm, 
which is over 80% of the total improvement in friction for the 1623 cc engine compared to 
the 1991 cc engines. The 1991 cc 11:1 engine is higher in friction than the 1991 cc 9:1 
engine in all areas, but the gudgeon pin and piston friction are the biggest contributors to 
the friction increase with compression ratio. 

Figure 5-21 also shows how the combustion event was retarded at higher BMEP to ensure 
peak cylinder pressures remained below 100 bar for all builds. This value was chosen 
because most experimental data from Chapter 4 reached the borderline knock condition at 
around this level of peak cylinder pressure. Up to 25 bar IMEP, the combustion events for 
all engines start at the same crank angle. Above 25 bar IMEP, the combustion durations 
remain unchanged, but the SOC angle is modified to maintain a peak cylinder pressure. 
Therefore, the difference in friction loading with IMEP is not due to peak pressure loading, 
but due at least in part to the change in combustion phasing. Increases in friction at these 
loads would not expect to be identified by a Chen-Flynn friction model. 
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Figure 5-21: Piston friction losses vs. IMEP for each engine build, 2000 rev/min 

5.3.2. Simulated Effect of Cranktrain Friction with Start of Combustion 

To explore the relationship between friction loss, engine load and peak cylinder pressure, 
an SOC sweep was simulated. A single heat release profile was adopted using the same 
assumptions for volumetric efficiency and heat loss as previously described, which was then 
used to calculate the cylinder pressure profile for each SOC condition for each engine. 
These assumptions were intended to approximate a spark sweep at fixed airflow and 
lambda. As with the comparable physical tests, the more retarded SOC cases led to lower 
cylinder pressures and less work output. 

Figure 5-22 shows the results of the sweep in combustion phasing. The 100 bar peak 
cylinder pressure limit was relaxed for these studies, as SOC was fixed at each point. 

The results show that the friction model is much less sensitive to the peak cylinder pressure 
and combustion phasing than it is to overall load, but higher cylinder pressure does result 
in higher cranktrain friction. Earlier SOC leads to both higher peak pressure and a greater 
level of brake torque output. The 1991 cc 11:1 CR engine produces more brake torque than 
the 9:1 CR engine, reflecting the greater thermal efficiency expected with a higher 
compression ratio. 

The increase in brake torque is around 2.4%, while the ideal Otto cycle suggests a 
maximum increase of efficiency of just over 3% for an increase of two compression ratios. 
This is an acceptable level of agreement, especially as the assumption of isochoric heat 
release at minimum cylinder volume is not being respected in the simulations. 
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Figure 5-22: Total cranktrain friction vs. peak cylinder pressure, equivalent fuelling 

Increasing the brake torque of the 1623 cc engine to match the 1991 cc engines increases 
its friction by around 10%, compared to its value at similar IMEP to the 1991 cc engines. 
For a given peak cylinder pressure at similar IMEP, brake torque for the 1623 cc engine is 
reduced by around 20% from the 1991 cc engines, a similar ratio to the change in swept 
volume. 

Referring back to Figure 5-20, the IMEP was swept from 10 bar to 30 bar, and brake torque 
correspondingly increased threefold, from approximately 150 Nm to approximately 450 Nm 
for of the 1991 cc engines. Over the same range in IMEP, the total cranktrain FMEP 
increased by approximately 0.2 bar for an increase in BMEP of around 20 bar, suggesting 
the cranktrain friction increases by approximately 0.01 bar for each 1 bar increase in engine 
output. For a 1623 cc engine, increasing the output from approximately 400 Nm to 
approximately 500 Nm requires an increase in output of approximately 7 bar in mean 
effective pressure, which would therefore be expected to lead to an increase in FMEP of 
around 0.07 bar. This is seen to be the case in Figure 5-22. 

Figure 5-23 superimposes the results of the SOC sweep with the results of the IMEP sweep. 
It is shown that a wide range of cylinder pressures can be generated for similar levels of 
brake output, but friction remains dominated by engine load and not peak cylinder pressure. 
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Figure 5-23: Total cranktrain friction vs. brake torque output, influence of load and 

combustion phasing 

 

5.4. The effects of conrod length, bore and stroke 

The simulations corroborate the measured reduction in friction torque of the 1623 cc engine 
compared to the 1991 cc engine and demonstrate that the majority of the change in 
cranktrain friction is due to the changes in the piston motion between the engines, with only 
a minor influence from compression ratio. 

Two hypotheses were proposed as to why the 1623 cc engine might have lower piston 
friction compared to the 1991 cc engines – the ratio of crankshaft throw to conrod length 
(r/l), and the shorter stroke leading to both lower piston speeds and reduced piston 
accelerations, the reduced distance travelled by the piston leading to less opportunity for 
friction loss. 

To understand which of these mechanisms is dominant, two further simulation studies were 
constructed, one respecting the bore and stroke of the as-designed 1623 cc but reducing 
the conrod length to ensure the same r/l ratio as the 1991 cc engines, and the other 
simulation matching both the r/l ratio and BSR of the 1991 cc engine. This latter simulation 
respected the 1623 cc swept volume but required a reduction in bore diameter and an 
increase in stroke to achieve the desired swept volume with the same BSR as the 1991 cc 
engines. The longer stroke of this latter simulation also led to a longer conrod to continue 
to respect the r/l ratio of the 1991 cc engines. Piston mass for this simulation was 
unchanged, although in reality the smaller bore would likely have led to a reduction in piston 
mass. 

Figure 5-24 shows that when matching the BSR, the cranktrain friction of the 1623 cc engine 
almost matches that of the 1991 cc engine, while the increase in friction from only matching 
the r/l ratio is relatively small. Therefore, the short stroke and high BSR of the 1623 cc 
engine is considered to be the major contributor to the relatively low observed friction of the 
1623 cc engines. 
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Figure 5-24: Total cranktrain friction vs engine speed, 1623 cc v 1991 cc 

 

5.5. Conclusions 

After reviewing the preceding, the following conclusions are drawn: 

• The measured torque under motored conditions suggests that the 1623 cc engine 
has less absolute friction than the 1991 cc engines. The Ultraboost engine 
architecture is confirmed to be of a relatively high-friction design, compared to a 
productionised design of similar displacement, cylinder count and peak pressure 
capability. 

• In terms of mean effective pressure, the reduction in friction torque is insufficient to 
offset the reduction in swept volume, and therefore the 1623 cc engines have higher 
FMEP than the 1991 cc engines. 

• The change in friction between 9:1 CR and 11:1 CR is expected to be low and is 
unlikely to be measurable with the current equipment. 

• Simulations confirm that the reduction in friction from reduced swept volume (with 
lower r/l ratio) or from lower compression ratio is real, although the influence of 
compression ratio is small. 

• The primary reason for the lower friction torque with the 1623 cc engine is due to 
the short stroke of that engine. Matching BSR and r/l ratio to that of the larger 1991 
cc engine resulted in similar levels of friction torque and a consequently higher 
FMEP penalty for the 1623 cc engine. 

• The friction is highly dependent on load, but only slightly dependent on peak cylinder 
pressure. Therefore, when comparing to test data, little change in FMEP should be 
expected from (e.g.) a spark sweep, but a significant increase in friction should be 
expected from matching the brake torque of the 1623 cc engines to the 1991 cc 
engines. 

• FMEP values in excess of 2.5 bar should be expected from this engine design at 
high engine speeds, and in excess of 1 bar at 2000 rev/min. 
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6. Engine Performance Modelling 
6.1. Introduction 

The results presented so far have demonstrated that the Ultraboost architecture, as 
developed for experimental purposes, has certain benefits but also certain drawbacks, 
which may not be desirable in a productionised engine. These include high friction losses 
and degraded heat release processes when operating at higher compression ratio or 
reduced swept volume. The experimental results also faced challenges with maintaining 
comparable boundary conditions to offer direct comparisons free of external influences, and 
the region of experimental tests only covered a small area of the engines’ possible operating 
conditions. 

The use of the boost rig, instead of physical turbochargers or superchargers, enabled 
greater flexibility to assess the constraints related solely to the combustion process, but also 
means that it is not clear what kind of performance it may be practical to expect from any of 
the experimental engines, if they were to be fully productionised and applied to a vehicular 
application. 

To further understand the implication and benefits of further downsizing and changes to 
bore and stroke, a one-dimensional simulation model is developed using the industry-
standard 1D modelling code, GT-Suite. The model should be capable of identifying changes 
in friction due to the different geometries and compression ratios utilised, as well as 
understanding the distribution of losses between combustion phasing, combustion duration, 
effective compression and expansion strokes and heat loss in a manner which may not be 
measurable during physical engine testing. 

Within the GT-Power element of the GT-Suite software package, the engine model consists 
of multiple sub-models which, when coupled together, should replicate the thermodynamic 
conditions of the real engine. Each of these sub-models are listed below and will be 
subsequently described in more detail. 

The sub-models are: 

• Engine and cylinder models, including heat transfer  
• The combustion sub-model2 
• The gas path and charge properties 
• The exhaust system 
• The fuel injection system and fuel properties 
• The friction model 

Initially a single-cylinder model was developed to calculate the heat release profile and 
calibrate the cylinder heat transfer model using the Three-Pressure Analysis (TPA) method 
[356]. However, difficulties were experienced with matching the observed valve events to 
the modelled cylinder filling behaviour, so this model was quickly converted into a multi-
cylinder engine model to more closely replicate the physical test setup. The multi-cylinder 
model was used for all predictive work. 

Engine models from previous work undertaken on the Ultraboost engine were available, in 
particular the single-cylinder model of the 1623 cc derivative used by Giles [344] and the 
UB100 4-cylinder model developed by Nick Luard within the Ultraboost consortium. 

 
2 Blowby was included during model development and tuned to measured data, but it was found to 
have little influence on the simulation results. Inclusion of blowby also impaired some of the heat 
release calculations, which required an assumed fixed mass in the cylinder. Blowby was therefore 
disregarded in the final model. 
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These models were used as references when developing the multi-cylinder model 
described herein, but those models were developed for specific purposes and required 
adjustment to suit the data set and engine hardware used for this project. Where 
discrepancies between the Giles or UB100 models were noted, the UB100 model was often 
chosen in preference, as the geometry in that model more closely matched the geometry of 
the UB100 engine. Where adjustments to existing models were necessary to replicate the 
performance of the experimental data used in this thesis, they are identified and justified. 

The model developed herein is first compared to the full load performance of the UB100 
build, then the same model (but with the water-cooled exhaust manifold) is used to simulate 
the knock-limit investigations. After validation, this model is then used to assess the 
potential full-load performance of multiple engine architectures built on the Ultraboost 
platform. The predicted maximum performance potential of the platform is compared to 
existing results and industry benchmarks to draw conclusions on the potential for future 
downsizing applications. 

6.2. Multi-Cylinder Model Development 
6.2.1. Engine Geometry 

As the test programme is a development of the original Ultraboost engine programme and 
uses the same boost rig equipment as the UB100 engine build, a natural starting place for 
building an engine thermodynamic model is to modify a pre-existing Ultraboost engine 
model. From Chapter 4, test data from the UB100 build is considered to be the most 
appropriate data set to use for model calibration, due both to the higher confidence in the 
polytropic coefficients and indicated data, and also because that engine build most closely 
replicates the physical test apparatus used during this research activity. 

The engine geometry was modelled according to the data in Table 13 below. 

Cylinder bore mm 83 
Crankshaft throw mm 46 
Connecting rod length mm 148.5 
Gudgeon pin offset mm 0.5 
TDC Clearance height mm 0.5 
Compression ratio - 8.6 

Table 13: Engine geometry used for simulation purposes 

The TDC clearance height differed slightly from the 0.8 mm used by Giles but matches the 
value in the Luard UB100 model. TDC was measured relative to piston position in 
preference to crank position. The compression ratio was the measured compression ratio 
of the initial 1991 cc 9:1 CR engine used for the experimental data collection, slightly lower 
than the nominal compression ratio of 9 intended by design. 

The geometry for the intake manifold components was taken from the original UB100 
engine model (the Luard model), and the exhaust manifolds (both log manifold as used for 
the UB100 full load experiments and water-cooled manifold as used for the knock 
experiments) was modelled directly from CAD geometry. The ports were assumed to be 
frictionless, as any pressure losses are captured within the flow coefficient data for the 
valves. Heat transfer was considered, with all ports assumed to be 8 mm thick aluminium 
with an external sink temperature of 363 K and a heat transfer coefficient of 2500 W/(m2.K), 
used for all intake and exhaust ports. These values were taken from the original UB100 
model. 
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As the engine used the boost rig, no intake system was modelled upstream of the throttle, 
located at the entrance to the intake manifold. The exhaust system downstream of the 
exhaust manifold was modelled as two orifices, separated by a long pipe (approximately 3 
m in length), intended to replicate a restriction close to the exhaust manifold while managing 
the expansion ratio from the exhaust manifold to the simulated ambient condition and 
allowing sufficient volume to suppress any gas dynamics downstream of the exhaust back 
pressure valve. 

The ‘end environment’ components were used to provide a source and sink for gas flow into 
and out of the model respectively. 

6.2.2. Cylinder Model 

The cylinder assumed a wall temperature of 550 K for the piston and cylinder head, and 
450 K for the liner. The head was assumed to have a surface area 25% greater than the 
bore area and the piston was assumed to have 5% more surface area than the bore area. 
These numbers were taken from the original UB100 model. Giles’ model showed some 
differences in terms of surface area scaling factors (20% greater head area and 10% greater 
piston surface area), but the engine modelled by Giles had a different piston with greater 
surface area and the overall surface area multiplication factor is equivalent, meaning heat 
losses should be similar across the models. A Woschni heat transfer model was used with 
the low-speed modification recommended by Gamma Technologies, as per the original 
UB100 model. This low-speed enhancement prevents the heat transfer coefficient from 
reducing to zero as engine speed drops to zero, limiting the coefficient to a minimum Nusselt 
number of 3.66. Overall heat transfer scaling factors were investigated, but ultimately a 
scaling factor of unity was found to provide the best calibration (see Chapter 6.3.3). 

An evaporation sub-model was also carried across from the original UB100 model, which 
assumed a time period of 25 °CA to evaporate 50% of any liquids in the cylinder at 600 K 
and 4000 rev/min, using the default linear dependencies on engine speed and cylinder 
temperature. It is further assumed that the energy to evaporate the liquid is exclusively 
provided by the charge i.e. none of the heat of vaporisation is taken from the combustion 
chamber surfaces. 

6.2.3. Intake and Exhaust Valves 

The intake and exhaust cam lift profiles were taken directly from engineering drawings and 
were presented in Figure 3-3. When compared to the valve lift profiles used in the original 
Ultraboost models, it was clear the models had used these cam profiles, but had removed 
0.25 mm of lift, in effect imposing a nominal 0.25 mm of valve lash. As described in Chapter 
3.1, when no camshaft phasing was applied, the intake valve would have its maximum 
opening point (MOP) at 510 °CA aTDCf, while the exhaust valve MOP would be 234 °CA 
aTDCf. The intake camshaft could be advanced by up to approximately 60 °CA, meaning 
MOP could be as early as 450 °CA aTDCf. The exhaust could be retarded by up to 48 °CA, 
so the exhaust MOP could be as late as 282 °CA aTDCf. The cam profiles can be seen in 
Figure 3-3. Both intake and exhaust camshafts use the same profile, which is approximately 
235 °CA in duration, measured at 0.5 mm of cam lift. This is longer than the expected valve 
open duration, due to valve lash. 
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Figure 6-1: Valve lift diagram (0.5 mm valve lash) 

In the model used herein, the valves are assumed to have 0.5 mm valve lash, in effect 
applying a further 0.25 mm lash to the original model profiles. For reference, the base 
UB100 model assumed no valve lash (the lash being implicit in the valve lift profile in the 
first place), and Giles assumed 0.1 mm for both intake and exhaust (equivalent to 0.35 mm 
valve from the cam profile). Some lash was expected because, even though the valvetrain 
uses hydraulic tappets, some compression due to oil aeration is expected and use of 0.5 
mm lash provided closer correlation to the test data than either 0.25 mm or 0.35 mm. The 
same lash was assumed for all engine speeds and for all intake and exhaust valves. Any 
thermal expansion of the exhaust valves or changes in oil aeration and consequently valve 
lash as a function of engine speed or load was disregarded. The valve lift profile, as applied, 
can be seen in Figure 6-1. After applying valve lash, the valve open duration is 
approximately 216 °CA, measured at 0.5 mm of valve lift. 

The forward and reverse flow coefficients are assumed to be equal for intake and exhaust 
valves, as only the forward flow coefficient has been measured. This is an obvious source 
of potential error in the modelling process, given the high levels of scavenging and late IVC 
timings utilised. The intake port flow coefficients and non-dimensional tumble ratio for all 
four cylinders and exhaust port flow coefficient for one cylinder (Cylinder 4) had been 
measured for one of the cylinder heads during the original Ultraboost programme, see 
Figure 6-2. The four cylinders showed good repeatability for flow, with a maximum 
difference of 3% of the non-dimensional lift, and an average difference of around 1% of the 
non-dimensional lift. The standard deviation of flow coefficient across all measured lift 
values was less than 0.0035. Although tumble was measured and reported in [1], at this 
point the tumble behaviour is not used in the simulation models. 

The average intake port flow coefficient as a function of valve lift was used for each of the 
intake valves, while the results for the single measured exhaust port were used for each of 
the exhaust valves. Valve throat diameters were also taken from the measured flow 
coefficient data for both intake and exhaust valves, meaning each intake valve had a throat 
diameter of 28.4 mm and each exhaust valve had a throat diameter of 24.87 mm. From 
drawings, the intake valve had a diameter of 36 mm and the exhaust valve had a diameter 
of 30 mm. This means the intake valves account for 38% of the bore plan area and the 
exhaust valves account for a further 26% of the bore plan area, meaning the valves 
consume approximately 64% of the available plan area in the cylinder head. 
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Figure 6-2: Flow coefficients 

 
6.2.4. Fuel Properties and Fuel Injection 

Liquid and vapour fuel objects were created to mimic as far as possible the measured 
properties of the fuel used for this test programme. This fuel is a 97 RON EN228-compliant 
fuel, identified by the code FB114882, supplied by Shell as a project partner. 

For the liquid fuel, the heat of vaporisation was specified as 0.95 MJ/kg and its density given 
as 0.7429 g/cm3. No information was available for the change in enthalpy with temperature, 
so the minimum values for the coefficients allowed in GT-Power were used (a coefficient of 
100 for temperature-dependence, no dependence on the square or cube of temperature). 
Default values for changes in conductivity and viscosity with temperature and pressure were 
also used. 

Carbon, hydrogen and oxygen atoms were specified per fuel molecule for the vaporised 
fuel as stated by the fuel’s data sheet, the number of sulphur atoms per fuel molecule was 
calculated from the measured mass of sulphur per kg of fuel and there was assumed to be 
no argon or nitrogen present. The lower heating value (LHV) was specified from the data 
sheet as 43,062 kJ/kg. As with the liquid fuel, default values for viscosity and conductivity 
of the fuel vapour were again assumed, and there was no consideration given to the change 
of enthalpy with temperature. 

The mass of fuel to be injected at each engine operating condition was calculated from the 
measured fuel flow rate on the test bed, the fuel was assumed to be at 90°C when it was 
injected, the start of injection timing was taken from the test data, while the duration of 
injection and nozzle details were carried over from the original UB100 engine model. 

The original UB100 model used the generic fuel ‘indolene’, available by default within GT-
Power, so was replaced by the specific properties for the fuel under test. 

6.2.5. Measured Data for Three-Pressure Analysis (TPA) 

The intention behind a TPA is to match the simulated in-cylinder conditions at the start of 
combustion to experimental data and then calculate the heat release which would be 
required from the trapped charge and in-cylinder combustible fuel quantity to generate the 
measured cylinder pressure as a function of crank angle. 
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It is possible that difficulties in achieving the necessary heat release may be encountered, 
such as needing to release more or less heat from the fuel than should be possible, given 
the LHV of the fuel and instantaneous quantity of unburned fuel in the cylinder. There may 
also be errors present with the measured cylinder pressure, such as inappropriate polytropic 
coefficients or requiring large offsets in cylinder pressure to match trapped conditions at 
IVC. 

For the TPA, the cylinder pressure data recorded from the UB100 full load torque curve was 
used. This data was recorded between 2nd March and 4th May 2012. Intake and exhaust 
pressures were also taken from the same indicated data sources. 

When looking at the crank-angle-referenced cylinder pressure, a local maximum in pressure 
around top-dead-centre (TDC) was sometimes seen up to 4 – 5 °CA after TDC. This is 
unusual, as due to heat transfer effects, the cylinder pressure should typically reach a local 
maximum slightly before TDC, normally around 0.6 – 0.7 °CA before TDC. A local maximum 
earlier or later than this could indicate either the presence of low-temperature heat release 
(LTHR), caused by the initial exothermic decomposition of the vaporised fuel, or could 
indicate a measurement error, such as an error in TDC location. The location of the local 
maximum was typically the same at all speeds where a local maximum could be observed, 
which makes LTHR less likely and a TDC error more likely. There were also no unusual 
changes in cylinder pressure which may indicate the presence of LTHR or a two-stage heat 
release process. To assess whether the root cause was likely to be a measurement error 
or a physical effect, simulations were run with and without a TDC offset applied. The results 
without a TDC offset suggested an unreasonably high LHV would be required for the fuel, 
with a greater pressure offset applied to the measured cylinder pressure and also 
demonstrated an unrealistic variation in polytropic coefficient during compression (ranging 
from less than 1.2 to greater than 1.7 over the course of the compression stroke). The heat 
release process also showed some abrupt changes and plateaus atypical of SI combustion, 
even with LTHR (which would more typically present as a second sigmoid function, such as 
the Wiebe function). With a TDC offset of 4 °CA applied, the required LHV of the fuel could 
be unrealistically low, but the heat release profile was much more reasonably described by 
a single Wiebe function. A lower LHV multiplier is preferable to a high multiplier, as a low 
value may indicate an inaccurate representation of combustion efficiency, but an 
excessively high LHV should be impossible to achieve if the fuel properties and flow rate 
are known confidently. 

While this analysis does not conclusively demonstrate that a TDC offset is required, the 
combination of lower pressure offsets, smoother heat release profiles and more stable 
polytropic coefficients have led the author to assume a TDC offset of 4 °CA is justifiable. 
Subsequent review with staff at the test facility at the University of Bath confirmed that they 
had also found a TDC offset of this magnitude to be present in the original data. 
Unfortunately, at higher speeds when heat release began quite close to, or in advance of, 
TDC, a local maximum in pressure around TDC was not clearly visible. On these occasions, 
the same TDC offset was assumed to have been required, due to the need to apply such 
an offset to all files at lower speeds. A TDC error is known to significantly affect the indicated 
mean effective pressure and will affect the crank angles for peak pressure and peak 
pressure rise rate reported in the test data, as well as the crank angle for a given proportion 
of fuel mass fraction burned. Therefore, the reported crank angles have been offset by the 
same amount as the cylinder pressure data when comparing results, and indicated mean 
effective pressures recalculated. 

Airflow was calculated from the measured lambda and the measured fuel flow rate, as 
described in Chapter 3, and the model tuned to ingest this quantity. Fuel injection quantity 
per cylinder per cycle was calculated from the measured fuel flow and engine speed and 
directly entered into the model. In this manner, the air and fuel flow were defined, and the 
simulated lambda ought to match the measured lambda. 
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The UB100 full load data also used EGR at several engine speeds. The EGR rate was 
calculated from carbon dioxide concentrations in the exhaust and in the intake system 
downstream of the EGR feed. When EGR was not demanded, the CO2 concentration at the 
sampling location (in the centre of the intake manifold) was measured at 0.04%, across a 
range of exhaust system pressure levels, engine speeds and valve timings, which was 
equivalent to an EGR level of around 0.3%. As the EGR for this project was uncatalyzed, 
there is a possibility that the EGR rate is incorrectly estimated by not considered the 
proportion of CO present in the recirculated gas [317]. 

To correctly account for the proportion of the fuel energy available which is used to generate 
work, and how much remains in chemical form, when undertaking a TPA it is necessary to 
specify either a target unburned fuel concentration or a target combustion efficiency. When 
calculating a combustion efficiency, the concentration of emissions relevant to carbon and 
oxygen concentrations are required as inputs. These are, namely, unburned fuel 
concentration (measured as gaseous hydrocarbons), solid carbon concentration, carbon 
monoxide concentration, hydrogen concentration (used for water-gas-shift reactions) and 
nitrogen oxide concentration. 

The high levels of carbon monoxide observed during these tests meant a considerable 
proportion of the fuel’s potential was remaining in chemical form and not being converted 
to useful work. Therefore, initially the measured gaseous pollutant concentrations were 
used to set a combustion efficiency target, calculated from Equation 8. To be compatible 
with the calculations within GT all measured exhaust emissions had to be given as their wet 
concentrations, which on occasion meant using Equation 9 to convert the observations from 
a dry basis to a wet basis. 

However, the combustion efficiency calculations could potentially cause issues when 
running at high load with high levels of valve overlap due to the opportunity for scavenging 
and post-combustion oxidation, explored in Chapter 3. In this case, the concentrations of 
carbon- and oxygen-containing compounds leaving the cylinder may differ from the 
concentrations measured by the emissions analyser, which is located considerably further 
downstream of the combustion chamber to manage the temperature and pressure of the 
sampled gas. 

This physical distance provides significant mixing length and residence time for post-
combustion oxidation reactions to occur, an issue which is compounded by the delay 
periods and rise times associated with the analytical equipment, meaning the observed 
concentrations may not reflect the ‘true’ cycle-average concentrations and almost definitely 
will not reflect the in-cylinder conditions at the end of combustion. This could be expected 
to result in a low LHV value required to match the observed heat release, as fuel energy 
released in the exhaust system upstream of the analyser would likely be erroneously 
attributed to heat release during combustion. 

Post-combustion oxidation should be apparent as a reduction in both oxygen and unburned 
hydrocarbon concentrations in the measured emissions compared to the simulated 
concentrations. The effect on carbon monoxide is difficult to quantify, as it is a kinetically 
controlled reaction and therefore subject to the effects of both temperature and residence 
time. Differences between simulated and measured exhaust temperatures may indicate 
exothermic reactions, as described in Chapter 3.9. Work undertaken within Jaguar Land 
Rover on the original Ultraboost project using crank-angle-resolved upstream and 
downstream hydrocarbon emissions measurements showed a simple chemical kinetic 
model for oxidation in the exhaust manifold could be calibrated to experimental data, but 
that particular study explicitly excluded operating points with high levels of carbon 
monoxide. That study confirmed that post-combustion oxidation in the exhaust manifold is 
likely under some conditions, but further work would be required to expand these results to 
more operating conditions and to incorporate carbon monoxide oxidation. 
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6.2.6. Friction Model 

For thermodynamic cycle simulations, the multi-body simulation (MBS) model of the 
cranktrain presented in Chapter 5 has to be reduced to one of the typical friction sub-models 
provided within GT-Power. The Chen-Flynn model is commonly used to describe changes 
in engine friction as a consequence of mean piston speed and peak cylinder pressure, while 
the other two built-in models (the ‘detailed’ sub-model, requiring maps of component friction, 
and the Schwarzmeier-Reulein sub-model) assume friction varies as a function of engine 
speed and load, specified as BMEP in both cases. The Schwarzmeier-Reulein sub-model 
further explicitly considers mean piston speed, bearing size, coolant and oil temperatures, 
and has a benefit over the ‘detailed’ sub-model in that it does not require full engine 
component friction maps to be generated. A fourth friction sub-model is available within GT-
Power, where a specific user-defined routine written in Fortran can be compiled and 
executed during simulation for modelling friction, but this was considered excessively 
complex and removes the ability to compare the simulation results against known 
correlations. From the results generated and described in Chapter 5, it is clear that the 
engine friction is more sensitive to load than to cylinder pressure, although both 
characteristics are required to fully describe the engine friction. Consequently, the 
Schwarzmeier-Reulein model was selected to model the engine friction, which is described 
herein. 

6.2.6.1. Schwarzmeier-Reulein Model Inputs 

The Schwarzmeier-Reulein (SR) friction model is intended to capture the friction effects of 
changing bearing diameter, engine speed, coolant temperature, oil temperature and engine 
load as deviations from a known reference point. As originally developed, the correlation 
used coolant temperature as a proxy for piston oil film temperature, but while implementing 
in its code, Gamma Technologies has enabled use of the cylinder temperature directly, 
should the user prefer. The equation as implemented by Gamma Technologies is provided 
below: 
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Equation 10 

In the above equation, parameters M1 to M4 are calibratable to account for the influence of 
piston speed, load, engine speed and main bearing size, and oil temperature respectively. 
During this test regime, the engine coolant and oil temperatures are kept constant, but the 
liner temperature would still be expected to vary with load. The bearing diameters were also 
constant, meaning this model most clearly described changes with engine speed and load. 
The distinction between engine speed and mean piston speed made by the SR model is an 
important one within this body of work, as the engine’s swept volume is changed by 
modifying the engine’s stroke. Therefore, different friction characteristics could be expected 
from the different engines within the Ultraboost platform at the same engine speed; the SR 
model offers the potential to capture that effect without any need to re-calibrate the friction 
model.  
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6.2.6.2. Model Calibration 

To calibrate the SR friction model, results from the MBS simulations were used, namely the 
engine speed sweep at constant indicated load, the BMEP sweep at constant engine speed 
and start of combustion, and the start of combustion (SOC) sweep with constant engine 
speed and trapped charge conditions. The SOC sweep was chosen to ensure ‘over-
advanced’ combustion was considered i.e. a level of combustion phasing which resulted in 
a reduction in torque compared to the MBT condition. 

In the interests of generating a very fast-running model for friction assessment, a crude 
‘filling-and-emptying’ thermodynamic model was constructed to enable charge trapping at 
approximately similar intake manifold conditions to the experimental data. Major engine 
geometric data, such as bore, stroke, conrod length and compression ratio were set 
appropriately, but intake and exhaust systems were simplified to single volumes and were 
not matched to the Ultraboost engines, nor were valve events or port flow coefficients. Heat 
transfer was defined using a Woschni model with default multipliers, including the overall 
heat transfer multiplier (a variation from the value of ‘2’ found to be necessary by Giles 
[344]), and a single cycle-averaged heat release profile was used for each engine speed, 
as used originally for the MBS model described in Chapter 5. Fuel was assumed to be the 
GT-Power default ‘indolene’ and the injected quantity was set to create a stoichiometric 
air/fuel ratio, based on ingested air flow rate. The aim of this thermodynamic model was 
solely to facilitate use of the Schwarzmeier-Reulein friction sub-model to closely mimic the 
cylinder pressure-volume histories as utilised in Chapter 5, and no attempt to match 
Ultraboost performance was made. This aim was achieved, as confirmed by comparing 
cylinder pressure data between SR and MBS models. 

The MBS model only simulates the friction of the cranktrain (as it is assumed to be the 
cranktrain friction which is predominantly affected by changes to engine stroke and load). 
Ancillaries, including water and oil pumps, are assumed to be independent of engine load. 
Although valvetrain friction is affected by changes in cylinder pressure during the valve-
open period and indirectly affected by engine load through the nominal spring pre-load, this 
system is also shown to be a relatively small contributor to the overall engine friction in 
Figure 5-12, particularly at higher speeds when the friction is also highest. In the MBS 
model, the temperature of the oil film between the liner and the piston is kept constant at 
180 °C, this value being used in the heat transfer sub-models from the original Ultraboost 
engine model. This value has been corroborated by a 1D finite-element model developed 
as part of this friction work and explained consequently. 

The MBS simulation results for the above cases for the 1991 cc engine (longest stroke) at 
the lowest compression ratio (9:1) and the 1623 cc engine (shortest stroke) with a 
compression ratio of 11:1 were collated and used to calibrate the SR model for the influence 
of engine speed, piston speed and load. 

It was desirable to find a single set of values for the coefficients M1 to M4 in Equation 10 
which at once described the characteristics of cranktrain friction with respect to engine load 
and engine speed, for both the short-stroke (1623 cc) and long-stroke (1991 cc) engines. It 
is recognised that without a specific cylinder pressure or combustion phasing variable, the 
effect of cylinder pressure will only be able to be considered insomuch as it affects engine 
load. As oil temperature is not varied at all through these simulations, the parameter M4 is 
left at its default value. 

  



Chapter 6 – Engine Performance Modelling 

Niall Turner Page 195 of 327 University of Bath 

Perhaps due to high piston ring tangential loads used with this particular engine design, the 
MBS results indicated the friction change of the cranktrain was much more linear with 
engine speed than the SR friction model estimated with its default calibration. 
Consequently, the weight given to the influence of mean piston speed was increased and 
the weight given to the influence of main bearing diameter (which increased proportionally 
to engine speed squared) was reduced. Tuning of the coefficients M1 to M3 was undertaken 
manually, guided by the average root-mean-square error between SR and MBS models. 
With M1 to M3 thus tuned (M1 = 12, M2 = 1.2, M3 = 0.1) the following results were observed. 

The reference point for each SR model was set using the FMEP identified from the MBS 
model at 25 bar IMEP at 2000 rev/min. This operating condition was chosen to match the 
majority of the experimental work. 

 
Figure 6-3: Cranktrain FMEP vs. indicated mean effective pressure (2000 

rev/min) 

 

Figure 6-4: Cranktrain FMEP vs. engine speed (25 bar IMEP) 
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Figure 6-5: Cranktrain friction vs. peak cylinder pressure (start of 

combustion sweep, 2000 rev/min) 

 

Figure 6-6: Cranktrain friction vs. brake mean effective pressure (start 

of combustion sweep, 2000 rev/min) 

Figure 6-3 through Figure 6-6 show the effect of IMEP, engine speed, peak cylinder 
pressure and BMEP on cranktrain FMEP respectively for both the MBS and SR models. 
These figures suggest that the calibrated SR model can capture the majority of the influence 
of large changes in engine load, but it is clear from Figure 6-5 that the SR model does not 
capture the impact of over-advancing combustion; the MBS model continues to increase in 
friction as the cylinder pressure increases, while the SR model shows a slight reduction in 
FMEP at the highest peak cylinder pressures (in keeping with a slight reduction in BMEP). 
However, in most practical knock-limited applications, it is unlikely the engine will ever 
operate at such a condition. 

Figure 6-4 shows a very good match between the models at 2000 rev/min, unsurprising as 
this was the chosen reference point, but the SR model appears in general to underestimate 
the increase in friction with engine speed for the short-stroke engine, while overestimating 
the influence of engine speed for the long-stroke engine. 
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Review of Figure 6-3 to Figure 6-6 also shows slight variation between the engine loads 
estimated by the two models. This is due to small differences in how the boundary 
conditions have been applied between the two modelling techniques. In an effort to assess 
the fidelity of the SR model, the errors in BMEP and FMEP between the models for 
approximately similar boundary conditions are shown in Figure 6-7 and Figure 6-8. The 
BMEP and FMEP errors were checked for correlation and no statistically valid correlation 
was found i.e. a large BMEP error did not necessarily produce a large FMEP error or vice 
versa. 

Figure 6-7 shows that across 90% of the simulated conditions, there could be up to 
approximately 10% error in the BMEP estimated between the models for nominally similar 
boundary conditions. Typically, the 1623 short-stroke engine suffered from greater errors 
than the 1991 cc engine. All simulated conditions had a BMEP error less than 15% between 
the models while half of the simulated conditions had an error of less than 2% in the case 
of the 1991 cc engine, and up to 4% in the case of the 1623 cc engine. 

If the MBS model FMEP is taken as the reference, Figure 6-8 shows that the error of the 
SR model was less than 10% for all simulated conditions, but again the 1623 cc engine had 
generally higher errors. 90% of simulated conditions had an error of less than 7% for the 
1623 cc engine, whereas all conditions had an error of less than 7% for the 1991 cc engine. 
Half of all simulated conditions had an FMEP error of less than 2% for the 1991 c engine, 
whereas half of all simulated conditions had an error of up to 5% for the 1623 cc engine. 

The purpose of this activity was to produce a friction model which captured the major friction 
impacts of changing stroke and engine load to allow relative comparisons between engine 
geometries. Considering that at approximately 1 bar FMEP, friction loss accounts for not 
more than 4% of the total indicated mean effective pressure, an error of up to 10% in FMEP 
(around 0.1 bar in absolute magnitude) is considered acceptable. For these reasons, the 
calibrated Schwarzmeier-Reulein friction model is considered an acceptable substitute to 
the multi-body dynamic model and is now used for the remainder of these modelling studies. 

 
Figure 6-7: BMEP error between MBS and Schwarzmeier-Reulein 

models 
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Figure 6-8: FMEP error between MBS and Schwarzmeier-Reulein 

models 

 

6.2.6.3. Influence of cylinder temperature 

After completing the model calibration as described above, the assumption of a fixed liner 
wall temperature in the SR model was replaced by GT’s in-built finite-element cylinder mesh 
to check the sensitivity of the FMEP result to piston oil film temperature. Where possible, 
default values for the finite-element model were utilised. 

The results indicated a high sensitivity of the SR model to the average liner temperature, 
with the consequence that the use of the FE mesh approximately halved the predicted 
sensitivity of FMEP to changes in engine speed or load. However, over the same range of 
speed or load, the average liner temperature with the FE model was predicted to increase 
by approximately 50% and 30% respectively. Predicted average liner temperature was 
almost unaffected by changes in the start of combustion and consequently FMEP was 
therefore similarly insensitive. 

These findings suggest that accurate prediction of friction with the SR model, when using 
the ‘Cylinder’ option recommended by Gamma, will also require careful estimation of 
cylinder liner temperatures, with a tendency to over- or under-predict friction if the influence 
of speed or load on liner temperature is not considered. However, without more knowledge 
of the appropriate boundary conditions within the Ultraboost engine, there is as much risk 
of overpredicting friction at high speeds or loads as underpredicting it at low speeds and 
loads, and therefore, for the comparative purposes for which this engine model is intended, 
a fixed wall temperature assumption is retained. The wall temperature of 180 °C, used 
during SR model calibration, also reflected the average wall temperature over the range of 
engine conditions simulated with the 1-D finite-element thermal network, so is considered a 
reasonable assumption for general use. 
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6.2.6.4. Developing a full engine friction model 

The final step is to estimate the full engine friction from the cranktrain friction. Figure 5-12 
indicates that at most speeds, the cranktrain accounts for approximately 70% of the base 
engine friction (excluding non-essential accessories). Therefore, the FMEP at the nominal 
condition is divided by 0.7 to provide an indicative full engine FMEP reference value, from 
which the SR model can predict changes due to speed, load, stroke, coolant and oil 
temperatures. 

6.2.7. Environmental Boundaries 

The intake boundary was set just upstream of the intake throttle, where the pressure and 
temperature were assumed to be equal to the values observed in the intake manifold during 
testing. The exhaust system had an orifice placed downstream of the exhaust manifold, 
followed by a long pipe (3 metres in length) to partly replicate the exhaust system of the test 
bed between the engine and the test cell extraction system, and partly to provide adequate 
settling volume to minimise any modelling artefacts caused by pressure waves and 
reflections. 

6.3. Model Calibration Results (‘UB100’ Full Load Power Curve) 
6.3.1. Engine Breathing 

Figure 6-9 and Figure 6-10 show how the modelled intake and exhaust pressures compare 
to the observed values. Figure 6-11 compares the intake manifold temperature between the 
modelled and observed values; it is clear from these figures that the boundary conditions of 
the test are adequately represented in the model (simulations not undertaken at 4000 
rev/min due to a lack of cylinder pressure data at this point). The consequent engine 
breathing characteristic of the engine are shown to be well-matched in Figure 6-12 at both 
low and high speeds, although some discrepancies are noted compared to test data at 3000 
rev/min. No obvious reason for this error is apparent, as issues with simulating flow losses 
would typically increase or decrease monotonically with engine speed. If a genuine issue 
exists, it is likely to be related to gas dynamic behaviour, which will be reviewed later. The 
measured log at 4000 rev/min was recorded with an erroneously low intake manifold 
temperature setpoint, however it is included as it still provides valuable insight into the 
breathing characteristics of the engine across the engine speed range. 

 
Figure 6-9: Inlet manifold pressure 
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Figure 6-10: Exhaust pressure 

 

Figure 6-11: Inlet manifold temperature 

 

Figure 6-12: Volumetric efficiency 

At all speeds a significant level of valve overlap is used (Figure 6-14), which would support 
a volumetric efficiency of greater than 100% and can be assumed to be contributing to a 
high level of scavenging when there is also a positive pressure differential between the 
intake and exhaust manifolds. An exhaust camshaft phasing of 30 °CA retard (MOP of 264 
°CA aTDCf) was used for all engine speeds. 



Chapter 6 – Engine Performance Modelling 

Niall Turner Page 201 of 327 University of Bath 

 
Figure 6-13: Intake valve timing 

 

Figure 6-14: Valve overlap at 0.5 mm lift 

With the model set up as described in Chapter 6.2, the airflow rate is matched as can be 
seen in Figure 6-15. The model appears to over-predict airflow by around 3% at low engine 
speeds and under-predict airflow by around 1% at high engine speeds. These errors are 
often of a similar magnitude to the errors in volumetric efficiency, but despite the error in 
volumetric efficiency at medium speeds noted at 2500 rev/min and 3000 rev/min, the air 
flow rate at these speeds is still matched to within 3%. The external EGR rate, shown in 
Figure 6-16, is imposed to match observed data. Consequently, the total charge flow rate 
is similarly well correlated. 

 
Figure 6-15: Air flow rate 
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Figure 6-16: EGR rate 

 
Figure 6-17: Charge flow rate 

 

Figure 6-18: Exhaust system pressure vs. flow rate 

It is also noteworthy that the volumetric efficiency is in excess of 120% at low speed, and in 
excess of 110% over approximately half of the speed range. This indicates the opportunity 
for a very high level of scavenging was present during testing, which could have caused a 
high level of in-cylinder enrichment to maintain an apparently stoichiometric mixture in the 
exhaust. 

One of the factors influencing volumetric efficiency is the pressure differential across the 
cylinder and its interaction with flow rate. Figure 6-9 and Figure 6-10 have already shown 
that pressures were closely matched and therefore pressure differential is closely matched, 
but to ensure the correct breathing characteristic is present it is informative to confirm how 
exhaust pressure changes with flow rate – this is shown in Figure 6-18 above. Despite the 
aforementioned errors in mass flow rate, the exhaust pressure as a function of flow rate is 
not substantially affected. The (simulated) intake manifold pressure versus (simulated) 
exhaust flow rate is also shown to indicate the pressure differential across the cylinder. 
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A large positive differential is present when the flow rate is below 900 kg/h (which is the 
case up to 5000 rev/min). 

The large pressure differential coupled with high (greater than 100%) volumetric efficiency 
leads to poor trapping efficiency at low speeds, shown in Figure 6-19. Trapping efficiency 
is as low as 92%, suggesting the in-cylinder mixture is likely to be approximately 8% rich, 
meaning the in-cylinder lambda is likely to be similar to the results observed for a lambda 
value of 0.9, presented in Chapter 4.2.7. This level of enrichment has already been shown 
to yield improved brake power and knock resistance. 

 
Figure 6-19: Trapping ratio 

The gas exchange work is compared using two metrics. On one hand, the cylinder pressure-
volume profile provides a measure of the work expended over the low-pressure loop of the 
cycle, and on the other, the pressure difference between the average intake and exhaust 
pressures observed during testing provides an independent estimate of the pumping, or gas 
exchange, work. With the advanced intake camshaft timings used for this test data there is 
little Miller effect present, and the pressure difference provides a reasonable approximation 
to the pumping work observed as a crank-angle-referenced assessment of pressure-volume 
change. With both measures, the work done can be expressed as a mean effective pressure 
value (PMEP). The PMEP value calculated from the cylinder pressure indicating system is 
usually transferred to the testbed in real-time while the engine is running, but it can also be 
post-processed from the cylinder pressure data. Figure 6-20 shows that the observed 
pumping pressure differential closely resembles the PMEP value when post-processed from 
the ensemble-averaged indicated data. 

The error between simulated and measured pumping mean effective pressure, as 
calculated from the indicated pressure-volume data, is relatively high, at up to 30% at 1500 
rev/min and around 35%, or around 0.4 bar, at higher speeds. However, trends are 
comparable and the engine speed at which pumping work transitions from a positive to a 
negative contribution to the overall engine work is well captured. As the simulation result 
deviates from both the average differential pressure and the ensemble-average analysis 
based on measured cylinder pressure data, it is likely the simulation is not capturing all of 
the characteristics of the gas dynamics present on the real engine. 
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Figure 6-20: Pumping mean effective pressure 

The pumping work can be seen to provide a positive contribution to the engine’s brake 
output up to 3000 rev/min, in line with the positive pressure differential also present up to 
this engine speed. Although the relative error on pumping work is significant, in absolute 
terms 0.3 to 0.4 bar is around 1% of the maximum BMEP (see Figure 3-9) observed from 
testing. As this is a relatively small difference and the trends are correctly captured, the 
simulation model is considered suitable for further use. 

6.3.2. Fuel flow rate and lambda 

The model was run to match fuel flow rate to the observed data, assumed to be measured 
accurately and shown in Figure 6-21. The error on airflow in the model then means the 
air/fuel ratio in the model will also be subject to some error, and the calculated lambda may 
not match the observed value. As fuel flow is matched to observed data, the lambda error 
should reflect the same magnitude of error as the airflow error. The comparison of observed 
and simulated lambda values is shown in Figure 6-22. The ‘effective lambda’ is calculated 
by GT-Power to reflect the relative oxygen concentration at the point of exhaust valve 
opening, in so doing this parameter comes closer to the in-cylinder lambda, while the 
‘apparent lambda’ is based on the total airflow and total fuel injected. 

This parameter shows the fuel-rich nature of the charge at low speed, as the effective 
lambda is lower (by around 6% at 1000 rev/min) than the apparent lambda. At higher speed, 
the in-cylinder lambda and apparent lambda are similar, reflecting the high trapping 
efficiency at these speeds. The general error between the modelled apparent lambda and 
the observed lambda is of the same magnitude as the airflow error, i.e. approximately 3%. 

 
Figure 6-21: Injected fuel quantity 
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Figure 6-22: Lambda 

6.3.3. Heat Release (TPA) 

With the cylinder filling and gas exchange processes assumed to be suitably representative 
as described in Chapter 6.3.1, and the charge composition and fuel quantity being 
adequately modelled as described in Chapter 6.3.2, the heat release process is then 
modelled. The TPA process within GT-Power [356] is used to calculate the heat release at 
each crank angle increment which would be required to achieve the observed cylinder 
pressure, given the cylinder volume, available fuel, cylinder charge composition and 
modelled heat transfer. The cylinder pressure data used was described in Chapter 6.2.5. 

As cylinder pressure data is usually recorded with a piezo-electric sensor capable of 
measuring cylinder pressures of over 100 bar, which is also sensitive to drift from cycle to 
cycle, GT-Power provides a means to adjust the measured pressure to improve the tuning 
of the model. Offsets of up to 0.5 bar are considered acceptable, given the accuracy and 
resolution inherent in using a sensor capable of measuring around 200 bar (0.5 bar is 
around 0.25% of full scale for a 200 bar sensor). Offsets in excess of 0.5 bar are flagged 
within GT-Power to identify a potential error with the calibration of the model to observed 
data. A cylinder pressure offset can also be expected to affect the polytropic coefficients of 
compression and expansion, so it is often instructive to review these values. 

In this case, the cylinder pressure offset required for best fit to observed data was slightly 
higher than 0.5 bar at two speeds but was typically within the threshold. The polytropic 
coefficient of compression was, in all cases, below 1.4, although quite a large variation in 
polytropic coefficient was apparent over the first twenty degrees following intake valve 
closing. However, on average, values between 1.25 and 1.34 were observed, with lower 
values observed at low engine speeds where heat transfer effects are expected to be more 
significant. These values are consistent with polytropic coefficients typically observed in 
direct injection gasoline engines. The polytropic index from the simulation at 1500 rev/min 
appears higher than the surrounding speeds because the combustion is more advanced at 
this speed than at 2000 rev/min. This means the 1500 rev/min data suffers less from heat 
loss than 2000 rev/min, increasing the polytropic coefficient, but in principle the trend for 
lower polytropic indices at low engine speeds remains present.  
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Figure 6-23: Cylinder pressure trace offset 

 

Figure 6-24: Polytropic coefficients of compression 

After offsetting the cylinder pressure trace, GT-Power will also compare the quantity of fuel 
energy required to match the measured pressure trace against the fuel energy available, 
given the measured exhaust emissions, to provide an LHV multiplication factor. If this value 
differs from unity by more than a few percent, this is indicative of issues with calibrating the 
model to the observed cylinder pressure data – for instance the fuel quantity could be in 
error, the fuel’s calorific value may be incorrectly modelled, the observed cylinder pressure 
data may be inaccurate, or the quantity of heat assumed to be released from the fuel (based 
on the observed exhaust emission levels) may be estimated incorrectly. 

In this case, the LHV multiplier, (Figure 6-25), shows very low values below 3000 rev/min, 
with the model requiring less than 90% of the available fuel energy to match the observed 
cylinder pressure. At 5000 rev/min and 6500 rev/min, the LHV multiplier is still less than 
unity, but is within the error margin expected, based on Gamma Technologies’ 
recommendations. 

The trend in combustion efficiency, shown in Figure 6-26, is reasonably well matched 
between GT-Power’s in-built calculations and the calculations from Equation 8 and Equation 
9, based on observed hydrocarbon and CO concentrations. However, the calculations 
based on testbed data show a tendency to over-predict combustion efficiency relative to 
GT-Power. This may indicate a difference in calculation methodology, as the equations are 
based on the same measured species as inputs – the GT-Power calculation is proprietary 
and likely considers more combustion species than Equation 8. As the emissions values 
used to calculate combustion efficiency are sampled downstream of the exhaust manifold, 
it is possible to over-estimate the heat released during combustion. In GT-Power, the 
measured emissions are assumed to be present at the end of the expansion stroke, 
meaning any heat release from the fuel which occurs in the exhaust system is inaccurately 
accredited to in-cylinder combustion. 
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There is evidence that a considerable amount of experimental heat release is occurring in 
the exhaust manifold, and therefore the amount of fuel energy released in the cylinder is 
being over-estimated. The predicted oxygen and carbon monoxide concentrations, shown 
in Figure 6-27 and Figure 6-28, show more oxygen and less CO than the measured data, 
particularly when scavenging is present (trapping efficiency less than 100%, see Figure 
6-19). Therefore, it is likely that at least part of the low LHV multiplier observed below 3000 
rev/min is due to over-estimating the amount of fuel energy released from in-cylinder 
combustion. The CO sub-model in GT-Power assumes the CO concentration is kinetically 
controlled and is exclusively caused by the reversible oxidation of CO by OH radicals to 
create CO2 and a hydrogen atom. This equation is known to be the dominant CO oxidation 
reaction [211]. The forward reaction rate constant in GT-Power is given in Equation 11, 
where A and B control the overall rate and temperature influence respectively. Both A and 
B are 1 by default. The reverse reaction rate constant is calculated from the equilibrium 
constant based on the prevalent thermodynamics. Although there is an option to continue 
combustion chemistry calculations until IVO, following the recommendation within GT-
Power, in this work the model is set to stop combustion calculations at the point of exhaust 
valve opening. 

)7_OW�Og =  × 6.76 × 10i × � ��×PPjI Equation 11 

As CO is an important intermediate species as the fuel is oxidised (see Chapter 2.3.1 and 
references [215, 216, 217, 218, 209, 251, 357]), but the oxidation of CO is dominated by 
the presence of OH radicals as opposed to oxygen atoms, it stands to reason that excess 
oxygen should cause decomposition of unburned fuel and should lead to carbon monoxide 
formation in the exhaust manifold, but not necessarily full oxidation to carbon dioxide. 

Another reason for the apparently low levels of heat release could be related to thermal 
shock of the cylinder pressure sensor, which can result in the sensor underestimating the 
true cylinder pressure. This is most likely to occur when there is a lot of knocking 
combustion, as knock can expose the sensor to very high temperatures and cause the loss 
of thermal boundary layers in the combustion chamber. From Figure 3-21, the lowest engine 
speeds for the UB100 build had a high prevalence of knocking cycles, so this is a feasible 
reason for the apparently low heat release and may mean that the model can better 
represent the in-cylinder conditions than the observed data, however, this cannot be stated 
with certainty. 

 
Figure 6-25: LHV multiplier values 
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Figure 6-26: Combustion efficiency 

 
Figure 6-27: O2 concentration in exhaust 

 

Figure 6-28: CO concentration in exhaust 

As a result of the low value provided for the LHV multiplier, when the calculated heat release 
profile is consequently run through GT-Power without artificially reducing the LHV of the 
fuel, the cylinder pressure, and subsequently the IMEP, is often over-predicted. 

Further evidence of heat release in the exhaust system can be found by looking at the 
predicted exhaust temperatures. To improve the correlation of volumetric efficiency in the 
case of hot residuals, the heat transfer in the exhaust ports was modified until the simulated 
thermocouple object gave a reasonable match to the test data. Although the match is not 
particularly good, overpredicting at low speed but with a closer match at high speed, to get 
to this point the heat transfer multiplier had been reduced to 20% of its nominal value, so 
there is already a very considerable reduction in heat loss in the exhaust manifold being 
applied. 
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The match on port temperature is better than the match on exhaust manifold temperature, 
which could indicate heat release occurring after the gas has left the exhaust ports. 

 
Figure 6-29: Exhaust temperature 

With the cylinder filling, fuelling, gas exchange, and cylinder heat transfer modelled as 
described previously, the heat release as estimated through the TPA process can be seen 
in Figure 6-30. A few characteristics are apparent – firstly, clear differences in instantaneous 
cylinder pressure during the exhaust stroke are apparent, particularly immediately after the 
blowdown phase near BDC and during the first half of the exhaust stroke when gas 
dynamics are more prevalent. This may suggest the model has not fully captured the 
exhaust gas dynamics of the installed exhaust system. However, at several speeds (notably 
1500 rev/min and 2000 rev/min), the pressure behaviour around TDC is well captured, the 
point at which the exhaust pressure dips below the intake pressure is well captured (5000 
rev/min and 6500 rev/min), and at all speeds the blowdown behaviour close to EVO is well 
captured. Given the above, the reason for the discrepancy in PMEP between simulation 
and observation at high speeds noted in Figure 6-20 is not immediately apparent, but at 
both 5000 rev/min and 6500 rev/min, over-estimates of pressure during the exhaust stroke 
and under-estimates of pressure during the intake stroke are both present, and occur at 
times when the cylinder displacement is changing rapidly. This means it is likely that the 
simulation is over-estimating the pumping losses at these conditions. 

 
Figure 6-30: Log PV diagrams (TPA) 

There is typically a discrepancy between the maximum pressures predicted by the 
simulation compared to those observed from the experimental data. This becomes apparent 
during the compression stroke, where the potential sources for such errors are reduced. 
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In this case, the error can only be due to in-cylinder charge composition, heat transfer from 
the cylinder during compression, the geometric compression ratio of the actual engine 
(which may not be equal to the nominal design intent), or a measurement error, such as a 
lack of linearity to pressure change, thermal shock, or a pegging error. 

In this case, the charge composition has been previously shown to be correct to within a 
few percent and the geometric compression ratio was measured during engine build, 
making it unlikely to be a source of the discrepancy. While there could be errors with the 
assumed evaporation characteristics and latent heat of vaporisation of the fuel, which could 
affect instantaneous cylinder pressure during the compression stroke, the magnitude of 
errors caused by these assumptions are assumed to be negligible. 

Errors with the heat transfer sub-model are generally more pronounced during the 
expansion stroke, when the cylinder temperature is higher and therefore heat transfer is 
greater. In this case, although the cylinder pressure is initially over-predicted, by EVO it has 
returned to levels similar to the observed data, in some instances even being slightly under-
predicted. Increasing the rate of heat transfer can reduce the error during the compression 
stroke but leads to a larger error during the expansion stroke, which was found to cause an 
overall greater error in work extraction. Higher heat transfer can also affect cylinder filling 
by affecting the density of residual gas and heat transfer from the cylinder to the fresh 
charge during cylinder filling for the next cycle. While attempting to balance these competing 
elements, a Woschni heat transfer multiplier of 1 was found to be optimal. 

It is not simple to isolate the effect of heat transfer and the effect of reduced in-cylinder heat 
release due to post-combustion oxidation in the exhaust manifold – in both cases, fuel 
energy is lost as heat and work extraction from the cycle is reduced, but in the former the 
energy is lost to the coolant system and the latter to the exhaust system. Given the 
closeness of the prediction at 5000 rev/min and 6500 rev/min, where scavenging is 
negligible, and the difficulty with matching the exhaust system temperatures shown in 
Figure 6-29, the heat transfer multiplier is assumed to be approximately correct, and the 
remaining over-prediction of pressure at low speed is assumed to be due to post-
combustion oxidation. 

However, this does not explain the remaining deviation between observed and predicted 
pressures towards the end of the compression stroke. As these errors are most pronounced 
at the engine speeds where cylinder pressure is highest and knocking frequency is high, 
some measurement error due to thermal shock or non-linear response to pressure is 
assumed to also be present. 

If the cylinder pressure is incorrectly measured, any knock models, which rely on pressure 
and temperature estimations inferred from the observed cylinder pressure, will be difficult 
to calibrate with confidence. 
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Figure 6-31: Instantaneous heat release profile (TPA) 

Figure 6-31 shows the instantaneous heat release profile, as calculated from the TPA 
process. There is an abrupt end to the heat release process at speeds up to 3000 rev/min, 
there is evidence of pre-spark heat release at 2500 rev/min, and the heat release rate at 
6500 rev/min is not smooth, despite using the ensemble-averaged pressure. There is no 
evidence of a two-stage combustion, or LTHR process, at any speed. It is expected that a 
Wiebe function may provide a more representative heat release profile, devoid of any 
potential signal noise. 

It is notable that the peak heat release rate tends to decrease as engine speed increases, 
reflecting the trend for longer combustion duration with increasing engine speed, as shown 
in Figure 3-28. However, the peak heat release at 5000 rev/min is lower than that at 6500 
rev/min. As 6500 rev/min is enriched (Figure 3-25), this might be explained by the tendency 
for faster heat release with enrichment (Figure 4-22). 

As part of the TPA, GT-Power provides an estimate of the Wiebe exponent which should 
provide the best match to the calculated heat release process. The default value, also 
described in Heywood [358], is 2, whereas the GT-Power estimate for this data varies from 
approximately 1 to over 4, see Figure 6-32. 

 

 
Figure 6-32: Wiebe exponent (TPA) 
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6.3.4. Full Engine Performance (TPA) 

As part of the TPA process, once GT has calculated the heat release profile, shown in 
Figure 6-31, it re-runs the simulation using the calculated heat release profile, assuming the 
nominal fuel energy is available (i.e. considering the injected fuel quantity, the in-cylinder 
air/fuel ratio and the combustion efficiency). In other words, unless instructed otherwise, the 
simulation disregards the previously-calculated LHV multiplier. 

The IMEP of the simulation is compared to the IMEP calculated from the indicated data and 
to the real-time IMEP recorded at the same time as the main data log. Unfortunately, the 
real-time log is subject to the TDC offset discussed in Chapter 6.2.5, and therefore is 
considered a less reliable metric than the indicated data. However, it is included to provide 
some insight into the condition of the engine when the rest of the data was recorded. 

Figure 6-33 and Figure 6-34 show that, as previously discussed, without reducing the 
energy available from the fuel, the simulation over-predicts the work extracted during the 
cycle, compared to the indicated data. The over-estimation is present at all engine speeds 
but is more pronounced in the gross indicated work (reflecting the slight over-prediction of 
pumping work previously presented) and is more pronounced at lower engine speeds, 
where the LHV multiplier is lower and scavenging is greater. Although blowby had been 
disregarded during model development to simplify the heat release calculations, for 
reference the measured blowby results implied around 3% - 4% of the total charge was lost 
during the cycle at low speed, dropping to around 0.5% by 4000 rev/min. These numbers 
may therefore reflect the maximum error which could be due to omitting blowby from the 
modelling process. 

 
Figure 6-33: Predicted vs measured gross IMEP 

 

Figure 6-34: Predicted vs measured net IMEP 

 



Chapter 6 – Engine Performance Modelling 

Niall Turner Page 213 of 327 University of Bath 

The over-estimation of work is also apparent in the brake output at most speeds, shown in 
Figure 6-35, although the simulation now appears to slightly under-predict performance at 
5000 rev/min. This is despite the good agreement observed in the cylinder pressure-volume 
relationship as shown in Figure 6-30 and the small error seen on the LHV multiplier in Figure 
6-25. 

When reviewing the simulated cylinder pressure from the TPA process in Chapter 6.3.3, the 
possibility of measurement error as a cause for the apparently low measured cylinder 
pressures was discussed. Further justification for measurement error is shown in Figure 
6-36, where the FMEP is calculated as the difference between the observed net IMEP and 
BMEP. These calculated values are compared with the FMEP from the simulation, 
calculated using the Schwarzmeier-Reulein model described in Chapter 6.2.6. As the FMEP 
model was derived based on measured motored friction from the brake dynamometer and 
not from the indicating system, the FMEP calculation without the TDC offset appears 
unrealistically high, at over 4 bar at 6500 rev/min. However, with the TDC offset applied, 
FMEP is reduced to below zero over the medium speed range. This would mean that the 
amount of work calculated from the cylinder pressure data is lower than the amount of work 
observed to be present from the engine dyno, which is impractical and implies the indicated 
data is being under-estimated. The engine dyno is calibrated and not subject to drift or TDC 
error in the same manner as the indicating system, so is considered to be the more reliable 
of the two measurements. 

 
Figure 6-35: Predicted vs measured BMEP 

 

Figure 6-36: Simulated vs. calculated FMEP 

It is possible that one of the reasons for errors at 5000 rev/min is due to phenomena present 
on the test bed during logging, but which was not captured in the indicated data, due to the 
slight time delay typically present between measurement systems. Figure 6-37 shows the 
same trends as IMEP and BMEP, namely that the simulation over-predicts at all speeds, 
but the error is greater at low engine speeds. 
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Up to 3000 rev/min and at 6500 rev/min, the average peak cylinder pressure calculated 
from the indicated data is similar to the peak cylinder pressure observed during test data 
logging, suggesting the indicated data adequately represents the engine behaviour when 
the other test data was logged. However, at 5000 rev/min, the indicated data and the peak 
pressure observed on the test bed deviate significantly. The location of 50% mass fraction 
burned (corrected for the TDC offset) and the 10% - 90% burn duration, shown in Figure 
6-38 and Figure 6-39 respectively, showed the same behaviour – a close match up to 3000 
rev/min and at 6500 rev/min, while a pronounced deviation is present at 5000 rev/min. 
Further, the location of 50% mass fraction burned at 5000 rev/min is considerably more 
advanced than might be expected from either the indicated data or the data at the 
neighbouring engine speeds. Although not shown graphically below, the angle of peak 
pressure behaves similarly, with real-time data closely matching the indicated data (less 
than 1 °CA error) up to 3000 rev/min, but with the real-time data showing a marked advance 
in angle of peak pressure of 2.5 °CA at 5000 rev/min. Referring back to Figure 3-27, it can 
also be seen that the UB100 data used here had more advanced 50% mass fraction burned 
locations than either the turbo-only or UB200 engine builds. 

One hypothesis for this behaviour is that when the test bed data was recorded, a number 
of fast-combustion and potentially knocking events were present, which were not present 
when the indicated data was recorded. These fast-burning cycles could have led to an over-
advanced mean MFB50 location and higher average cylinder pressure. This may explain 
why the indicated data does not reflect the engine’s operating condition at the time the rest 
of the test data was collected for the 5000 rev/min point. The overprediction in peak cylinder 
pressure is a direct result in the overprediction in engine load and heat release from the fuel 
– the angle of peak pressure and location of 50% mass fraction burned are well-matched 
to test data as a result of heat release derivation from indicated data. 

 
Figure 6-37: Predicted vs. observed peak cylinder pressure 

 

Figure 6-38: Predicted vs. observed MFB50 
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Figure 6-39: Predicted vs. observed burn duration 

 

Figure 6-40: Predicted vs. observed BSFC 

 

The over-prediction of engine load for a matched fuel flow rate leads to an under-prediction 
of brake-specific fuel consumption. Figure 6-40 shows the BSFC as calculated from testbed 
observations. From 2000 rev/min to 6500 rev/min, the BSFC error is up to 4%, but at 1000 
rev/min and 1500 rev/min, the error increases to around 10%. These magnitudes are 
considered small enough to enable the model to be used for comparative purposes, 
although ideally the errors would be reduced for quantitative predictions. 

6.3.5. Wiebe approximation of the heat release process 

Figure 6-31 reveals that many of the heat release profiles derived from the raw cylinder 
pressure data are subject to noise, and do not always return to zero before the completion 
of combustion. It could be expected that fuel burn rate would start at zero and tend to zero 
at the completion of the combustion event, as the fuel and oxygen are gradually depleted. 
An abrupt drop in heat release implies a sudden stop to the heat release process, most 
likely due to the onset of knock in the simulation. To resolve this issue and to improve the 
applicability of this work to various engine builds, while supporting quantitative analysis of 
the various factors influencing heat release, it is considered preferable to represent the 
combustion as a smooth Wiebe function. The Wiebe exponent is calculated by GT-Power 
during the TPA process by regressing the calculated heat release profile to the 
mathematical Wiebe function, given the ‘anchor angle’ and burn duration, taken to be the 
location of 50% mass fraction burned and the duration to burn between 10% and 90% of 
the charge respectively. 
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The Wiebe functions thus calculated are compared to the heat release profiles derived from 
the TPA process in Figure 6-41 below. It is obvious that the modelled heat release process 
very closely matches the calculated heat release profile from the raw cylinder pressure data, 
but tends to have an abrupt change towards the end of the heat release event, while the 
Wiebe approximation is smoother, but tends to underpredict the peak heat release rate. 
These differences are most noticeable at lower engine speeds. 

 
Figure 6-41: Wiebe heat release profiles 

6.3.6. Oxidation of partial combustion products in the exhaust 

The impact of over-estimating the amount of fuel combusted in the cylinder on the simulated 
work output and peak cylinder pressure has also been discussed previously. If it is assumed 
that the quantity of fuel consumed in the cylinder is being over-estimated due to the 
presence of post-combustion oxidation in the exhaust manifold, the cumulative mass 
fraction of fuel burned in the cylinder can be artificially reduced to better represent the 
observed indicated work. Without further action, this would lead to a significant increase in 
the quantity of unburned fuel entering the exhaust stream, causing this value to exceed the 
observed value of unburned hydrocarbons. 

To represent the oxidation of unburned and partial combustion products in the exhaust, 
originally a chemical kinetics scheme based on the reactions and reaction rates given in 
Newhall [211] was developed. However, the model runtime proved prohibitive so the use of 
the ‘Burner’ component within GT-Suite was explored. With this component, the fraction of 
combustible products oxidised within the burner is calculated based on a calibrated time 
constant. This component therefore allows the tuning of the model to represent both the in-
cylinder work and observed unburned hydrocarbon content in the exhaust, while 
simultaneously predicting the quantity of heat released from combustion in the exhaust 
manifold. 

However, the ‘Burner’ component has its own limitations. It cannot be discretised into sub-
volumes, so to avoid affecting the gas dynamics of the exhaust manifold, a single Burner 
component was added to each exhaust port, modelled as a single discretised length of 5 
mm. This led to a very fast reaction in the burner and an abrupt change in temperature over 
a very short distance, which proved difficult for the solver to handle. This was particularly 
the case with reverse flow, which occurred at most engine speeds where the engine could 
scavenge. This caused the model to require more cycles to converge, and longer runtime.  
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Also, the combustion chemistry within the ‘Burner’ component assumes equilibrium 
chemistry for the 13 species tracked by GT-Power, so the reaction rates cannot be 
manipulated. During model development it was found that a calibration for the kinetically-
controlled CO model (assuming reactions stop at EVO) could not be realised which could 
simultaneously match in-cylinder work, observed hydrocarbon and observed carbon 
monoxide emissions – typically the modelled CO concentration remaining in the exhaust 
after the ‘Burner’ was substantially lower than observed during physical experiments. It is 
assumed that in reality the oxidation of combustion products in the exhaust may not be 
complete and may generate a level of CO which is not being predicted by the ‘Burner’ 
component. Further, the in-cylinder CO model was found to influence both the convergence 
of the model and the work output of the cylinder during the expansion stroke. In this manner, 
there was a trade-off with the unburned fuel mass fraction, in that a greater quantity of CO 
production would cause more of the fuel energy to remain in chemical form and necessitate 
an increase in the fuel fraction burned, which would in turn reduce the exhaust hydrocarbons 
and necessitate a re-calibration of the ‘Burner’ time constant. The convergence criteria were 
also relaxed to aid the solver, from a cycle-to-cycle change of 2 K to a change of 10 K, but 
even this was not always sufficient to guarantee convergence. Before implementing the 
‘Burner’ and adjusting the CO sub-model, the GT-Suite model had converged at all engine 
speeds within 20 cycles. An optimisation exercise for the ‘Burner’ was attempted using the 
Direct Optimizer in GT-Suite, but often failed to solve correctly. 

For the results discussed below the CO model was left at settings which generated high 
engine-out CO concentrations, despite the impact on in-cylinder work and model 
convergence difficulties, to illustrate the potential for further development of the oxidation 
processes in the exhaust manifold. The pre-exponential calibration factor for the CO model 
was set to 100 (instead of 1 by default) and the activation energy multiplier was set to 0.1 
(instead of 1 by default). These values were derived from factorial experimental design, 
aiming to match the concentration of CO at the exit from the exhaust system to the 
experimental values (considering dry-wet corrections). 

6.3.7. Model calibration results with Wiebe function heat release and exhaust 
oxidation 

Given the discrepancy in FMEP identified in Figure 6-36, it should be expected that it will 
not be possible to simultaneously match IMEP and BMEP to the observed data. Errors in 
the modelled pumping work should also be considered. Given previously-discussed 
concerns on TDC location, sensor drift, thermal shock and polytropic indices, the brake 
output measurements are expected to be more accurate than the indicated data, and 
consequently the fuel fraction burned has been manipulated to match the observed BMEP, 
with the exception of 5000 rev/min, where fuel fraction burned was limited to the fraction 
consistent with the observed hydrocarbon emissions. 

With the burned fuel fraction so tuned, the brake and pumping mean effective pressure 
matches are shown in Figure 6-42 and Figure 6-43 respectively. The fuel fraction burned 
and exhaust temperatures (before and after the ‘Burner’) are shown in Figure 6-44 and 
Figure 6-45 respectively. The reduction in burned fuel fraction (relative to the original TPA) 
is shown to markedly reduce the exhaust port temperatures, yet the exhaust manifold 
temperature is still hotter than both the original TPA result and the experimental data. This 
is likely due to over-estimating the completeness of the combustion in the exhaust manifold, 
resulting in more chemical heat release and less CO content in the model compared to the 
experimental data. As discussed previously, the original TPA model required heat transfer 
scaled down to 20% of the nominal values to generate the values shown in Figure 6-45, 
while the inclusion of the ‘Burner’ components enabled exhaust system heat transfer to be 
returned to nominal values, which is taken as further evidence that some heat release was 
occurring in the exhaust manifold. 
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Figure 6-42: BMEP vs. engine speed, UPP1, Wiebe 

 
Figure 6-43: PMEP vs. engine speed, UPP1, Wiebe 

 
Figure 6-44: Burned Fuel Fraction 

 

Figure 6-45: Exhaust temperature simulation 
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The burned fuel fraction shown in Figure 6-44 is often between 80% and 90% of the injected 
fuel quantity. These values are broadly consistent with both the LHV multiplication factors 
exhibited in Figure 6-25 and trapping ratios of around 92% at low engine speeds (see Figure 
6-19). The trapping ratio implies around 10% of the fuel is likely to remain unburned in the 
cylinder, considering combustion efficiency is less than 100%.  

The changes to the exhaust system to incorporate the burner has had some effect on the 
gas dynamics and engine breathing, as seen in Figure 6-46 below. The cylinder pressure 
during the exhaust stroke is generally elevated in the case of the Wiebe function at 6500 
rev/min, while the pressure has also been slightly affected during the intake stroke. Such 
influences may be the cause for the difference in PMEP displayed at high speed in Figure 
6-43. 

Figure 6-46 also provides the first insight into the aggressiveness of the simulated CO 
production. With the Wiebe function, the pressure-volume characteristic is arguably closer 
to the observed data at 6500 rev/min than with the TPA result, while at 1000 rev/min the 
Wiebe function (incorporating the CO production sub-model) initially over-predicts the 
cylinder pressure but faces some abrupt changes to cylinder pressure through the 
expansion stroke. This is partly evidence of the difficulty with convergence of the model 
discussed in Chapter 6.3.6 (such abrupt changes would not be expected on a well-
converged model), but also coincides with significant changes in predicted in-cylinder CO 
and CO2 concentrations and a reduction in burned gas temperature, which could be 
expected to cause a reduction in cylinder pressure. The reduced temperatures also led to 
a substantial reduction in heat loss from the cylinder, which impacted volumetric efficiency, 
causing a greater deviation from measured data. 

Figure 6-47 shows that, at 6500 rev/min, CO and CO2 concentrations increase rapidly as 
the fuel is initially burned, with a gradual shift away from CO and towards CO2 after the fuel 
has burned as the temperature of the burned zone decreases. However, there is a local 
minimum between 60 °CA aTDCf and 90 °CA aTDCf, after which CO increases again, 
despite a continued reduction in burned and unburned zone temperatures. At 1000 rev/min, 
an abrupt increase in CO and reduction in CO2 occurs after the fuel has finished burning, 
with a local maximum in CO concentration occurring at a similar crank angle as the local 
minimum seen at 6500 rev/min. The burned zone temperature shows a marked reduction 
at the same time as the CO concentration undergoes rapid increase, in keeping with the 
energy balance required to convert CO2 into CO. As this change in pressure was not 
observed during the experimental studies, it is hypothesised that the predicted level of CO 
formation in the simulation model is currently too high. 

These abrupt changes in temperature, pressure, CO and CO2 concentration are expected 
to be due to an inappropriate calibration of the GT-Suite CO production sub-model. Yet, the 
simulated CO concentration in the exhaust manifold is still generally lower than was 
observed experimentally (Figure 6-48), despite the match achieved on unburned 
hydrocarbons (Figure 6-49). 



Chapter 6 – Engine Performance Modelling 

Niall Turner Page 220 of 327 University of Bath 

 
Figure 6-46: logP-logV diagrams of UPP1; TPA v Wiebe 

 

Figure 6-47: Emissions production vs. crank angle 

 

Figure 6-48: CO concentration in the exhaust manifold 
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Figure 6-49: THC concentration in the exhaust manifold 

The implication of the preceding discussion is that inclusion of a method to account for 
oxidation of partial combustion products in the exhaust manifold is advised to provide a 
reasonable prediction of temperatures in the exhaust system, observed brake output and 
observed hydrocarbon measurements. Evidence that increased in-cylinder CO production 
can reduce work output by retaining a proportion of the fuel’s LHV in chemical form has 
been presented. However, this work has also indicated that the simple ‘Burner’ model 
available within GT-Suite is unlikely to capture the full chemical effects of the oxidation 
processes occurring on the real engine. Attempts to approximate these effects in the model 
may have undesirable side effects, such as affecting the model runtime, convergence, 
engine breathing or a deviation from the observed in-cylinder performance. 

These effects are only likely to require consideration where the in-cylinder combustion 
efficiency is low i.e. where there is significant in-cylinder enrichment and high scavenge 
flow. The original TPA work showed that CO could still be matched with reasonable 
accuracy under enrichment when using the default in-cylinder CO model. 

More detailed understanding and simulation of the chemical processes occurring with partial 
combustion products remains an area for future work. 

6.3.8. UB100 model Conclusions 

From the preceding, it is concluded that the GT model can adequately capture the air flow 
and cylinder filling characteristics of the engine, with around a 3% error or less. The BSFC 
can be predicted to within 5% at most engine speeds, which is considered suitable for 
simulation studies involving relative changes. The BMEP error is often of a similar 
magnitude, as may be expected, but can be up to 10% at 1000 rev/min. Such values are 
typical by industry standards. A hypothesis is that the cause for this discrepancy is due to 
inconsistencies between the in-cylinder combustion performance and the recorded exhaust 
gas emissions, caused by significant levels of post-combustion oxidation in the exhaust 
under high levels of scavenging. This hypothesis has been investigated and it has been 
shown that it is possible to generate similar levels of brake torque, exhaust temperature and 
measured exhaust hydrocarbons with post-combustion oxidation, but more knowledge of 
the detailed thermochemical reactions would be required to fully calibrate a model to include 
this behaviour. The heat release profile has been devised, although a hypothesis that the 
recorded cylinder pressure data is not always fully representative of the genuine engine 
operating condition has been advanced, justified by analysis of the apparent friction losses 
and disparities between the composition of exhaust gas. 
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Despite these concerns, the model, excluding oxidation in the exhaust manifold, is 
considered suitable for use for comparative studies. However, using the model to quantify 
the maximum performance levels possible with an engine based on the Ultraboost engine 
architecture should be considered to be subject to error of up to 10%, particularly where 
operating conditions enable scavenging to occur. 

6.4. Knock Model Development 
6.4.1. Ignition Delay Correlation Model Development (spark sweeps) 

As described in Giles [344], a lot of the pre-defined knock models available within GT-Power 
are based on ignition delay correlations. While GT-Power does provide the ability to run a 
knock model based on chemical kinetic reaction schemes, such a model is often 
computationally expensive and requires knowledge of the appropriate reaction rates as 
functions of temperature and pressure for each of the reactions to be included in the model. 
Due to their relative simplicity, use of ignition delay correlations is preferable, but may cause 
some error in knock compared to the use of full chemical kinetic reaction schemes. Ignition 
delay correlations build on the work of Livengood and Wu [205], who demonstrated that the 
point of auto-ignition could be estimated as an integral of relative time periods, as described 
in Chapter 2.3. Livengood and Wu also showed that the vast majority of the relative delay 
time would be consumed in the final crank degrees leading up to auto-ignition, when the 
ignition delay period is short and in-cylinder temperature and pressure are relatively high. 
This means the accurate simulation of temperature and pressure conditions in the crank 
degrees shortly before the observed onset of knock is critical to developing an accurate 
knock model, and it is highly unlikely the temperature and pressure shortly before knock will 
be accurately simulated unless the temperature and pressure at the start of the 
compression process is accurately simulated. In all cases, the GT-Power knock models are 
based on Arrhenius’ law, i.e. equations of the form presented in Equation 1 and Equation 
2. 

Initially, an attempt was made to use a Douaud-and-Eyzat (DE) knock model [247]. This 
model is arguably the simplest ignition delay correlation (IDC) available. It assumes there 
is a single-stage ignition process, meaning the ignition delay is described by a single 
monotonic function of pressure and exponential function of temperature. This ignition delay 
is used as the denominator in the Livengood-Wu integral, with knock predicted to occur 
when the integral reaches unity. 

Such a model assumes ignition delay is proportional to the logarithm of the inverse of 
temperature, meaning the model cannot represent any non-linearity in the relationship 
between log(1/T) and ignition delay. As described in Chapter 2.3.1, certain alkanes exhibit 
‘negative temperature coefficient’ (NTC) behaviour in certain temperature ranges, meaning 
real fuels can demonstrate significant deviations from such a linear assumption. This model 
also does not allow for variations in ignition delay as a function of equivalence ratio, which 
is a characteristic of real fuels [210, 228]. This could be a concern for developing a knock 
model for the Ultraboost engine, which has exhibited variations in trapping ratio and in-
cylinder AFR, meaning the equivalence ratio varies with engine speed. 

Despite these reservations, an optimisation was run using the ‘direct optimiser’ with the 
default genetic algorithm in GT-Power to identify a single calibration for the DE knock model 
which would predict the onset of knock at similar MFB50 values to Figure 4-4. Heat release 
was described using the Wiebe functions developed from Chapter 6.3.3. A single 
optimisation cost function was used, with equal weight applied to each engine speed. 
Unfortunately, the optimiser could not produce a calibration which could adequately 
describe the knock-limited spark advance (KLSA) onset at all speeds. 

 



Chapter 6 – Engine Performance Modelling 

Niall Turner Page 223 of 327 University of Bath 

Therefore, a different knock model was assessed. GT-Power’s ‘Kinetics-Fit’ knock model 
was used, which provides for three Arrhenius equations in an attempt to capture differences 
in ignition delay behaviour at low, intermediate and high temperatures, while simultaneously 
allowing for an influence of fuel, oxidant and diluent concentrations. The intermediate 
temperature range (identified in the model and Equation 12 by i = 2) provides for NTC 
behaviour. This model is based on the work of Ra and Reitz [359], who assessed the 
autoignition behaviour of PRFs. By definition, this means the autoignition behaviour does 
not allow for the effect of fuel sensitivity on octane index discussed in Chapter 2.4.1. 

The Kinetics-Fit knock model in GT-Power uses two calibratable parameters; one which 
modifies the overall ignition delay time, and one which modifies the ‘activation energy’ i.e. 
the influence of temperature on ignition delay time. The induction time equation is given in 
the GT-Power help file as: 

�` = (Pk` .%&1006
l [Lm�n]Ul[%I]gl[>onm�^�]9l� 7lpq� Equation 12 

The overall ignition delay time is given by: 

1� = 1�P + �I + 1�\ Equation 13 

In Equation 12, i relates to the first, second or third Arrhenius equations and a, b, c, d, e 
and f are predefined values within GT-Power. ON refers to the octane number of the fuel, 
as given by the anti-knock index (AKI, see Equation 6, equivalent to a ‘K’ value of 0.5). From 
Equation 8 and using the approach laid out in [257], the results of the fuels studied by 
Remmert et al. [302] were critiqued and ‘K’ calculated, based on the knock-limited spark 
advance (KLSA) given in the paper. The value of ‘K’ for the Ultraboost engine at high load 
between 2000 and 3000 rev/min was found to vary from -1.6 to -2.3, meaning for all 
assessed cases ‘K’ was negative and the engine can be assumed to be operating ‘beyond 
RON’ (i.e. at higher pressures and/or lower temperatures than would be expected during 
the RON test). The octane index may therefore be higher than would be expected from 
either the RON rating of the fuel, or the AKI. The assumption that K is insensitive to the fuel 
is critiqued in [301], where it is found that changes in K can be related to reaching different 
operating points along a temperature-pressure isentrope before the Livengood-Wu integral 
reaches unity, which explains why ‘K’ tends to decrease with decreasing engine speed, 
increasing boost pressure and reducing temperature of the fresh charge. This finding also 
means a single characterisation of the octane index may be acceptable, if the ignition delay 
behaviour is adequately captured. 

The ‘Kinetics-Fit’ model is attempting to adjust ignition delay based on concentrations (in 
mol/m3) of fuel, oxygen and diluent in the unburned region, but requires the calibration of 
M1 and M2 to account for the influence of a given fuel or engine design. For example, ‘diluent’ 
could refer to residual gas or externally recirculated EGR. External EGR could be either 
catalysed or uncatalysed, but the chemical reactivity of the EGR gas is changed by catalysis 
(particularly the removal of NO and CO which are known knock promoters), and so a 
modification of M1 and/or M2 may be required, depending on whether the EGR is internal or 
external. Following the reasoning from Szybist et al. [311], the change in ignition delay with 
dilution and its influence on the fuel’s NTC behaviour may vary with temperature and 
pressure, meaning a single calibration for M1 or M2 may not be appropriate over the entire 
range of engine operation. As previously discussed, the AKI may not adequately reflect the 
knock behaviour of the fuel in regions where the engine’s ‘K’ value is significantly different 
to K = 0.5, requiring adjustment to the ignition delay time. Whereas the sensitivity to 
pressure is captured explicitly in the Douaud-Eyzat model, it is captured implicitly in the 
kinetics-fit model via the concentrations of fuel, oxygen and diluent. 
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Taking logs of both sides, Equation 12 may be rewritten as: 

ln �` = ln (P + ln Sk` .%&1006
l [Lm�n]Ul[%I]gl[>onm�^�]9lY + s̀(I × 1� Equation 14 

i.e. for a given octane number, fuel, oxygen and diluent concentrations, the logarithm of the 
induction time is directly proportional to 1/T, where M2 adjusts the constant of proportionality 
(i.e. the sensitivity of induction time to temperature) and M1 adjusts the induction time at 
infinitely high temperatures. 

In the formulation described by Equation 14, a change in octane number or a global 
adjustment of the influence of fuel, oxygen or diluent concentrations could be effected by a 
change in the calibrated value for M1. Unfortunately, the influence of these parameters 
cannot be adjusted independently, but they can be aggregated into the calibrated value of 
M1. 

The calibratable value M2 determines the change in ignition delay time with temperature 
but, as it affects all three Arrhenius equations, it also determines the temperature range 
over which the model transitions from the low-temperature to the high-temperature ignition 
delay regimes and its gradient. The value of M2 therefore determines how much NTC 
behaviour is displayed in the engine. However, it is not possible to individually modify the 
temperature gradients of the low, intermediate or high ignition delay regimes and therefore 
it is also not possible to independently adjust the location or gradient of this transition region. 
A high value of M2 leads to generally less sensitivity to temperature, lower overall ignition 
delay times and transition from low to high ignition delay regimes occurring at relatively low 
temperatures, while a low value of M2 means the ignition delay is more sensitive to 
temperature and the transition from low to high ignition delay regimes occurs at higher 
temperatures. 

To calibrate the Kinetics-Fit knock model, boundary conditions were extracted from 18 of 
the operating conditions presented in Chapter 4, in each case using the test point closest 
to the borderline knock condition. These boundary conditions are demonstrated in Figure 
6-50. The design space is sparsely populated and the design is not balanced and separable 
(i.e. there are more cases at some combinations of boundary conditions than at others), but 
it covers a reasonable range of operating conditions, so a knock model calibrated to work 
over this range of conditions is expected to be suitable for general use. 

As with the Ultraboost full load model developed in Chapter 6.3, before calibrating the knock 
model, the in-cylinder conditions need to be appropriately simulated. To provide evidence 
of this,  Figure 6-51 and Figure 6-52 show the match which was achieved on airflow (fuel 
flow being defined as an input) and the LHV multiplier required to match the in-cylinder 
work. Air flow rate is matched to within 5% of the experimental data, often within 3%, 
although the model still tends to over-predict air flow. This is because volumetric efficiency 
is over-predicted by a similar amount (3% - 5%). Trapping ratio is greater than 99.99% in 
all cases, therefore scavenging is not occurring and is not responsible for this error. 

To achieve this match, it was necessary to retard all camshaft phasings by 5 °CA when 
using the ‘high lift’ cam profiles. At 4000 rev/min, the use of the ‘high lift’ cam profiles led to 
a substantial over-estimation of air flow, but use of the ‘low lift’ profiles (with a further 5 °CA 
retardation) led to the match shown in  Figure 6-51. Problems with the engine not switching 
correctly between high lift and low lift cam profiles were known to have occurred during the 
experimental investigation, and unfortunately there is no specific on-engine measurement 
to identify which cam profile was actually in use for each test. Therefore, it is undesirable, 
but feasible, that the low-lift profile is used to achieve the air flow rate match at 4000 rev/min. 
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The LHV multiplier is between 90% to slightly more than 100%, with around half of the cases 
being within the GT-Suite recommendation of 100% ± 5%. The LHV multiplier is closer to 
unity than was observed for the UB100 engine when scavenging was occurring. The model 
is similar to the UB100 model (without the use of ‘Burner’ components in the exhaust), with 
the exception of the exhaust manifold, which had been physically changed from the log 
manifold to the 4-into-1 water-cooled design between the UB100 build and the knock 
investigations. 

Once the model had been developed, the GT-Suite direct optimiser was used to calibrate 
M1 and M2. The metric used for the calibration was the induction time integral. Each case 
was given equal weighting, and the optimisation sought to minimise the sum of the square 
of the errors between the calculated induction time integral and a target of 1.005 (i.e. just 
above the knock threshold) across all cases. 

The equal weighting for each case can still imply an inherent bias in the optimisation as the 
design is not balanced and separable, meaning the optimiser will see a bigger benefit when 
it is able to minimise the error on a variable which impacts a disproportionate number of 
cases. The relatively small number of cases with enrichment, EGR or at higher compression 
ratio may lead to these conditions being disadvantaged relative to the larger number of 
cases at 2000 rev/min operated without EGR and at stoichiometry. For this reason, as well 
as to reduce the runtime, 8 cases of the 18 were used for the optimisation. These cases are 
detailed in Table 14 below. All cases in this subset were from the 1991 cc engine, operating 
with nominally 30 °CA intake camshaft advance and 20 °CA exhaust camshaft retard. 

This enabled the other 10 cases to be used as validation cases, in particular the changes 
in camshaft phasing, lower engine speeds, higher compression ratios and other swept 
volume engines, which would all be ‘outside’ of the calibrated design space. 

 
Figure 6-50: Matrix plot demonstrating boundary conditions for knock model development 
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 Figure 6-51: Knock model calibration - air flow rate 

 

Figure 6-52: Knock model calibration - LHV Multiplier 

 

Case Compression 
Ratio 

Engine Speed 
(rev/min) Lambda EGR Rate 

(%) 
MAP 

(kPaA) 

Exhaust 
Pressure 
(kPaA) 

1 9 4000 1.01 0 230.0 277 
2 9 4000 0.92 0 235.2 283 
3 9 4000 0.83 0 234.8 284 
4 9 2000 1.01 0 257.0 228 
5 9 2000 1.01 10 277.5 247.4 
6 9 2000 1.01 0 267.2 243.8 
7 11 2000 1.03 0 272.3 244.3 
8 9 2000 1.03 0 282.4 266.7 

Table 14: Knock optimisation model boundary conditions 
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The optimiser used was a genetic algorithm using the default NSGA-III solver, run for in 
excess of 12 generations (the optimisation was stopped before the 13th generation had 
concluded, as no further improvement in optimality was observed) with a population size of 
10 per generation. Default values were used for other optimisation settings, such as 
mutation rate. In total 123 iterations were assessed (although some iterations were 
duplicates of previous designs, defined by the optimisation algorithm) and at the end of the 
optimisation, there was no single set of calibrations which could simultaneously provide a 
knock induction time integral close to unity for all cases. 

This implies that even the kinetics-fit model is not capturing all of the thermochemistry 
present with the Ultraboost engine and this specific fuel. In general, Case 2 (lambda = 0.9) 
proved the most challenging, with none of the iterations generating a knock induction time 
integral between 0.95 and 1.05. Typically, there were only two or three combinations of M1 
and M2 which would provide induction time integrals within 0.95 and 1.05 for each case. 
Often the ideal values for M1 and M2 changed from case to case, but the values were within 
certain ranges; M1 varied from 2.5 to 7.9 and M2 varied from 1.06 to 1.20. 

On review of the individual results, and with some additional simulations to tune the 
particular parameters (i.e. to assess combinations of M1 and M2 which may not have been 
selected as specific designs by the optimisation algorithm), M1 was set to 5.25 and M2 to 
1.144. 

With the knock model so tuned, the induction time integral for the 18 cases was assessed. 
The results can be seen in Figure 6-53 below. Cases 1, 2, 3, 9 and 10 represent operation 
at 4000 rev/min, Case 12 is a 1500 rev/min case, while the other cases are at 2000 rev/min. 
Case 2 is operating at approximately 10% enrichment, Case 3 at approximately 20% 
enrichment, while the other cases are nominally at stoichiometry (each case using the 
observed fuel mass flow rate). Case 5, Case 9 and Case 10 use EGR at approximately 10% 
of total charge, while the other cases do not use EGR. The cases use the 1991 cc engine 
with a nominal 9:1 compression ratio, except Cases 7, 8 and 12 (which use the 1991 cc 
engine at a nominal 11:1 compression ratio) and Case 11 (which uses the 1623 cc engine 
at a nominal 11:1 compression ratio). Cases are at nominally 30 °CA intake camshaft 
advance and 20 °CA exhaust camshaft retardation (albeit with the phasing shifts described 
above), except Case 13, Case 14 and Case 15, which all use 0 °CA exhaust camshaft 
retard and intake camshaft advance of 60 °CA, 30 °CA and 0 °CA respectively. Full details 
of the boundary conditions for each case can be found in the Appendix. ‘Original’ and 
‘Modified’ data refer to changes in the implementation of the knock integral, described 
below. Experimental data for each operating condition is assumed to be effectively at a 
knock induction integral of close to unity in all cases (borderline knock). 
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Figure 6-53: knock induction time integral assessment 

From Figure 6-53, it is seen that a lot of cases with the ‘original’ implementation are more 
sensitive to knock in the model than in reality (indicated by an induction time integral greater 
than unity), with the exception of the EGR cases at 4000 rev/min (Cases 9 and 10), where 
the propensity for knock is underestimated. 

The effect of EGR at 2000 rev/min is overestimated, relative to similar cases (e.g. Case 4 
and Case 6), but all of these cases are predicting a greater level of knock than was observed 
during experimental testing. This is in accordance with experimental data, where the effect 
of EGR was minor at 4000 rev/min but significant at 2000 rev/min, whereas from the 
literature [311], at high intake pressure conditions, EGR would be expected to be more 
effective at 4000 rev/min than at 2000 rev/min. It is possible this fuel is reacting differently 
to the PRF chemistry assessed when developing the Kinetics-Fit model. 

The effect of fuel enrichment is underestimated for the ‘original’ implementation, as shown 
by the increase in induction time integral from Case 1 to Case 3 as the charge is enriched. 
However, the effect of changes to compression ratio and swept volume is captured 
reasonably, judged by the moderate change in induction time integral between cases 7, 8, 
11 and 12. The effect of intake camshaft phasing may also not be captured well, as there 
is quite a large and inconsistent change in induction time integral between cases 12 and 
15, and the effect of exhaust system pressure is also expected to be overestimated, judged 
by the increase in induction time integral between cases 16 and 18 inclusive. 

The Kinetics-Fit induction time integral error of approximately -0.3 to +0.7, even after a level 
of optimisation, is in line with the findings of Giles [344], who showed this model had a mean 
absolute integral error of 0.98, albeit without optimisation. In this case, after optimisation, 
the mean absolute error over the 18 cases is 0.37, a marked improvement. The mean knock 
induction time integral for these 18 cases is 1.31, suggesting that after optimisation this 
model still has an approximate 31% over-estimation. As a comparison, the best-performing 
IDC assessed by Giles showed a mean absolute error of 0.55, and therefore this calibrated 
knock model can be considered comparable to the best models assessed by Giles. 

Based on this limited data and the formulation for ignition delay given in Equation 14, the 
parameter M1 was modified to provide a crude correction for the effect of lambda and EGR, 
as these are two of the largest levers which are known to significantly affect the propensity 
for knock. Intake manifold pressure is another lever, but over the course of this study, its 
range of variation was modest, at around 0.5 bar. 
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Although exhaust system pressure was shown in Chapter 4.2.4 to have an influence on the 
knock resistance of the engine, the simulated residual gas fraction for these modelled cases 
(excluding EGR cases) was relatively consistent, between 4.4% and 6.4%, and therefore 
residual gas fraction was not used to modify the ignition delay period to avoid the risk of 
high statistical leverage. The parameter M1 was subsequently calculated as: 

(P = 1.2 × 5.25 × �1 ' 3 ∗ Mt$�	c1 + 2.5�1 ' u�d Equation 15 

where EGR was given as a fraction. This provided for a nominal 20% increase in induction 
time from the original results, which would move the mean knock induction time closer to 
unity, and provide for a reduction of up to 0.3 units for 10% EGR fraction and an increase 
of up to 0.5 units for 20% enrichment. This correction makes EGR less effective for knock 
mitigation, improving the knock model performance at 4000 rev/min, but degrading it at 
2000 rev/min. The results from the modified knock model are also shown in Figure 6-53, 
denoted as ‘Modified’, and demonstrate that the correction has moved the knock induction 
time integral closer to unity for the majority of cases, with Case 5 being the sole exception 
(representing operation at 2000 rev/min with 10% EGR; experimental results implied little 
benefit from EGR was seen at this condition). 

To implement the revised M1 parameter described in Equation 15 requires input of the EGR 
rate and lambda value. These values may change throughout the cycle, or the in-cylinder 
conditions may deviate from the global values. For example, if using global air/fuel ratio, the 
knock model could not capture in-cylinder enrichment caused by a high level of scavenging, 
and the model would likely not represent the true knock-limited performance of the engine 
under this operating condition. Therefore, the performance of this knock model will be 
sensitive to the implementation of M1 and M2. 

From Equation 12, the induction time is directly proportional to the value of M1, meaning the 
induction integral given by Equation 3 should be proportional to the inverse of M1. Further, 
M1 should not change throughout the cycle (as EGR and trapped air/fuel ratio are fixed for 
a given cycle at IVC timing) and therefore it should be possible to scale the knock integral 
at the end of the cycle to reflect the particulars of that cycle and use this corrected value to 
adjust knock controllers. GT-Suite does not provide a mechanism to adjust the knock model 
parameters once the simulation has started, but manipulating the knock integral a posteriori 
via mathematical equations within the simulation enables controllers to react to the desired 
parameter value. A compromise solution was reached by setting M1 in the knock model 
equal to the constant part of Equation 15 (i.e. a value of 6.3) and subsequently scaling the 
knock integral by (1 – 3 * EGR) * (1 + 2.5*(1 – λ)) for control purposes. 

As with the UB100 results, a Wiebe function was then used to approximate the heat release 
process, and the impact of this change in heat release profile, as shown in Figure 6-53, has 
been to reduce the knock induction time integral slightly for many cases. The heat release 
profiles for the calculated and Wiebe functions are shown in Figure 6-54. In many cases, 
the differences appear subtle, but have still demonstrated a significant change in knock 
induction time integral. 
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Figure 6-54: Wiebe function vs. calculated heat release profiles, knock model 
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Figure 6-53 also shows what could be achieved if a control system was used to change the 
combustion phasing to maintain a knock induction time integral of 1.005, ± 0.004. A 
maximum MFB50 threshold of 35 °CA aTDCf was set, and this explains why some cases 
show a slightly higher knock induction time integral than unity. A maximum MFB50 of 35 
°CA aTDCf is selected to give a value of MFB90 (90% mass fraction burned) location of 
approximately 40 °CA aTDCf, in line with the latest combustion phasing which still gave 
reasonable combustion stability in [155]. 

The MFB50 timing required to achieve this knock threshold is shown in Figure 6-55. The 
shift from the original calculated heat release profile to the Wiebe function has had a modest 
effect, suggesting the Wiebe functions are reasonably representative of the combustion 
process, while the implementation of the control system has had a much more pronounced 
effect on MFB50. 

 
Figure 6-55: MFB50 for different heat release profiles and knock-

limited operation 

 

Figure 6-56: Predicted maximum unburned gas temperature 

The mean error in knock-limited combustion phasing from Figure 6-55 is around 5.7 °CA 
and the standard deviation of the shift is 3.4 °CA, meaning the error in the knock model is 
likely to be 5.7 °CA ± 6.7 °CA (95% confidence, assuming errors are normally distributed). 
The maximum error is over 12 °CA (the 10% EGR case at 2000 rev/min again), or over 10 
°CA if that operating condition is excluded, both in line with the statistical estimate. Although 
not directly comparable to the error in angle of knock onset as assessed by Giles in [344], 
these magnitudes of combustion phasing error are consistent with the magnitudes of errors 
in knock onset observed by Giles. In all cases, the calibrated knock model is more 
conservative than the experimental data, although there is only a small difference at 4000 
rev/min. This may indicate that simulations using this knock model will be conservative, but 
may also mean that extrapolating to speeds beyond 4000 rev/min could lead to an over-
estimation of the engine’s knock-limited performance. 
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Figure 6-56 presents the maximum temperature of the unburned gas predicted by the 
simulations under the influence of the different heat release profiles and combustion 
phasings. The maximum temperature is typically in the range from 850 K to 950 K, except 
for Cases 11 and 12, which had a lower predicted maximum temperature for all simulations. 
These two cases were the lowest engine speed, 1500 rev/min, and had the highest intake 
manifold pressures of all the cases. Figure 6-57 plots the maximum unburned zone 
temperature against the intake manifold pressure. For all models, this relationship is 
statistically significant, with a higher intake manifold pressure being correlated with a lower 
maximum unburned gas temperature. The maximum unburned gas temperature drops by 
approximately 70 to 90 K when intake manifold pressure increases from 2.2 bar to 2.7 bar, 
to around 800 K. 

 
Figure 6-57: Maximum unburned gas temperature vs. intake manifold 

pressure 

 

Figure 6-58: MFB50 error, knock model 
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Reviewing the EGR cases in particularly, Figure 6-59 shows the pressure-temperature 
trajectories simulated for the EGR cases used during knock model development. The 2000 
rev/min case operates at higher pressure than the 4000 rev/min cases for similar unburned 
gas temperatures, meaning the 2000 rev/min cases are further from the RON test 
conditions. From the information presented by Szybist et al. [311], the 2000 rev/min case is 
more likely to operate in the region where the fuel’s ignition delay is dominated by 
temperature, so a reduction in unburned gas temperature could be expected to be the 
primary factor influencing knock resistance, irrespective of the in-cylinder pressure. Figure 
6-59 shows that the cooling effect of EGR is clearly apparent at 2000 rev/min, but is not so 
apparent at 4000 rev/min, while the elevation of in-cylinder pressure to compensate for the 
load reduction caused by the introduction of EGR  is more apparent at 4000 rev/min than 
at 2000 rev/min. Referring to Szybist et al. again, at the intermediate pressures and 
temperatures observed at 4000 rev/min, pressure is more influential on the ignition delay 
period, although the magnitude of influence will depend on the particular fuel properties. 
This behaviour might explain why EGR provided a greater observed benefit at 2000 rev/min 
than at 4000 rev/min, which is not in line with the expectations from Szybist et al. 

 
Figure 6-59: Pressure-temperature trajectory for EGR cases 

As the original assessments were assumed to represent borderline knock conditions, the 
error between the predicted MFB50 when using the Wiebe functions controlled to a target 
knock induction time integral and the MFB50 calculated from the original TPA can be 
assumed to represent the error in the knock prediction. This error is presented graphically 
in Figure 6-58. On average, the knock model results in an MFB50 timing of approximately 
5.7 °CA more retarded than the raw data, with a standard deviation of 3.4 °CA. The errors 
could be reasonably approximated by a normal distribution, and there is a very low 
probability that such a distribution could have a mean error of zero – statistically, this knock 
model is likely to generate a knock-limited combustion phasing of between 4.3 °CA and 
around 7.1 °CA more retarded than suggested by the observed data. This magnitude of 
error is considered acceptable for the simulation purposes of this thesis, but highlights the 
challenges with correlating a single IDC knock model over a range of operating conditions. 

Exploring the error in more detail, statistically significant trends with engine speed and 
intake manifold pressure can be identified, with the difference between observed and 
predicted knock-limited combustion phasing increasing by approximately 2.5 °CA every 
1000 rev/min and reducing by 10 °CA for every 1 bar increase in intake manifold pressure. 
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This makes the model more accurate at higher intake manifold pressures and lower engine 
speeds. 

However, in contrast to explicit allowances for fuel and diluent concentration in the Kinetics-
Fit knock model, as identified in Equation 14, there is no obvious mechanism to manipulate 
the knock model for changes in engine speed or boost pressure – such changes should be 
accommodated through the residence time or concentrations of fuel, oxygen and diluent, 
all of which are already included in the knock model. To prevent the risk of ‘over-fitting’, or 
tuning the model too precisely to the limited number of cases simulated, the knock model is 
not corrected for the apparent changes with engine speed or intake manifold pressure. 

The consequence of not adjusting the knock model is likely to be an over-prediction of the 
engine’s knock performance at high speeds, as the knock-limited combustion phasing 
becomes more advanced as speed rises and intake manifold pressure falls. These effects 
are often coupled, as the higher volumetric flow rate and reduced time available for heat 
loss at high engine speeds tend to result in lower intake manifold pressures at the 
performance limit. 

6.4.2. Knock Model Verification (‘UB100’ engine model) 

If the UB100 model is re-run using the same Wiebe functions and burned fuel fraction as 
shown previously, but allowing the combustion phasing to vary to find the knock-limited 
combustion phasing, the results in Figure 6-60 and Figure 6-61 are obtained. From the 
statistical binary logistic knock models developed in Chapter 4.1, combustion phasing 
retardation of between 3 °CA and 11 °CA from the observed data was expected at the true 
knock limit, and from the knock model calibration a mean retardation of 5.7 °CA was 
expected between the true knock limit and the modelled knock limit, implying a knock-limited 
combustion phasing of between 8 °CA and 17 °CA more retarded than observed data may 
be expected. 

The model produced a median error of 9 °CA, but that is partly because the model 
significantly under-estimated the combustion phasing necessary at 6500 rev/min, as shown 
in Figure 6-61. This provides further evidence that the knock model may not be suitable 
when extrapolating to speeds above the maximum speed used during calibration, 4000 
rev/min. Further, at 1500 rev/min and 1000 rev/min, the combustion phasing control has 
reached its limit (retardation beyond 35 °CA aTDCf was prohibited on the basis combustion 
would likely be too unstable at later combustion phasing), at which point the model was 
predicting a knock integral of 1.02 and 1.07 respectively. Therefore, engine BMEP at the 
true knock limit could be expected to be slightly lower than simulated in Figure 6-60. Despite 
these caveats, the median absolute error was around 12 °CA, which is of the expected 
order of magnitude. 

 
Figure 6-60: BMEP, UB100 model (including knock model) 
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Figure 6-61: 50% mass fraction burned, UB100 model (including knock 

model) 

Compared to the use of the same Wiebe combustion profiles with combustion phasing 
matched to experimental data, the knock-limited performance is reduced by around 2 bar 
BMEP on average, or by around 5%. Six of the seven observed conditions (85%) showed 
a knock-limited BMEP within 10% of the experimental value. While some reduction from the 
experimental value was expected (as the experimental values were previously shown to 
have excessive knock), some of this reduction is due to the conservative knock model below 
4000 rev/min, and all of the increased performance at 6500 rev/min is due to the under-
estimation of knock tendency at this condition. 

Given the adequate correlation between the knock model and observed performance at the 
knock limit, the performance of the knock model relative to the other ignition delay 
correlations investigated by Giles [344] and the predicted knock-limited combustion phasing 
of the UB100 engine compared to expectations (as true knock-limited combustion phasing 
was not available), the knock model developed here is considered suitable for use as a tool 
for making relative assessments between technologies. However, an error margin of 10% 
on ultimate performance predictions is recommended, with predicted performance likely to 
be under-estimated below 4000 rev/min and over-estimated above 4000 rev/min. 

Although the knock model is considered appropriate for the relative evaluation of similar 
combustion systems on this engine architecture, as proposed herein, it is preferable to avoid 
conditions with high valve overlap and scavenging, due to the uncertainty relating to the 
proportion of fuel energy released from combustion in the cylinder compared to the 
proportion subsequently released in the exhaust system without performing useful work. 
Due to the risk to associated exhaust components (e.g. three-way catalytic converters) from 
high levels of chemical energy present in unburned or partially-burned compounds in the 
exhaust flow, it is unlikely that a calibration using such high levels of scavenging would be 
viable for a production application, and should be avoided during subsequent simulation 
studies. 
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7. Simulation Studies 

To understand whether the changes in swept volume and compression ratio are likely to 
have imposed mechanical or thermodynamic limits on engine performance, a set of models 
was built using the previously-described SR friction model (with a constant imposed cylinder 
temperature), the cylinder heat transfer model, Wiebe function heat release models, and 
the knock model. 

The following section describes the development of the control system and assessment of 
the maximum capability of this combustion system as a function of swept volume and 
compression ratio. 

7.1. Model Development 

The model of the 1991 cc 9:1 compression ratio developed in Chapter 6 was used with the 
4-into-1 exhaust manifold as fitted for the knock investigations. To replicate the other engine 
configurations, the crankshaft throw, conrod length and compression ratio were modified as 
appropriate. 

The compression ratios quoted for the models are the nominal compression ratios intended 
by design. However, when the physical engine used for the knock model experiments was 
measured, its compression ratio was found to be 8.6:1, rather than the nominal 9:1. This 
implies the presence of an extra 3.3 cc in the combustion chamber. From the measurements 
undertaken, the majority of this increase was attributed to the cylinder head, therefore this 
extra volume was assumed to affect all engine builds. For this modelling work, the 
compression ratios for all engines were therefore adjusted by assuming that an extra 3.3 cc 
was present in the clearance volume in all cases. The actual simulated compression ratios 
are given in Table 15 below. Naturally, the smallest displacement and highest compression 
ratio engines are most adversely affected. 

Engine Swept Volume (cc) Nominal Compression Ratio Simulated Compression 
Ratio 

1623 11:1 10.1:1 
1796 11:1 10.3:1 
1991 9:1 8.6:1 
1991 11:1 10.4:1 
1991 13:1 12.1:1 

Table 15: Nominal and simulated compression ratios 

7.2. Control System 

The model was controlled to respect the following thresholds: 

• Peak cylinder pressure of 120 bar 
• Exhaust temperature of 950 °C 
• Knock induction time integral (over a 10-cycle moving average) of 1.005 
• Combustion phasing (location of MFB50) not later than 35 °CA aTDCf and not earlier 

than 8 °CA aTDCf 

The control system was assumed to have converged when the limiting parameter was within 
1% of its threshold, meaning exhaust temperature was within 9.5 °C, peak cylinder pressure 
within 1.2 bar, and the knock integral between approximately 0.995 and 1.015. Lambda was 
set to stoichiometry for all speeds, as calculated with the total inducted air flow rate. This is 
expected to be the preferred operation mode for most new engines, due to the tightening of 
emissions limits expected with the latest ‘real driving emissions’ and ‘auxiliary emissions 
strategy’ legislation. 
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Knock is mitigated through either combustion phasing retardation or load reduction via 
intake manifold pressure reduction, if combustion phasing is already at its maximum level 
of retardation. Exhaust temperature is mitigated through combustion phasing advance or 
intake manifold pressure reduction (if combustion phasing is already advanced to the 
borderline knock condition). Cylinder pressure is mitigated through intake manifold pressure 
reduction only, as combustion phasing is already being controlled to manage knock or 
exhaust temperature. A minimum intake manifold pressure of 0.5 bar abs is imposed to 
prevent the risk of numerical instabilities occurring with very low pressures. As these 
simulations are focussed on achieving maximum performance, sub-atmospheric manifold 
pressures are of little interest. 

The control system is set up to arbitrate these conflicting demands by normalising each of 
the inputs (peak cylinder pressure, exhaust temperature or knock induction time integral) 
against their respective limits and choosing the highest value as the input signal to the 
controller, which then aims to achieve a threshold value of unity by adjusting intake manifold 
pressure, and therefore engine load. In this manner, performance increases until it is limited 
by whichever parameter is most critical at each time step in the simulation. Moving average 
filters are used to smooth transitions and prevent erratic control system behaviour. A logic 
gate with a small amount of hysteresis is used to ensure knock induction time only affects 
the load control when the combustion phasing is at its maximum retardation. In the event 
that none of the inputs have reached their threshold values, intake manifold pressure will 
be increased until one of the three inputs becomes limiting. 

As the fixed Wiebe heat release function cannot capture changes to combustion stability or 
partial burns or misfires with excessive retardation, a threshold for maximum combustion 
retardation was applied to account for these criteria. Previous studies [155] have shown 
that keeping MFB90 more advanced than 40 °CA aTDCf and keeping combustion duration 
(MFB1090) to around 20 °CA is important for combustion stability, which implies a maximum 
MFB50 in the vicinity of 30 °CA aTDCf. An MFB50 of 35 °CA aTDCf was the most retarded 
combustion phasing tested during the knock experiments in Chapter 4.2, and in several 
cases in Chapter 4, combustion stability and hydrocarbon emissions were found to become 
unacceptable when MFB50 was retarded beyond 30 °CA aTDCf, so a limit of 35 °CA aTDCf 
is considered to be an aggressive level of combustion phasing retard. MBT timing is 
assumed to occur at 8 °CA aTDCf, meaning combustion phasing more advanced than this 
is not desirable, but this assumption is not assessed for its validity. 

The peak cylinder pressure control is capped at 120 bar. This is lower than the nominal 
design limit (150 bar) and is lower than the maximum pressure observed during the UB100 
full load experiments. However, it is higher than was observed during all of the knock-limit 
experiments (where the maximum pressure was around 100 bar), and is close to the 
maximum pressure observed during validation of the knock model in Chapter 6.4.2 (where 
the maximum pressure was predicted to be 124 bar at 6500 rev/min). Therefore, it is 
assumed that pressures in excess of 120 bar are unlikely to be reached within the knock 
limits on this engine and, as the highest simulated pressure occurred at an engine speed 
where brake output was already over-estimated, there is assumed to be a risk that 
implementing a cylinder pressure limit in excess of 120 bar may lead to further over-
estimation of maximum performance at high speed. The risk of imposing an artificially low 
cylinder pressure limit may be to reduce the engine’s maximum simulated BMEP, but this 
is preferred to an over-prediction of maximum power. Relative assessments between 
simulated engines against a fixed maximum cylinder pressure will still be possible.  

In addition to the knock control and load control mechanisms, a controller was added to 
manipulate exhaust system pressure as a function of airflow and, in some circumstances, 
intake manifold pressure (see Chapter 7.3). 
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Another controller was added to enable lambda control, should it become desirable to 
assess performance with enrichment (in which case the exhaust temperature input to the 
load control would be disabled), but this feature has not been used during this work. 

There is a possible interaction between intake manifold pressure and combustion phasing 
– both of these variables simultaneously influence knock likelihood, exhaust temperature 
and peak cylinder pressure. They also both affect load, and it is possible the same brake 
torque could be generated from several combinations of boost pressure and combustion 
phasing, but only one would be the most efficient. Conversely, a number of operating 
conditions are possible where knock and peak cylinder pressure are equally limited, but 
only one would have the highest brake output. After undertaking several simulation studies 
(presented in Chapter 7.5), higher engine performance was identified by operation with 
retarded combustion phasing and higher intake manifold pressure, compared to more 
efficient operation with more advanced combustion phasing and lower intake manifold 
pressure. Configuring the control system to prioritise exhaust temperature and peak cylinder 
pressure targets achieved the maximum engine load but does not guarantee the best fuel 
economy. 

7.3. Boost pressure and exhaust system pressure relationships 

The UB100 test results showed the exhaust system pressure drop increased almost linearly 
as a function of flow rate, as seen in Chapter 6.3.1. Exhaust pressure increased by 
approximately 0.2 kPa for every kg/h of exhaust system flow. For turbulent flow, the 
pressure drop could be expected to increase with the square of the exhaust flow rate (as 
predicted by the Darcy-Weisbach equation), but for laminar flow a linear relationship can be 
expected (as the Darcy-Weisbach equation simplifies to a function solely of Reynolds 
number and is therefore directly proportional to velocity). The presence of narrow through-
flow passages in catalysts often create laminar flow conditions over part of an exhaust 
system, although the turbulent flow regime may dominate the overall system pressure drop. 
In the particular exhaust system tested, turbulent flow was expected (Reynolds numbers 
typically in excess of 10,000 and no catalysts were present), yet a linear relationship 
prevailed. This is likely due to matching the turbine outlet pressure to the value expected 
from the initial simulation studies undertaken at the time. 

A relationship based purely on flow rate does not provide any mechanism to change exhaust 
system pressure as a function of intake manifold pressure, and is therefore most akin to a 
supercharged solution, where the exhaust pressure is influenced solely by the exhaust gas 
flow rate and thermodynamic properties. To mimic a turbocharged solution, an additional 
restriction in the exhaust system is required to represent the enthalpy which must be 
extracted from the exhaust gas to power the compressor(s). To achieve this, a quadratic 
relationship with flow was implemented to model the pressure downstream of any turbines. 
This restriction was assumed to have a pressure drop of 70 kPa at 900 kg/h, which is typical 
of an automotive exhaust system utilising three-way catalysts but may be optimistic for a 
system incorporating a GPF as well. The entire boosting system was assumed to be 
adequately represented with a single isentropic efficiency for the compression process and 
a single isentropic efficiency for the turbine stage(s). Each of these efficiencies were set as 
70%. Although it is highly unlikely that such an efficiency could be maintained across the 
full range of engine speeds, it is considered to be an optimistic but reasonable assumption 
if the turbocharged system were to be matched for any particular engine speed. For 
reference, the peak efficiency of the original Ultraboost turbine was approximately 75%, and 
efficiencies in excess of 70% could be achieved up to an expansion ratio of approximately 
3. The pressure required upstream of the turbine to achieve the necessary boost pressure 
for the given exhaust gas flow rate and exhaust temperature was then calculated using 
Equation 16. 
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Where Pe = exhaust manifold pressure in kPa abs; me = exhaust mass flow rate in kg/h; ηc 
= compressor isentropic efficiency (nominally assumed to be 70%); ηt = turbine isentropic 
efficiency (nominally assumed to be 70%, including any mechanical losses); Te = exhaust 
temperature entering the turbine in K; Pi = intake manifold pressure in kPa abs; γc = ratio of 
specific heat capacities for the compressor (assumed to be 1.4); γt = ratio of specific heat 
capacities for the turbine (also assumed to be 1.4). This reflects a slight approximation by 
assuming the mass flow rates and specific heat capacity at constant pressure for the 
compressor and turbine are equivalent. 

By implementing a control system that adjusts the exhaust orifice size to achieve the 
calculated exhaust pressure at exit from the exhaust manifold, the control system is 
replicating the effective flow area needed by the turbine(s) to extract sufficient power for the 
compression process, given the specified compressor and turbine efficiencies. This 
calculation assumes the full exhaust flow rate is available to generate turbine power and, in 
this respect, most closely approximates a turbine system without a wastegate. However, 
even if a wastegate was incorporated, this equation would still be valid so long as the overall 
turbine efficiency could match the assumed value. Use of a wastegate means the required 
turbine power must be generated from only a proportion of the total exhaust mass flow, 
meaning the pressure ratio over the turbine system must be increased, which would appear 
as a lower turbine isentropic efficiency. Therefore, if using a wastegate, the turbine stage 
itself would need to be more than 70% efficient to make the turbocharger function as if the 
whole turbine system were 70% efficient. 

For both supercharged and turbocharged configurations, and implicit in Equation 16, 
compression is assumed to be from ambient conditions of 100 kPa abs and 25 °C, and no 
constraints are applied to the maximum temperature after compression. However, it is 
unlikely that a single boosting stage could deliver a pressure ratio much above 4 within 
typical material limits. It is also optimistic to assume that there would be no loss in pressure 
or increase in temperature between ambient conditions and the compressor inlet, or no 
pressure loss between compressor outlet and intake manifold. It is likely that the use of 
multiple stages would introduce further losses, making it difficult to maintain isentropic 
efficiency over the full compression process (to achieve 70% overall isentropic efficiency 
over two stages would suggest an individual stage efficiency of 83%; two stages at 70% 
efficiency would deliver an overall efficiency of 49%), but such complexities are intentionally 
disregarded. It is equally unlikely that a single boosting device could cover the necessary 
range of mass flow rates and pressure ratios with constant isentropic efficiency. 

To better represent the true performance of any of these engines in a turbocharged or 
supercharged application, specific boosting system matching studies would be required. 
Several feasible matches could presumably be achieved from a variety of boosting system 
architectures, depending on the relative priority placed on achieving target torque at low 
speed, target torque at high speed, transient performance, minimum fuel consumption or 
low cost and weight. Such studies are beyond the scope of this work, which attempts to 
illustrate the characteristic performance in a supercharged or turbocharged application. By 
choosing relatively high isentropic efficiencies, the simulations presented here are assumed 
to reflect a ‘best-case’ scenario for each method of boost pressure generation, which may 
not be achievable at all engine speeds. 
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These ‘supercharged’ and ‘turbocharged’ exhaust systems are assumed to define the 
extremes of engine operation, where the full energy requirement for the boosting system 
can be provided externally from the engine or taken from the exhaust system respectively. 
In either case, the brake torque generated by the model is the brake torque available after 
overcoming only the base engine friction, i.e. without consideration of other ancillaries or 
provision of power for the boosting system in any way (which could be via a mechanical 
connection or powered electrically via an engine-mounted alternator, for example). The 
power consumed by the boosting system is calculated in both cases, and in the event that 
the entirety of the boosting power must be supplied by the crankshaft, the brake torque can 
be reduced appropriately. 

There are therefore essentially three brake torque curves which can be produced for each 
simulated engine geometry; a turbocharged configuration, where the boosting system 
power provision is likely to adversely affect both the gross indicated work and the pumping 
losses of the engine; a supercharged configuration with boosting power supplied from an 
external source – this configuration is likely to have the highest indicated work and highest 
brake torque output, but is possibly unrealistic for extended periods of operation; and a 
supercharged configuration with charge compression power supplied from the crankshaft – 
this is likely to have a reduced brake torque output compared to the previous supercharged 
condition. As the difference between the supercharged and turbocharged configuration is 
only the exhaust system pressure, the turbocharged configuration can also act as a guide 
for the maximum performance potential of a supercharged configuration with higher exhaust 
system pressure. 

7.4. Valve Timing and Combustion Assumptions 

At the initiation of this project, the original Ultraboost model was run over its window of 
intake and exhaust cam timing combinations to identify appropriate boundary conditions for 
the experimental studies. Simulations were conducted with a range of potential turbine 
sizes, EGR rates and engine speeds. These analyses indicated that nominal performance 
could be achieved with a number of combinations of camshaft timings, but often this 
performance was achieved with maximum efficiency when valve overlap was minimised, 
albeit at a cost of higher intake manifold pressure. This conclusion is corroborated by the 
results in Chapter 4.2.9. Whilst the optimal combination of camshaft timings varied slightly 
between operating conditions, operating the engine with intake and exhaust cam timings 
both in the middle of their respective ranges provided close-to-optimal performance across 
a large number of operating conditions. Therefore, for the studies below, intake camshaft 
timing is advanced by 25 °CA from its nominal position and exhaust camshaft timing is 
retarded by 25 °CA from its nominal position. Both camshafts are operated in high lift mode 
for all engine speeds. These valve timings reflect the experimental condition used for many 
of the knock investigations, as described in Chapter 6.4.1. 

EGR is not utilised in these simulations, so the nominal performance of the combustion 
system is exposed. The use of EGR carries a risk of incorrectly identifying the maximum 
performance potential, given the variation of EGR efficacy seen in Chapter 4.2.8.1 and its 
effect on the knock model seen in Chapter 6.4.1. 

The heat release was specified as Wiebe functions, using the burn duration and Wiebe 
exponents from the UB100 results, as these provided the fastest combustion. Combustion 
efficiency was assumed to be 99%, in line with the best results seen at 2000 rev/min and 
only slightly below the best results seen at 4000 rev/min in Chapter 4.2. No allowance for 
increased hydrocarbon emissions or reduced combustion efficiency has been made for the 
relative change in crevice volume with higher compression ratio or smaller swept volume.  
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In essence, this is modelling a change to the combustion system, as it is implying the charge 
motion and combustion performance observed with the maximum intake camshaft advance 
and high valve overlap can still be achieved when the intake valve closing point is retarded 
by around 30 °CA and scavenging is removed. It also implies that crevice volumes and 
quench layers make the same relative contribution to the combustion efficiency losses and 
emissions production at all engine displacements and compression ratios as they do with 
the largest swept volume and lowest compression ratio. However, the crevice volume is 
likely to become disproportionately more important as clearance volume is reduced with 
lower displacement and higher compression ratio, as implied by the increased hydrocarbon 
emissions observed in Chapter 4.3 and Chapter 4.4. 

Achieving these beneficial combustion parameters would usually involve other changes, for 
example a reduction in flow coefficient of the intake ports to generate increased charge 
motion, but the UB100 full load power curve data is the only analysed data set covering the 
full engine speed range. It is considered preferable to use a consistent data set, rather than 
replace certain speeds with arbitrary combustion data drawn from the knock investigations, 
which may lead to spurious trends across the speed range. Additionally, the intention of this 
modelling activity is to present the maximum potential performance of this engine platform, 
therefore it is reasonable to use the best combustion performance which has been 
observed. Where specific engine speeds are not available from the UB100 data set, burn 
durations and Wiebe exponents are derived by linear interpolation from the neighbouring 
points. 

7.5. The influence of combustion phasing on performance 
7.5.1. Combustion phasing sweep at 3000 rev/min 

To understand the influence of combustion phasing on both maximum performance and 
fuel economy, a sweep is undertaken at 3000 rev/min. This engine speed was chosen 
because initial simulation studies showed it to be a critical engine speed for interactions 
between exhaust temperature, cylinder pressure and knock limits. It was also the speed at 
which maximum torque was achieved for most engine variants during initial studies. For 
simplicity, the same Wiebe function was used for combustion at all loads, although it is 
realised this may lead to errors with the accuracy of the simulation where charge motion, 
residual gas content or temperature and pressure conditions at the start of the combustion 
process deviate from the nominal conditions under which the Wiebe function was originally 
defined. It has also been previously identified that the knock model is likely to become less 
accurate at lower intake manifold pressures, which are expected to coincide with advanced 
combustion phasing (Chapter 6.4.2). However, for a comparative study, the use of a 
consistent combustion process and knock model is considered acceptable. 

To run the study, combustion phasing was stepped from 8 °CA aTDCf to 35 °CA aTDCf in 
steps of 5 °CA (to the nearest 5 °CA). At each combustion phasing, the control system 
modified intake manifold pressure until peak cylinder pressure, knock or exhaust 
temperature became limiting (with a floor of 0.5 bar abs intake manifold pressure). 

These simulations confirmed that retarded combustion phasing could produce more work 
from the engine, but at a cost of some efficiency. This is demonstrated in Figure 7-1 and 
Figure 7-2, where the indicated work of the engines continually increases as combustion 
phasing is retarded, but lowest indicated specific fuel consumption (ISFC) for all engines 
occurs when MFB50 is around 20 °CA aTDCf. This is later than would typically be expected 
for an MBT condition, reflecting the interactions between gross indicated work, pumping 
work, combustion phasing and intake manifold pressure – later combustion phasing enables 
higher intake manifold pressure so more charge can be trapped for the same knock and 
cylinder pressure threshold (Figure 7-3). 
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This enables an increase in indicated work output for similar and relatively small levels of 
friction and pumping work. Consequently, the efficiency improves as work output is 
increased until the thermodynamic losses from late combustion outweigh the continued 
increase in trapped charge. 

 
Figure 7-1: NMEP vs. MFB50, 3000 rev/min 

 

Figure 7-2: ISFC vs. MFB50, 3000 rev/min 

Figure 7-1 also shows that the 1991 cc engine at 13:1 compression ratio (CR) always has 
a lower net indicated mean effective pressure (NMEP) than the same swept volume at 9:1 
or 11:1 CR. This may be expected as the higher compression ratio could be expected to 
cause more compression heating, making knock more likely and requiring a reduction in 
intake manifold pressure to compensate. At all cases except combustion phasing of 15 °CA 
aTDCf (where the NMEP is substantially lower), the higher CR engines have better fuel 
efficiency than the 9:1 CR engine, meaning the higher thermodynamic cycle efficiency can 
nearly always offset the reduced indicated work resulting from the lower intake manifold 
pressure. For all engines, the results at combustion phasings of 8 °CA aTDCf and 10 °CA 
aTDCf could be misleading as the engines are knocking excessively here – the control 
system has run out of authority due to the imposition of a minimum intake manifold pressure 
of 0.5 bar abs (Figure 7-4). 

This also implies that the engine is knocking excessively for MBT combustion phasing at 
0.5 bar abs intake manifold pressure and less than 5 bar mean effective pressure, which is 
highly unlikely. This result is expected to be due to the imposition of a fixed burn profile and 
provides further evidence that the knock model is unsatisfactory at low intake manifold 
pressure levels or with high levels of burned residual gas. This is itself an interesting finding 
in light of the knock model’s behaviour with EGR presented in Chapter 6.4. However, more 
detailed exploration is outside the scope of the present work. Potential inaccuracies with 
knock modelling are expected to affect all simulations and do not prevent a comparative 
study from being undertaken. 
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Figure 7-3: Intake manifold pressure vs. MFB50, 3000 rev/min 

 

Figure 7-4: Knock induction time integral vs. MFB50, 3000 rev/min 

The 1623 cc engine results show that at advanced combustion phasing, the intake manifold 
pressure and indicated load of this engine approximate that of the larger 1991 cc engine at 
9:1 CR, but at retarded combustion phasing they approximate that of the 1991 cc engine at 
11:1 CR. The tendency towards the performance of the larger engine at 11:1 CR is due to 
the onset of peak cylinder pressure limitation (Figure 7-5). When cylinder pressure is not 
limiting, the fact that the 1623 cc engine can operate at a higher peak cylinder pressure 
than the 1991 cc engine at a similar compression ratio suggests that the smaller engine is 
more resistant to knock. This is confirmed in Figure 7-6, where the maximum unburned gas 
temperature of the 1623 cc engine is seen to much more closely approximate that of the 
1991 cc 9:1 CR engine variant than that of the 1991 cc 11:1 CR engine variant. The 1991 
cc engine at 11:1 CR and 13:1 CR has the highest unburned gas temperatures and cannot 
reach the limiting peak cylinder pressure at due to the onset of knock. 

 
Figure 7-5: Peak cylinder pressure vs. MFB50, 3000 rev/min 
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Figure 7-6: Maximum unburned gas temperature vs. MFB50, 3000 

rev/min 

One reason for the lower unburned gas temperatures could be from cooler residual gas. 
This is shown in Figure 7-7, where the 1991 cc and 1623 cc engines at 9:1 CR and 11:1 
CR are compared. All engines have similar peak temperatures (the 1991 cc 11:1 CR engine 
being approximately 20 K lower than the others) and the two 11:1 compression ratio engines 
show similar and more rapid reductions in temperature during the expansion stroke than 
the 9:1 CR engine. However, the 1623 cc engine loses more cylinder temperature than the 
others while the exhaust valve is open, which results in a lower temperature throughout the 
intake stroke and at the start of compression. This is expected to be due to the evacuation 
of relatively more of the burned charge from the cylinder during the exhaust stroke (Figure 
7-8), causing the remaining in-cylinder charge to expand and thereby reducing its 
temperature. At the condition displayed in Figure 7-8, the 1991 cc engines have expelled 
31% to 32% of the total exhaust flow by BDC, whereas the 1623 cc engine has expelled 
37% of its total exhaust flow. The lower unburned gas temperature enables higher intake 
manifold pressure for the 1623 cc engine compared to the 1991 cc engine at 11:1 
compression ratio, meaning the residual trapped mass makes up a smaller proportion of 
the overall cylinder contents. The 1623 cc engine also has a lower temperature at TDC prior 
to the onset of combustion than the 1991 cc engine at 11:1 CR. This has been calculated 
to be due in equal measure to the lower temperature at the start of compression and the 
slightly lower geometric compression ratio, as detailed in Table 15. 

 
Figure 7-7: In-cylinder temperature, MFB50 = 20 °CA aTDCf, 3000 rev/min 
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Figure 7-8: Trapped mass, MFB50 = 20 °CA aTDCf, 3000 rev/min 

This reduction in temperature during the exhaust stroke also results in the 1623 cc engine 
having the lowest average exhaust manifold temperature in many cases (Figure 7-9). 

 
Figure 7-9: Exhaust temperature vs. MFB50, 3000 rev/min 

 

The residual gas content and volumetric efficiency are presented in Figure 7-10 and Figure 
7-11. Excluding the initial points with excessive knock, the higher intake manifold pressure 
and lower in-cylinder temperature enable the 1623 cc 11:1 CR engine to operate at both 
higher volumetric efficiency and lower residual gas content than the other 11:1 CR engines 
until intake manifold pressure becomes limited by peak cylinder pressure. Once peak 
pressure becomes limited, volumetric efficiency and residual gas content for the 11:1 CR 
engines converge. 
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Figure 7-10: Residual gas content vs. MFB50, 3000 rev/min 

 

Figure 7-11: Volumetric efficiency vs. MFB50, 3000 rev/min 

To understand where the indicated specific fuel consumption benefits for the 1623 cc engine 
come from, it is instructive to look at the heat transferred from the combustion chamber and 
the energy lost to the exhaust system (the remainder being the proportion of energy 
converted to useful work). These are shown in Figure 7-12 and Figure 7-13 below. 

The higher compression ratio engines lose more of their fuel energy to heat transfer, but 
less to the exhaust system. However, whereas the increase in heat lost from the combustion 
chamber is of the order of 0.5% to 1.5% of the fuel energy, the reduction in energy lost to 
the exhaust is around 2% to 2.5%, with the relative reduction in exhaust energy from 9:1 
CR to 11:1 CR being greater than the further reduction from 11:1 CR to 13:1 CR. At this 
engine speed, compression ratio appears more important than engine displacement in 
determining heat losses. The smaller displacement engines lose less of their fuel energy to 
heat transfer and exhaust enthalpy than the larger engines, particularly with combustion 
phasings close to minimum specific fuel consumption. These trends explain why the 1623 
cc engine can provide lower fuel consumption than the 1991 cc engine at the same 
compression ratio, and why the 1623 cc engine can also provide the lowest overall specific 
fuel consumption, although the 13:1 CR engine becomes more efficient as combustion is 
retarded and heat losses to the exhaust system increase (Figure 7-2 and Figure 7-13). 

Given the similarity in cylinder temperature during most of the expansion stroke for the 1623 
cc and 1991 cc engines at 11:1 CR, the temperature difference between the chamber and 
the engine structure will be approximately equal. As the bore, cylinder head and piston 
surface areas are assumed to be equal, differences in heat transfer can be attributed to the 
reduced surface area of the smaller engine and the lower mean piston speed, lower 
temperature at intake valve closing and generally higher cylinder pressures, all of which 
influence the heat transfer coefficient. 
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Although the relationship is clouded by the inter-dependencies of engine load, spark timing 
and intake manifold pressure, the 1623 cc engine exhibits lower heat transfer coefficients 
in several key components and less heat transfer than the 1991 cc engine. Therefore, 
relative to the overall fuel energy and overall load, the 1623 cc engine with its short stroke 
and high BSR benefits from both a lower heat transfer coefficient and reduced surface area 
for heat transfer, making it the most efficient engine of the three engine displacements 
considered here. 

 
Figure 7-12: Heat transfer vs. MFB50, 3000 rev/min 

 

Figure 7-13: Exhaust energy vs. MFB50, 3000 rev/min 

 

Without the impact of the charge compression work, the brake output of the engines is 
similar to the indicated output shown in Figure 7-1. Friction at this speed accounts for 
approximately 0.6 – 0.9 bar FMEP over the range of loads and engines assessed. For 
reference, PMEP varies from -0.6 to +1.5 bar over the same range. Friction losses therefore 
account for around 10.0% of IMEP at the lowest loads to only 3% at the highest load. This 
loss acts to significantly increase the specific fuel consumption at low loads and advanced 
combustion phasing, while having only a minor effect at high load / retarded combustion 
phasing. The influence of these additional sources of work are not enough to change the 
optimum point – a combustion phasing of 20 °CA aTDCf continues to provide the best fuel 
consumption with or without friction loss and the 1623 cc engine remains the most efficient. 

However, if the work to provide the charge compression power is included, the situation is 
subtly changed, as observed in Figure 7-14 and Figure 7-15. All engines now generate less 
BMEP and, although the relative order has not changed (the 1991 cc engine at 9:1 CR can 
still produce the highest BMEP and the 1991 cc engine at 13:1 CR the lowest), the maximum 
efficiency condition has shifted in most cases to slightly earlier combustion phasings, due 
to the high level of parasitic charge compression power required a high engine load.  
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Although the 1623 cc engine can still achieve the best overall efficiency for an 11:1 CR 
engine with 234 g/kWh, the 1991 cc engine at 13:1 CR is now marginally better at 232 
g/kWh. The efficiency benefit of the 1623 cc engine over the other 11:1 CR engines has 
been entirely eroded at combustion phasings of 20 °CA and 25 °CA aTDCf, where the power 
required to generate the additional boost pressure possible with the 1623 cc engine is more 
pronounced than for the larger engines. At later combustion phasings, where BMEP and 
boost pressure is more similar between the engines, the efficiency benefit of the smaller 
displacement engines from reduced heat loss is apparent, but the 13:1 CR engine remains 
most efficient. 

Despite its high efficiency, the 13:1 CR engine only generates approximately a maximum 
BMEP at this speed of around 28 bar. Therefore, there may be benefits to higher 
compression ratio when maximum load is not the objective, but for this engine platform, the 
13:1 CR variant may impose a significant performance limitation. 

 
Figure 7-14: Net BMEP vs MFB50, 3000 rev/min 

 

Figure 7-15: Net BSFC vs. MFB50, 3000 rev/min 

Turning these mean effective pressures into actual torque output (Figure 7-16), it is seen 
that the maximum torque at any combustion phasing is always achievable with the 1991 cc 
engine at 9:1 CR. A maximum net brake torque output of almost 510 Nm is possible, 
equivalent to over 32 bar BMEP and similar to the original Ultraboost maximum torque 
target. If the charge compression power requirement is disregarded (which would require 
the boosting system to have an alternative power source, such as an electric motor and 
battery), these values rise to almost 654 Nm, or over 41 bar BMEP. The lowest net brake 
torque is achieved with the smallest engine, which achieves 411 Nm, or a little under 32 bar 
BMEP. The 1991 cc engine with 11:1 CR achieves a net BMEP of a little under 31 bar, 
around 490 Nm (Figure 7-16 and Figure 7-17), meaning it has a slight shortfall to the original 
Ultraboost torque target of 515 Nm. 



Chapter 7 – Simulation Studies 

Niall Turner Page 249 of 327 University of Bath 

 
Figure 7-16: Brake torque vs. MFB50, 3000 rev/min (compression work 

excluded) 

 

Figure 7-17: Net brake torque vs. MFB50, 3000 rev/min 

 

The differences between potential and actual performance are illustrated by comparing 
Figure 7-18 and Figure 7-19. The trends hold true whether indicated, gross or net brake 
outputs are being compared. It can be seen that the 1623 cc engine delivers the lowest 
specific fuel consumption at almost every observed BMEP, but the most efficient engine for 
a given level of torque output is highly dependent on the desired torque level. In general, 
the smaller displacement engines are better at lower loads, although performance is similar 
to that achieved by greater displacement and higher compression ratio, while larger 
displacement and lower compression ratio become preferable above approximately 400 
Nm. The ultimate performance of almost 510 Nm can only be achieved with the 1991 cc 
engine at 9:1 CR, and the most retarded combustion phasing permissible generates the 
highest torque output in every case. 

BSFC is typically minimised in the area around 20 bar BMEP (Figure 7-18). The best BSFC 
observed, excluding charge compression power, is 220 g/kWh for the 1623 cc engine, 
equivalent to almost 39% brake thermal efficiency. This is not surpassed by the 1991 cc 
engine with 13:1 CR. Including charge compression power, the best BSFC increases to 232 
g/kWh for the 1991 cc 13:1 CR engine, or 234 g/kWh for the 1623 cc engine at 11:1 CR, 
representing an increase of over 5% in both cases. These values represent approximately 
37% brake thermal efficiency, a drop of around 2 percentage points from the inclusion of 
charge compression power. 
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Figure 7-18: BSFC vs. BMEP, 3000 rev/min (compression work excluded) 

 

Figure 7-19: Net BSFC vs. net brake torque, 3000 rev/min 

Putting these BSFC results into the context of industrial engines already available (Figure 
1-13), 220 g/kWh for an 11:1 compression ratio engine represents a competitive position 
(based on the available data from the survey). However, these results are only obtainable 
if the charge compression power is neglected, which may be achievable for short durations 
depending on the boosting system architecture, but is not a sustainable position. With 
charge compression power included, best BSFC values of between 230 g/kWh and 240 
g/kWh positions this engine architecture firmly in the middle of the population, although it is 
worth noting that there are very few fuel consumption results available for engines of this 
power density. 

7.5.2. Combustion phasing sweep at 5000 rev/min 

It is also of interest to assess the performance of the engines against load at 5000 rev/min, 
as from initial screening this was the only engine speed at which all engines were exhaust 
temperature limited. Many of the conclusions presented at 3000 rev/min are also applicable 
at 5000 rev/min, so the results presented here will only highlight significant differences to 
previous discussions. 

The first significant difference is the change in limit behaviour. Whereas at 3000 rev/min, all 
engines were constrained by knock and/or cylinder pressure, and additional performance 
could be realised by allowing the engine to operate with more retarded combustion and 
lower knock levels, that is not the case at 5000 rev/min. Here, at full load all engines are 
constrained by exhaust temperature in addition to either knock or cylinder pressure. None 
of the engine architectures assessed were able to improve performance by retarding 
combustion phasing, indicating the intake manifold pressure loss to manage exhaust 
temperature is more significant than the potential intake manifold pressure gain from 
increased peak cylinder pressure or knock margin. 
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The 1991 cc engine at 9:1 CR is never constrained by cylinder pressure, performance being 
limited by knock when combustion phasing is advanced beyond 20 °CA aTDCf and by 
exhaust temperature when retarded beyond 25 °CA aTDCf (Figure 7-20 to Figure 7-21). 
Maximum performance is achieved with combustion phasing between 20 °CA aTDCf and 
25 °CA aTDCf. The 1991 cc engine at 11:1 CR is also limited by exhaust temperature at 
combustion phasing of 30 °CA aTDCf and beyond (Figure 7-20), and is limited by knock 
with combustion phasing of 25 °CA or more advanced. Again, cylinder pressure is never 
the constraint and peak performance is found between 25 °CA aTDCf and 30 °CA aTDCf. 
The effect of increasing the compression ratio has been to increase the tendency to knock 
for the same peak cylinder pressure and combustion phasing, despite lower intake manifold 
pressure and engine load. 

The 1623 cc 11:1 CR, the 1796 cc 11:1 CR and the 1991 cc 13:1 CR engines are more 
prone to knock than the 1991 cc 11:1 CR engine, with any combustion phasing more 
advanced than 35 °CA being constrained by knock (Figure 7-21). The 1623 cc engine 
operates very close to the peak cylinder pressure limit (Figure 7-22), but is able to operate 
with higher intake manifold pressures and lower exhaust temperatures than the other 
engines (Figure 7-20 and Figure 7-23). As seen at 3000 rev/min, this engine has the lowest 
residual gas content and the highest volumetric efficiency, especially at retarded 
combustion phasing and higher load, allowing the engine to achieve a lower unburned gas 
temperature at maximum load and enabling a higher intake manifold pressure for the same 
knock threshold. 

 

 
Figure 7-20: Exhaust temperature vs. MFB50, 5000 rev/min 

 

Figure 7-21: Knock induction integral vs. MFB50, 5000 rev/min 
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Figure 7-22: Peak cylinder pressure vs. MFB50, 5000 rev/min 

 

Figure 7-23: Intake manifold pressure vs. MFB50, 5000 rev/min 

Also as was seen at 3000 rev/min, the 1623 cc engine rejects less heat from the cylinder 
than all other engines at retarded combustion phasing (Figure 7-24) and less heat to the 
exhaust than all engines except the 1991 cc 13:1 CR engine (Figure 7-25), which benefits 
from a greater level of expansion before the exhaust valve opens. However, the reduction 
in heat loss to the cylinder for the 1623 cc engine compared to the others is more significant 
in this case, benefitting this engine’s efficiency. The improvement means even the 1991 cc 
13:1 CR engine cannot achieve better specific fuel consumption than the 1623 cc engine 
(Figure 7-26), until the charge compression power is taken into account (Figure 7-27). Best 
BSFC still occurs with an MFB50 timing of around 20 °CA aTDCf, with a slight shift to earlier 
combustion phasing when including charge compression power. However, best BSFC is 
now around 240 g/kWh without charge compression power and 254 g/kWh with charge 
compression power, meaning the engines are less efficient at this engine speed than at 
3000 rev/min. 

 
Figure 7-24: Heat transfer loss vs. MFB50, 5000 rev/min 
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Figure 7-25: Heat to exhaust vs. MFB50, 5000 rev/min 

 
Figure 7-26: BSFC vs. MFB50, 5000 rev/min (no compression power) 

 

Figure 7-27: Net BSFC vs. MFB50, 5000 rev/min (inc. compression 

power) 

The reduction in heat transfer losses and heat loss to the exhaust, coupled with the ability 
to use high intake manifold pressure, explains why the 1623 cc engine can achieve the 
highest net BMEP (Figure 7-28), but the 1796 cc engine can achieve the highest net power 
(Figure 7-29). The improvement in BMEP for the smallest engine is not enough to overcome 
the reduction in displacement. 
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Figure 7-28: Net BMEP vs. MFB50, 5000 rev/min 

 

Figure 7-29: Net power vs. MFB50, 5000 rev/min 

7.5.3. Combustion phasing sweep at 6000 rev/min 

From initial simulation studies, when operating with advanced combustion phasing, the 
smaller displacement engines were not limited by exhaust temperature at high speed when 
operating at the knock limit. These engines could therefore also potentially operate with 
retarded combustion phasing and elevated intake manifold pressure to increase maximum 
performance, as at 3000 rev/min. To assess this, a load sweep was run at 6000 rev/min. 
This analysis was only run for the 1623 cc engine in supercharged configuration, as this 
was the engine with the most exhaust temperature margin at 6000 rev/min from initial 
screening, but the results are assumed to be typical of all engines. 

Figure 7-30, Figure 7-31 and Figure 7-32 show how the limiting parameter shifts from being 
knock limited with a combustion phasing more advanced than 20 °CA aTDCf, to being 
limited by peak cylinder pressure until combustion phasing reaches approximately 28 °CA 
aTDCf, and being exhaust temperature limited with further combustion phasing retardation. 
The intake manifold pressure, shown in Figure 7-33, increases as combustion phasing is 
retarded until exhaust temperature becomes the limiting parameter, peaking at 3.2 bar abs, 
after which intake manifold pressure reduces with further combustion phasing retardation. 
Therefore, peak intake manifold pressure is achieved when performance is simultaneously 
limited by peak cylinder pressure and exhaust temperature, not by knock. 
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Figure 7-30: Exhaust manifold temperature vs. combustion phasing, 6000 

rev/min (1623 cc engine) 

 

 

Figure 7-31: Peak cylinder pressure vs. combustion phasing, 6000 

rev/min (1623 cc engine) 

 

 
Figure 7-32: Knock induction integral vs. combustion phasing, 6000 

rev/min (1623 cc engine) 
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Figure 7-33: Intake manifold pressure vs. combustion phasing, 6000 

rev/min (1623 cc engine) 

Figure 7-34 shows that engine performance follows the same trend as intake manifold 
pressure, meaning maximum engine performance occurs at maximum intake pressure, i.e. 
when performance is limited by peak cylinder pressure and exhaust temperature, but not 
by knock. Figure 7-35 shows that BSFC is minimised with combustion phasing around 20 
°CA aTDCf when the charge compression power is excluded, as seen at 3000 rev/min and 
5000 rev/min, while minimum BSFC moves to earlier combustion phasing when the charge 
compression power is included. Figure 7-36 and Figure 7-37 show the peak BMEP of over 
36 bar translates to almost 470 Nm and 294 kW, or 184 kW/l. When including the charge 
compression power, peak BMEP falls to 30 bar, equivalent to 388 Nm, 244 kW or 150 kW/l. 
Because the combustion phasing is only assessed in coarse steps, peak performance may 
occur between two test conditions and therefore may be slightly higher than any of the 
current observations. Comparing the maximum performance to the performance achieved 
at the knock limit (combustion phasing of 20 °CA aTDCf), these values represent an 
improvement of 11% or 18%, depending on whether charge compression power is included 
or not, respectively. The BSFC is increased by 7% and 14% at maximum performance 
respectively, compared to the borderline knock condition. 

 

 
Figure 7-34: BMEP vs. combustion phasing, 6000 rev/min (1623 cc 

engine) 
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Figure 7-35: Brake specific fuel consumption vs. combustion phasing, 

6000 rev/min (1623 cc engine) 

 

 
Figure 7-36: Brake torque vs. combustion phasing, 6000 rev/min (1623 cc 

engine) 

 

 

Figure 7-37: Brake power vs. combustion phasing, 6000 rev/min (1623 cc 

engine) 
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7.6. Simulation results (maximum performance) 
7.6.1. Brake output 

The results from Section 7.5 demonstrate that higher performance, albeit with a reduction 
in engine efficiency, is typically achieved by setting the control system to simultaneously 
limit cylinder pressure and exhaust temperature, instead of trying to achieve the most 
advanced combustion phasing possible. Running the simulations to maximise cylinder 
pressure and exhaust temperature, within knock limits, results in the maximum BMEP 
shown in Figure 7-38 and Figure 7-39 below; it is only the 1991 cc engine at 9:1 CR and 
the 1623 cc engine at 11:1 CR which can exceed 40 bar BMEP, and then only when the 
charge compression power does not need to be provided by the crankshaft. 

The engines also commonly suffer from a performance dip at 4000 rev/min, most noticeably 
with the 1991 cc engine at 13:1 CR. As will be explained in Chapter 7.6.4, this is because 
at this speed the engines are typically knock-limited with no capability to further retard 
combustion, limiting intake manifold pressure. If this torque dip were to cause driveability 
concerns, the maximum torque at lower engine speeds may need to be constrained to this 
value, which could significantly reduce the maximum torque of affected engines. 

Compression ratio is the dominant factor determining BMEP at low speed while swept 
volume is the dominant factor at high speed, with the lower displacement engines 
outperforming all 1991 cc engines irrespective of compression ratio. 

 
Figure 7-38: BMEP (supercharged configuration; gross) 

 

Figure 7-39: BMEP (turbocharged configuration) 

Turning BMEP into absolute brake torque output results in Figure 7-40 and Figure 7-41. As 
well as achieving the maximum BMEP at low speed, by virtue of its large displacement, the 
1991 cc 9:1 CR engine also delivers the most brake torque. This is true whether including 
or excluding charge compression power, and whether in supercharged or turbocharged 
configuration. 
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However, the maximum available torque for this engine does depend on which boosting 
system is being used, with 514 Nm available at 2500 rev/min in supercharged configuration 
if the engine is providing the necessary compressor power, 608 Nm available at 3000 
rev/min if turbocharged, and 659 Nm available at 3000 rev/min if supercharged without the 
need to provide charge compression work from the engine. 

 
Figure 7-40: Brake torque (supercharged configuration; gross) 

 

Figure 7-41: Brake torque (turbocharged configuration) 

The specific power is presented in Figure 7-42 and Figure 7-43. Maximum specific power 
occurs at 6000 rev/min for every variant. The maximum specific power of 186 kW/l is 
achieved by the 1623 cc engine in supercharged configuration, reducing to 153 kW/l when 
the charge compression power is included. This value is slightly higher than observed in 
Chapter 7.5.3, as the combustion phasing control can now find its optimal position with high 
resolution. The 1623 cc engine also achieves the highest specific power density in 
turbocharged configuration, at 172 kW/l. 

In terms of absolute power output, Figure 7-44 and Figure 7-45 show that the 1991 cc 13:1 
CR engine achieves 317 kW in supercharged form if not required to supply the charge 
compression power, and 270 kW in supercharged configuration when including the charge 
compression power. The 1991 cc 13:1 CR engine also provides the highest power in 
turbocharged form, delivering just over 294 kW. These values are slightly in excess of those 
achieved during the original Ultraboost project (284 kW @ 6500 rev/min). 

The supercharged 1796 cc engine can outperform the 1991 cc engine at 11:1 CR in both 
specific and absolute terms when the charge compression power is not provided by the 
engine, but the additional power for the forced induction system means the net brake power 
of the 1991 cc engine at 11:1 CR is higher, achieving 265 kW vs. the 1796 cc engine’s 
output of 259 kW. 
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In turbocharged form, the 1796 cc engine is very close to the 1991 cc engines at either 13:1 
CR or 11:1 CR, with all three engines achieving between 290 kW and 294 kW. 

Compared to the original Ultraboost engine, the 1991 cc 9:1 CR engine achieved 270 kW 
at 6000 rev/min in this simulation, which is approximately 3% lower than the 277 kW 
observed experimentally. This magnitude of error is within the range expected from this 
model, as described in Chapter 6.4.2, although there are other differences of note. This 
simulation scenario is not enriched, is not using EGR, has different camshaft timings and 
the simulated exhaust system static pressure is approximately 0.5 bar higher than observed 
during experimental work, but despite these differences the combustion phasing agreed to 
within approximately 3 °CA. Significant differences in boundary conditions and performance 
level between experimental and simulated scenarios exist at 6500 rev/min, where the 
maximum power of 284 kW was observed during Ultraboost testing. 

 

Figure 7-42: Specific power (supercharged configuration; gross) 

 

Figure 7-43: Specific power (turbocharged configuration) 

 

Figure 7-44: Brake power (supercharged configuration) 
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Figure 7-45: Brake power (turbocharged configuration) 

The risk of abnormal combustion phenomena, including LSPI, is not captured through the 
cycle-averaged heat release process assumed for these analyses. Using a rapid 
compression machine, Qi et al. [299] related the propensity for different types of auto-
ignition to the energy density of the charge at the end of compression. They found that 
energy densities above 30 MJ/m3 were more likely to suffer from detonation. For the 
maximum performance cases simulated here, combustion always began shortly after TDC 
(start of combustion identified by the location of 2% MFB), so the end of compression is 
assumed to be at TDC. Calculating the energy density at TDC produces Figure 7-46. At all 
times, energy density is above 30 MJ/ m3, but is highest for the highest compression ratio 
and smallest displacement engines, which have smallest volume at TDC. These engines 
are approximately 50% to 60% more energy-dense at maximum power than the original 
Ultraboost configuration (1991 cc at nominal 9:1 CR), so the risk of abnormal combustion 
phenomena should be considered to be high and warrants further study. 

 
Figure 7-46: Energy density vs. engine speed, max performance 

7.6.2. Fuel consumption 

The BSFC is shown in Figure 7-47 and Figure 7-48. Supercharging the engine without 
considering charge compression power unsurprisingly produces the best BSFC values, 
while taking the charge compression power from the crankshaft provides the worst BSFC. 
Above 4000 rev/min, there is very little difference between the BSFC of the engine with 
supercharging without including charge compression power and turbocharging. This is 
because the PMEP loss for the turbocharged configuration is often no more than 0.5 bar 
worse than for the supercharged configuration, meaning the extra pumping loss consumes 
around 2% of the engine’s total power output. In contrast, the approximately 40 kW – 50 
kW of charge compression power required to supply the engine airflow at maximum power 
accounts for approximately 15% - 20% of the brake power available from the engine.  
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Therefore, for the same indicated performance and the same quantity of fuel energy supply, 
the supercharged engine without charge compression power loss can produce only slightly 
more brake power and has slightly lower specific fuel consumption than the turbocharged 
engine, but when including charge compression power the supercharged engine produces 
much less net brake power and has consequently higher specific fuel consumption. 

The best BSFC was achieved with the largest displacement and highest compression ratio 
at low speed, but the best engine configuration for low BSFC at high speed varied. At the 
highest engine speed, the 1796 cc engine was best, but between 5000 rev/min and 6000 
rev/min, the 1991 cc 11:1 CR engine was best, with the 1991 cc 13:1 CR engine providing 
comparable BSFC at rated power. 

 

Figure 7-47: BSFC, maximum performance (supercharged 

configuration) 

 

Figure 7-48: BSFC (turbocharged configuration) 

7.6.3. Indicated output and engine breathing 

The indicated data from the high-pressure part of the cycle provides the maximum amount 
of work which could be extracted from the trapped charge within the constraints of cylinder 
pressure, exhaust temperature and knock. Figure 7-49 and Figure 7-50 show that this 
engine design can deliver close to, but often not in excess of, 40 bar gross indicated mean 
effective pressure (GMEP). The only exceptions to this are the 1991 cc engine with 9:1 CR 
and the 1623 cc engine with 11:1 CR, both configured as a supercharged product. The 
GMEP data confirm that the compression ratio is an important contributor to the maximum 
output at low engine speed, as performance across the engines tends to be clustered by 
compression ratio below 3000 rev/min. As seen in the brake output, engine designs which 
achieve the best performance at low engine speeds often do not achieve high performance 
at high engine speeds and vice versa, justifying the trends presented in Figure 1-8, but 
showing that such limits are not solely imposed due to boost system and airflow limitations 
– they are also caused by the engine’s fundamental ability to tolerate high cylinder pressure, 
manage exhaust temperature and resist knock as well. 
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Figure 7-49: Gross IMEP (GMEP), supercharged configuration 

 

Figure 7-50: Gross IMEP (GMEP), turbocharged configuration 

The supercharged configuration often provides higher GMEP than the turbocharged 
configurations, particularly at low engine speeds. As GMEP excludes friction or the work 
contribution from pumping work, a higher GMEP value implies improved cylinder filling or 
more advanced combustion phasing, both of which could be due to a reduction in trapped 
residual gas. These conclusions are supported by Figure 7-51 and Figure 7-52, particularly 
at low speed, where the supercharged configurations can have between 7% and 11% 
higher volumetric efficiency and around 3% less residual gas content than the turbocharged 
configurations. The residual gas content and volumetric efficiency are both related to 
compression ratio, as engines with higher compression ratios exhibit lower residual gas 
content as well as lower volumetric efficiency. The low volumetric efficiency could be 
because engines with higher compression ratios are not able to utilise as high an intake 
manifold pressure as engines with lower compression ratios, meaning the residual gas 
takes up a greater proportion of the available cylinder volume. However, the high 
compression ratio and correspondingly low clearance volume means only a small mass of 
residual gas remains in the cylinder at the end of the exhaust stroke. 

The high volumetric efficiency observed at 4000 rev/min is curious, as such high values 
were not observed during the knock investigations at similar valve timings (see Chapter 
4.2.8.2). More detailed investigation showed that at this condition, there was a significant 
period after BDC where the flow was being pushed back out of the cylinder as the intake 
valve closed (as at this intake camshaft timing, LIVC is utilised). The low valve lift at this 
time resulted in sonic flow at the valve orifice, elevating the cylinder pressure above that of 
the intake manifold as the piston compressed the charge, which led to an apparently high 
volumetric efficiency when judged against intake manifold density. Such long periods of 
sonic flow were not observed at higher or lower engine speeds and may indicate some 
issues with the modelled representation of the gas dynamics or offer some evidence that 
the valve events are not correctly modelled at this speed. 
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This anomaly affects all simulations and therefore does not prevent relative assessment of 
the different engine geometries or forced induction configurations, but could lead to an error 
in simulated performance at 4000 rev/min. It is worth noting that the boundary conditions 
for this simulation deviate from any of the previous experimental conditions, and that 4000 
rev/min does not represent either maximum torque or maximum power for any of these 
engines. 

 
Figure 7-51: Volumetric efficiency, maximum performance 

 

Figure 7-52: Residual gas content, maximum performance 

The supercharged configurations always have greater pumping work than the turbocharged 
configurations, leading to a greater positive contribution to the engines’ output below 4000 
rev/min, see Figure 7-53. This also supports earlier arguments on cylinder filling – in all 
cases the trapping ratio was greater than 99%, but the supercharged engines tended to 
have trapping ratios between 99.2% and 99.5%, while all turbocharged configurations were 
in excess of 99.9%. This suggests the supercharged engines can still scavenge marginally 
with these conditions. Where trapping ratio was less than 99.9%, swept volume was the 
dominant factor, with lower swept volume having lower trapping ratio. Trapping ratio was 
broadly insensitive to compression ratio, suggesting the relative contribution of the 
scavenge flow is more significant when the overall flow rate is lower. PMEP contributes over 
1.5 bar to the net IMEP of the engine at low speed, while reducing the net IMEP by up to 
2.8 bar at high engine speed. In all cases the pumping work for the supercharged 
configuration was higher than the respective turbocharged configuration, meaning more 
positive pumping work and less pumping loss. 

The smaller displacement engines suffered less pumping loss at high engine speed than 
the larger displacement engines. 

  



Chapter 7 – Simulation Studies 

Niall Turner Page 265 of 327 University of Bath 

Figure 7-54 shows the FMEP was relatively consistent between engines, varying by around 
0.1 bar or less between the highest and lowest values at any engine speed. This difference 
is approximately of the magnitude expected from Chapter 5. The smallest displacement 
engine had the highest FMEP at low speed (in supercharged configuration), but one of the 
lowest FMEP values at high engine speed, despite having some of the highest GMEP 
values. This is not exactly as may have been expected from Chapter 5 and could be worth 
further investigation to determine if it is genuine or possibly related to simplifications from 
the use of the SR friction model. 

 
Figure 7-53: PMEP, maximum performance 

 

Figure 7-54: FMEP, maximum performance 

The charge compression power required to provide the necessary quantity of charge is 
shown in Figure 7-55, with often similar levels of power required at 5000 rev/min and 6000 
rev/min and a peak power requirement of around 54 kW. The low magnitude of charge 
compression power at 4000 rev/min is related to the high volumetric efficiency at this speed, 
therefore may be higher than predicted if the actual volumetric efficiency were found to be 
lower than shown in Figure 7-51. The primary reason for the similarities in charge 
compression power between supercharged and turbocharged variants is because the 
combustion phasings between variants are very similar for each engine, see Figure 7-56. 
Only the smaller displacement engines at high speed show any significant deviation, which 
is related to the ability of these engines to generate lower exhaust temperatures as 
discussed in Chapter 7.5. 
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Figure 7-55: Compression work required for maximum performance 

 

Figure 7-56: MFB50 for maximum performance 

 

7.6.4. Thermodynamic limitations 

At 5000 rev/min and higher, exhaust temperature is always the limiting thermodynamic 
factor, while at 3000 rev/min and below, exhaust temperature is never the limiting factor 
(Figure 7-57). Below 3000 rev/min and between 4000 rev/min and 5000 rev/min, knock is 
always the limiting factor (Figure 7-58). At 3000 rev/min and at 6000 rev/min and higher, 
knock is limiting for the 1991 cc engines, but not for the 1796 cc or 1623 cc engines. In 
particular, the supercharged variants have considerable knock margin at high speeds. 
When knock is not limiting, cylinder pressure is limiting (assuming a threshold of 120 bar), 
shown in Figure 7-59. The increased knock resistance of the smaller displacement engines 
is clear from Figure 7-60, where the supercharged engines always have lower maximum 
unburned gas temperatures than turbocharged variants and, at high speed, the smaller 
displacement engines have considerably lower maximum unburned gas temperatures than 
the 1991 cc engines. 

This means the smaller displacement engines could potentially benefit from an increased 
cylinder pressure limit, or it may suggest that the knock model developed for this engine is 
underestimating the sensitivity of the engines to knock at high speed, incorrectly implying 
peak cylinder pressure is more constraining than knock. However, the reduction in 
unburned gas temperature should translate to a tangible improvement in knock resistance. 
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Figure 7-57: Exhaust manifold temperature (maximum performance) 

 

 

Figure 7-58: Knock induction time integral (maximum performance) 

 

 

Figure 7-59: Maximum cylinder pressure (maximum performance) 
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Figure 7-60: Maximum unburned gas temperature (maximum 

performance) 

 

7.7. Simulation results (influence of high exhaust back pressure) 

There is a potential criticism that the exhaust system pressures being used in these 
simulations are too optimistic. The characteristic restriction may be too low for a system 
incorporating a GPF, or the turbine or compressor efficiencies for a turbocharged variant 
may be too high at any given engine speed, which would ultimately appear as low exhaust 
manifold pressure. To address this concern, a simulation was conducted with an elevated 
exhaust system pressure.  

For this analysis, the reference pressure drop was increased from 70 kPa to 140 kPa for a 
flow rate of 900 kg/h, and the efficiency of the turbine was reduced from 70% to 50% (the 
compressor was left unchanged, meaning the overall turbocharger efficiency was reduced 
from 49% to 35%). A turbine efficiency of 50% was chosen as this is close to the overall 
efficiency expected from two turbines in series, each operating at 70% efficiency. The 
assessment was conducted on the 1623 cc engine, as this engine showed the highest 
absolute charge compression power requirement and is also the engine architecture for 
which the compression work forms the highest proportion of the overall brake power output. 
These boundary conditions are still arbitrary and may not appropriately reflect a true worst-
case scenario, but it is anticipated that the effect of increased exhaust system pressure can 
capture a number of combinations of real-world compressor and turbine efficiencies and 
exhaust system restrictions. For turbocharged configurations, increased exhaust system 
restriction can also incorporate some of the impact of additional induction or intake port 
restriction. 

Results are presented for the 1623 cc engine in supercharged and turbocharged 
configurations with nominal exhaust system back pressure (EBP) and for the 1623 cc 
engine in turbocharged configuration with high EBP. The supercharged data is included to 
provide context to the turbocharged results. Increasing the EBP of the supercharged variant 
will cause it to tend towards the nominal turbocharged variant, so there is little value in an 
explicit simulation of the supercharged variant with high EBP. 

Figure 7-61 shows the maximum achievable BMEP is very sensitive to exhaust pressure, 
with the higher restriction causing the maximum BMEP to drop from over 40 bar (at 5000 
rev/min) to 27 bar (at 3000 rev/min). This represents a drop in BMEP at 3000 rev/min of 
over 28% and a drop in maximum BMEP of over 32%. The higher exhaust pressure 
increases minimum BSFC at full load from 244 g/kWh to 265 g/kWh, both at 6500 rev/min. 
This is an increase of over 8%, but the fuel consumption achieved by the turbocharged 
system with high EBP is still better than achieved by the supercharged configuration when 
the engine has to provide the charge compression power for the charge, see Figure 7-62. 
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Figure 7-61: BMEP vs. engine speed, high exhaust pressure (1623 cc 

engine) 

 

Figure 7-62: BSFC vs. engine speed, high exhaust pressure (1623 cc 

engine) 

The power required to supply the charge air is shown in Figure 7-63. In line with the 
reduction in maximum performance, the power required to supply the intake manifold 
pressure reduces when the exhaust system pressure is increased. The peak power is now 
less than 30 kW, whereas it was over 40 kW in the case of nominal exhaust restriction for 
the turbocharged configuration, and over 50 kW for the supercharged configuration. 

 
Figure 7-63: Charge compression work vs. engine speed, high exhaust 

pressure (1623 cc engine) 

The charge compression power is reduced due to a reduction in both airflow and intake 
manifold pressure, compared to the case with nominal exhaust restriction. Intake manifold 
pressure is shown in Figure 7-64. Despite the reduced intake manifold pressure, the 
exhaust system pressure is elevated, peaking at over 6 bar abs at 3000 rev/min, and over 
5 bar at peak power speeds. 
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These high pressures lead to a maximum instantaneous pressure difference across the 
exhaust valve of 4.7 bar, which is trying to open the exhaust valve during the early part of 
the intake stroke. The equivalent pressure difference was 2.7 bar abs with the nominal 
exhaust pressure. Such an increase may require an increase in exhaust valve spring pre-
load, which may increase engine friction but is not assessed here. 

 
Figure 7-64: Intake manifold pressure vs. engine speed, high exhaust 

pressure (1623 cc engine) 

 

Figure 7-65: Exhaust manifold pressure vs. engine speed, high exhaust 

pressure (1623 cc engine) 

The increase in exhaust system pressure also causes a reduction in volumetric efficiency 
(Figure 7-66) via an increase in residual gas fraction (Figure 7-67). For turbocharged 
configurations, the increase in exhaust pressure reduces volumetric efficiency by between 
5 and 10 percentage points and increases residual gas content by between 2 and 3 
percentage points, depending on engine speed. 

The reduction in intake manifold pressure and loss of volumetric efficiency reduces the peak 
cylinder pressure and means cylinder pressure is no longer a limitation to maximum 
performance for the high-EBP case, see Figure 7-68. Exhaust temperature remains limiting 
beyond 4000 rev/min (Figure 7-69), but the reduced peak cylinder pressure enables the 
high-exhaust-pressure case to achieve a more advanced combustion phasing for the same 
knock limit and exhaust temperature than either of the nominal EBP cases, see Figure 7-70 
and Figure 7-71. 

The advanced combustion phasing is not enough to offset the reduction in brake output 
caused by higher pumping losses and reduced volumetric efficiency, which explains why 
BSFC for the high-exhaust-pressure case was still degraded relative to the nominal case in 
Figure 7-62. 
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The removal of peak cylinder pressure as a limiting factor means this engine derivative 
would not benefit from a change in engine design to operate at higher cylinder pressures 
unless the engine was also made more robust to knock. It may be possible to modify the 
engine design to reduce friction if a reduction in peak cylinder pressure limit can be 
tolerated, but this approach risks limiting engine performance if exhaust pressure is lower 
than anticipated. 

 
Figure 7-66: Volumetric efficiency vs. engine speed, high exhaust 

pressure (1623 cc engine) 

 

Figure 7-67: Residual gas content vs. engine speed, high exhaust pressure 

(1623 cc engine) 

 
Figure 7-68: Maximum cylinder pressure vs. engine speed, high exhaust 

pressure (1623 cc engine) 



Chapter 7 – Simulation Studies 

Niall Turner Page 272 of 327 University of Bath 

 

Figure 7-69: Exhaust manifold temperature vs. engine speed, high 

exhaust pressure (1623 cc engine) 

 
Figure 7-70: Knock induction time integral vs. engine speed, high exhaust 

pressure (1623 cc engine) 

 

Figure 7-71: MFB50 vs. engine speed, high exhaust pressure (1623 cc 

engine) 

The increase in residual gas fraction leads to a higher maximum unburned gas temperature, 
despite lower peak cylinder pressure, at all engine speeds. The higher unburned gas 
temperature explains the reduction in intake manifold pressure for equivalent knock limit 
and subsequent reduction in cylinder pressure throughout the compression stroke and 
combustion event. The unburned gas temperature is shown in Figure 7-72. 

The higher unburned gas temperature and consequential reduction in engine load means 
a greater proportion of the fuel energy is lost as heat from the combustion chamber 
(although the absolute magnitude of heat rejection is reduced). The increase is 
approximately 1% of the fuel energy, shown in Figure 7-73, and is another factor 
contributing to the poor BSFC of the high-exhaust-pressure case. 
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Figure 7-72: Maximum unburned gas temperature vs. engine speed, high 

exhaust pressure (1623 cc engine) 

 

Figure 7-73: Heat transfer vs. engine speed, high exhaust pressure (1623 

cc engine) 

The impact of the preceding discussion on brake torque and brake power is displayed in 
Figure 7-74 and Figure 7-75 below. Peak torque is reduced in line with BMEP (Figure 7-61), 
meaning peak torque is now just over 350 Nm, while peak power is reduced by around 70 
kW to 210 kW, now achieved at 6500 rev/min instead of 6000 rev/min. This represents a 
significant reduction in specific power from around 172 kW/l to 129 kW/l (around 25%). 

 
Figure 7-74: Brake torque vs. engine speed, high exhaust pressure (1623 

cc engine) 
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Figure 7-75: Brake power vs. engine speed, high exhaust pressure (1623 

cc engine) 

In conclusion, maintaining a low exhaust system pressure is key to achieving high 
performance, with maximum BMEP being reduced by over 32% and maximum power by 
around 25% for an approximate doubling of exhaust system restriction. A lot of this 
performance loss can be attributed to an increase in residual gas content, which causes a 
substantial loss of volumetric efficiency and requires a further reduction in intake manifold 
pressure to mitigate knock, while the high exhaust system pressure also increases pumping 
losses. The reduction in engine load does provide a reduction in FMEP, recovering 
approximately 0.1 bar BMEP at most engine speeds, but this is only approximately 0.3% of 
the total BMEP reduced. Approximately four fifths of the performance loss is attributed to 
the impact of increased residual gas content, with the other fifth being attributed to the 
increase in PMEP directly reducing BMEP. 

7.8. Simulation results (influence of low flow coefficient) 

The values of intake port flow coefficient (denoted Cf) realised for the Ultraboost engine had 
a maximum value of between 0.6 and 0.7, shown in Figure 6-2. However, as discussed in 
Chapter 2.2.5, the provision of high tumble ratios is often associated with a reduction in 
peak flow coefficient. Publications by Hyundai [164] and Toyota [360] have quantified Cf 
values for high tumble as being between 0.35 and 0.45, i.e. approximately 50% - 75% of 
the current Ultraboost values. A crude reduction in flow area of 50% was applied to simulate 
the reduction in Cf which may be necessary to generate higher tumble to preserve 
combustion performance. The 1623 cc engine was again chosen for this assessment, due 
to its perceived sensitivity to forced induction and because this engine demonstrated an 
increased combustion duration in Chapter 4.4. Therefore, this engine would be the most 
likely to require an increase in tumble ratio above the original Ultraboost values to justify the 
assumed heat release process simulated in Chapter 7.5 and Chapter 7.6. Both 
supercharged and turbocharged configurations have been assessed. 

Figure 7-76 shows that maximum airflow is reduced across the engine speed range when 
Cf is reduced. Figure 7-77 shows that this is in part because the maximum intake manifold 
pressure is also reduced, up to 4000 rev/min. The low-Cf cases can achieve higher intake 
manifold pressures at 6000 rev/min than the nominal-Cf cases because at 6000 rev/min 
most of the cases are limited by peak cylinder pressure (Figure 7-78) and not by knock 
(Figure 7-79). Therefore, a higher intake manifold pressure is required for the same peak 
cylinder pressure with lower Cf. The turbocharged low-Cf case, which was originally limited 
by peak cylinder pressure, becomes knock-limited at 6000 rev/min as Cf is reduced. 
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Figure 7-76: Air flow rate vs. engine speed, low-Cf (1623 cc engine) 

 

 

Figure 7-77: Intake manifold pressure vs. engine speed, low-Cf (1623 cc 

engine) 

 

 
Figure 7-78: Maximum cylinder pressure vs. engine speed, low-Cf (1623 

cc engine) 
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Figure 7-79: Knock induction time integral vs. engine speed, low-Cf (1623 

cc engine) 

The low Cf has effectively made the engine more sensitive to knock, observable from the 
increase in knock induction time integral or from a reduction in intake manifold pressure for 
the same knock induction time integral. This is aligned with an increase in maximum 
unburned gas temperature, shown in Figure 7-80. Despite advanced combustion phasing 
at higher engine speeds (Figure 7-81), the peak cylinder pressures are generally reduced, 
meaning the increase in unburned gas temperature is not due to higher pressures. 

 
Figure 7-80: Maximum unburned gas temperature vs. engine speed, low-

Cf (1623 cc engine) 

 

Figure 7-81: MFB50 vs. engine speed, low-Cf (1623 cc engine) 

The higher unburned gas temperature is also not caused by higher residual gas content in 
the low-Cf cases, as seen in Figure 7-82, where the low-Cf cases often have similar, or 
lower, fractions of residual gas in the fresh charge than the high-Cf cases. The volumetric 
efficiency at high engine speeds is reduced with the low-Cf cases, which may be expected. 
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However, the volumetric efficiency is actually improved for the low-Cf cases at lower engine 
speeds, where the reduced flow area prevents backflow from the cylinder after BDC while 
the intake valve is still open. 

 

 
Figure 7-82: Residual gas content vs. engine speed, low-Cf (1623 cc 

engine) 

 

Figure 7-83: Volumetric efficiency vs. engine speed, low-Cf (1623 cc 

engine) 

The increase in unburned gas temperature for the low-Cf cases is attributed to increased 
charge heating occurring during cylinder filling, caused by heat from the cylinder being 
transferred into a reduced mass of charge, and residual gas making up a greater proportion 
of the cylinder enthalpy during initial filling. At 3000 rev/min, the reduced flow coefficient 
increases the charge temperature by around 10 K by the start of the compression process 
for both supercharged and turbocharged configurations, shown in Figure 7-84. 
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Figure 7-84: In-cylinder temperature vs. crank angle, 3000 rev/min, low-Cf (1623 cc engine) 

The consequential effects of reduced Cf on engine performance are shown in Figure 7-85 
to Figure 7-88 below. The reduction in BMEP and brake torque due to low Cf is of the order 
of 10% for both turbocharged and supercharged configurations, although this value does 
change with engine speed. The reduction in peak power due to low Cf is of the order of 5% 
for the supercharged configuration but is around 12% for the turbocharged configuration. 

The difference in performance penalty between turbocharged and supercharged 
configurations is related to the combustion phasing and GMEP of the different 
configurations. The supercharged variant is not knock-limited and can increase its intake 
manifold pressure to a level which achieves around 98% of the trapped mass of the nominal-
Cf case. Because the trapped mass for the low-Cf case is still somewhat reduced, the heat 
release from the fuel is proportionately reduced, but the engine can then advance its 
combustion phasing by around 1.5 °CA for the same limiting peak cylinder pressure. As this 
combustion phasing advance occurs from a relatively retarded position (29 °CA aTDCf), 
thermal efficiency is improved by around 0.5 percentage points, offsetting the incremental 
work during the compression stroke resulting from the higher intake manifold pressure. 
Ultimately the GMEP and NMEP for the supercharged engine with low Cf is around 98% 
and around 97% of the nominal values, respectively. 

However, the turbocharged variant becomes knock-limited when Cf is reduced and can only 
trap around 90% of its original mass, irrespective of peak cylinder pressure. The combustion 
phasing can only be advanced by around 1 °CA, despite the reduction in trapped mass, 
which only improves thermal efficiency by around 0.3 percentage points, in part because 
this configuration already had a more favourable combustion phasing. The net effect is to 
reduce GMEP by around 10% and to reduce NMEP and BMEP by around 12%. 

The supercharged variant’s maximum brake power output of 290 kW without charge 
compression power or 231 kW with charge compression power results in a specific power 
density of 179 kW/l or almost 143 kW/l, respectively. These values represent a 4% and 6% 
reduction from the values of 186 kW/l and 153 kW/l achieved with the nominal Cf, 
respectively. The turbocharged configuration achieved a maximum performance of 245 kW, 
or 151 kW/l, a reduction of 12% from the 279 kW, or 172 kW/l, achieved with nominal Cf. 
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Figure 7-85: BMEP vs. engine speed, low-Cf (1623 cc engine) 

 

Figure 7-86: BSFC vs. engine speed, low-Cf (1623 cc engine) 

 
Figure 7-87: Brake torque vs. engine speed, low-Cf (1623 cc engine) 

 

Figure 7-88: Brake power vs. engine speed, low-Cf (1623 cc engine) 
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In conclusion, if re-designing the combustion chamber for improved tumble for the smaller-
displacement engines or for increased bore/stroke ratio, a reduction in flow coefficient is 
likely to have a more severe impact on a turbocharged than a supercharged configuration, 
but performance penalties of the order of 5% - 10% may be expected, driven by increases 
in-cylinder temperature occurring during the intake stroke. 

7.9. Simulation results (influence of bore/stroke ratio) 

As the results from Chapter 7.5 and Chapter 7.6 demonstrated, one of the reasons the 1623 
cc engine achieved its observed performance was due to a reduction in heat transfer by 
virtue of its short stroke and reduced piston speed, affecting both heat transfer area and 
heat transfer coefficient (discussed in Chapter 7.5). As demonstrated in Chapter 4.4, the 
high BSR of the 1623 cc engine was also associated with increased hydrocarbon emissions 
and slower combustion. This may not be acceptable for a production application and may 
also mean the current assumptions for combustion duration and combustion efficiency are 
potentially not justifiable. 

It would be much more acceptable to use these combustion assumptions if the BSR of the 
smaller engines matched that of the larger engine. Therefore, an analysis of the effect of 
BSR was undertaken. The 1623 cc engine was used for this analysis as it is the engine 
which has the largest deviation from the BSR of the original Ultraboost engine. To isolate 
the effect of BSR, combustion parameters were unchanged for this analysis. The 
supercharged configuration was chosen as this engine had the highest GMEP, meaning it 
rejected the highest absolute magnitude of heat to the coolant system for this engine 
displacement. 

To maintain the geometric similarity to the 1991 cc engine while maintaining the swept 
volume of 1623 cc, the changes outlined below in Table 16 were implemented. The conrod 
length was also changed to match the r/l ratio to the 1991 cc engine, but from the results in 
Chapter 4, the contribution of conrod length to overall friction is considered to be minor. 
Therefore, all FMEP changes are attributed to the change in piston stroke. By matching 
both BSR and r/l ratio, the height of the piston pin axis above the crankshaft axis is 
effectively reduced. This could be used to either intentionally increase the conrod length 
and decrease the r/l ratio to reduce piston side loading and thereby improve engine friction, 
or to beneficially reduce the height and weight of the engine for improved fuel economy in 
the vehicle. 

The reduction in bore diameter could cause packaging issues with maintaining the original 
valve sizes. To assess this risk, the intake valve diameter, which is larger than the exhaust 
valve diameter, was checked to ensure two intake valves could still fit within the smaller 
bore diameter. At 28.4 mm diameter, if the valves were pushed to the extremity of the bore, 
the largest pitch circle diameter (PCD) possible would be around 49 mm and the minimum 
chord length would be 56.8 mm. The angle of the arc prescribed by this chord length and 
PCD is around 70 °. As the chord length is longer than twice the valve radius and the angle 
is less than 90 °, it is still feasible to package the original valve sizes, although they would 
now take up around 47% of the bore area vs. around 41% with the original bore diameter. 
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  Original 1623 
cc engine 

Modified 1623 
cc engine 

Original 1991 
cc engine 

Bore mm 83 77.54 83 
Stroke mm 75 85.94 92 
BSR - 1.107 0.9023 0.9022 
Conrod length mm 157 138.7 148.5 
r/l ratio - 0.2389 0.3098 0.3098 
Piston pin location (height 
above crankshaft axis) mm 194.5 181.7 194.5 

Swept volume cc 1623 1623 1991 
Table 16: Modified engine geometry to assess BSR (1623 cc engine) 

With these changes, the low-BSR engine could achieve slightly higher NMEP than the 
original 1623 cc engine (Figure 7-89) but with increased FMEP (Figure 7-90), as expected 
from Chapter 5.4. The low-BSR engine has approximately 0.1 bar more PMEP benefit at 
most engine speeds compared to the original engine, but most of the increase in NMEP 
comes from achieving higher work in the gross cycle. 

The higher GMEP is enabled through lower unburned gas temperature with the low-BSR 
engine, which enables a higher intake manifold pressure to be achieved for the same knock 
threshold and peak cylinder pressure constraints. The engine remains limited by cylinder 
pressure, and not knock, at high engine speeds. These effects are shown in Figure 7-91 to 
Figure 7-94. 

 

 
Figure 7-89: NMEP vs. engine speed, BSR (1623 cc engine) 

 

Figure 7-90: FMEP vs. engine speed, BSR (1623 cc engine) 
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Figure 7-91: Intake manifold pressure vs. engine speed, BSR (1623 cc 

engine) 

 

 

Figure 7-92: Maximum unburned gas temperature vs. engine speed, BSR 

(1623 cc engine) 

 

 
Figure 7-93: Knock integral vs. engine speed, BSR (1623 cc engine) 
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Figure 7-94: Peak cylinder pressure vs. engine speed, BSR (1623 cc 

engine) 

The lower unburned gas temperature is achieved in part from the lower residual gas 
temperature, caused by increased heat transfer throughout the expansion and exhaust 
strokes (Figure 7-95 and Figure 7-96). The reduction in charge temperature is retained 
through the intake stroke, despite an increase in heat transfer from the wall to the fluid, 
resulting in a reduction in temperature at IVC, and a reduction in temperature through the 
compression stroke (Figure 7-96). 

 
Figure 7-95: Heat transfer vs. crank angle, 3000 rev/min, BSR (1623 cc 

engine) 

 

Figure 7-96: In-cylinder temperature vs. crank angle, 3000 rev/min, BSR 

(1623 cc engine) 
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The cumulative effect of the changes to heat transfer are an increase in the proportion of 
fuel energy lost to the chamber surfaces for the reduced BSR engine (increased by around 
0.2 percentage points, Figure 7-97), which is to some extent offset at high speed by a slight 
advance in combustion phasing, enabled by the lower unburned gas temperature (between 
0.2 °CA and 0.7 °CA, Figure 7-98). 

 
Figure 7-97: Heat transfer vs. engine speed, BSR (1623 cc engine) 

 

Figure 7-98: MFB50 vs. engine speed, BSR (1623 cc engine) 

The net effect of the changes in NMEP, FMEP and heat transfer on BMEP and BSFC are 
shown in Figure 7-99 and Figure 7-100 respectively. In general, the reduced BSR engine 
achieves up to approximately 1 bar higher BMEP when not considering the charge 
compression power and up to approximately 0.5 bar higher BMEP when including the 
charge compression work. These values indicate an increase of around 1% - 2%. The BSFC 
of the reduced BSR engine is between 1% and 2% higher than for the original engine 
geometry without the charge compression power, and between 2% and 3% higher when 
including the compression power. 

Converting the BMEP into torque and power, shown in Figure 7-101 and Figure 7-102 
respectively, the reduced BSR engine can achieve 530 Nm without charge compression 
power and 426 Nm inclusive of charge compression power. Although the peak torque is 
very similar between original and reduced BSR geometries, in general the torque is 
increased by up to 15 Nm by reducing the BSR. Peak power is increased from 301 kW to 
305 kW, or from 247 to 249 kW including charge compression power, with reduced BSR. 
This is equivalent to specific power values of 188 kW/l and 153 kW/l respectively. 
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Figure 7-99: BMEP vs. engine speed, BSR (1623 cc engine) 

 

Figure 7-100: BSFC vs. engine speed, BSR (1623 cc engine) 

 
Figure 7-101: Brake torque vs. engine speed, BSR (1623 cc engine) 

 

Figure 7-102: Brake power vs. engine speed, BSR (1623 cc engine) 



Chapter 7 – Simulation Studies 

Niall Turner Page 286 of 327 University of Bath 

One of the perceived benefits of a lower BSR is a reduction in SVR, which is expected to 
provide a fuel economy improvement by reducing the surface area available for heat 
transfer. However, Figure 7-100 indicates the increase in heat transfer caused by the higher 
piston speeds with the longer stroke dominates and leads to an overall reduction in brake 
thermal efficiency. 

This might be because of the relatively retarded combustion phasing used at maximum 
performance, meaning the majority of the heat release occurs considerably after TDC, 
reducing the benefit of any reduction in SVR. Geometrically, reductions in SVR for the 
modified geometry are eroded by around 70 °CA, and SVR is actually increased by 3% at 
BDC, relative to the short-stroke geometry. To assess the significance of combustion 
phasing, analyses were undertaken at 3000 rev/min at reduced load to enable advanced 
combustion phasing. Load was set by operating at 1 bar abs and 2 bar abs intake manifold 
pressure, as these manifold pressures corresponded with best BSFC in Figure 7-15. 

However, the results (not shown) indicated little difference between the two engine 
geometries in terms of volumetric efficiency, load or MFB50 and, despite the generally more 
advanced MFB50, the low-BSR engine’s BSFC remained approximately 0.5% - 1% worse 
than the original, high-BSR engine. However, in contrast to the results at high load and 
retarded combustion phasing, the primary reason for the worsened fuel economy with the 
low BSR engine was now because of the increased engine friction – the indicated work was 
similar, and around 0.5% of the fuel energy was shifted from heat transfer to work when 
reducing BSR, but this did not realise an overall benefit. 

In conclusion, assuming similar heat release processes, the longer stroke offers a marginal 
increase in performance, fundamentally enabled by higher cylinder heat loss and reduced 
unburned gas temperature, but causes a slight degradation in brake thermal efficiency. The 
longer stroke increases friction, expected from Chapter 5.4, which is the primary reason for 
the observed reduction in thermal efficiency. 

From the work of Keck and Blizard [190], an increase in stroke and a reduction in bore 
diameter should lead to both faster flow through the intake ports and faster turbulent 
entrainment speed of the fresh charge once ignited. The increased entrainment speed 
should lead to a faster combustion duration and increased thermal efficiency [191]. In line 
with assumptions by Smith and Cheng about constant radial clearance and top land height 
[331], the crevice volume would also marginally reduce with a reduction in bore diameter, 
which should reduce emissions of unburned hydrocarbons. These effects should improve 
the combustion behaviour of the engine and increase the confidence of assuming 
combustion characteristics similar to the original Ultraboost engine. 

Overall, the influence of BSR in isolation on the absolute engine performance appears to 
be relatively minor but should be seen as an enabling technology for improved combustion. 
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7.10. Consequences for forced induction system specification 

The peak airflow (Figure 7-103) required to achieve the maximum level of performance 
varied a little between engines, but all engines required between 960 kg/h to just over 1100 
kg/h at maximum power, a variation of around ± 7% from the average. There is more 
variation in the peak intake manifold pressure that is required, which varied from around 3.3 
bar to 4.1 bar abs. This pressure is typically required at 3000 rev/min, or with between 55% 
and 75% of the maximum airflow. However, a pressure ratio in excess of 2 is required over 
an airflow ranging from approximately 100 kg/h to over 1100 kg/h, i.e. over an order of 
magnitude in airflow (Figure 7-104). For reference, many production radial compressors 
can only deliver this pressure ratio over a three-fold or four-fold flow range, confirming the 
likelihood of requiring a 2-stage boosting system to cover a tenfold flow range. Even with 
an atmospheric pressure of 1 bar abs, the pressure ratio will likely be slightly higher than 
the intake manifold pressure requirement, as in reality there will be flow losses between 
ambient and the induction system inlet, possibly flow losses through the induction system 
in the event of requiring two boost devices, and flow losses between the induction system 
outlet and the intake manifold. However, if the intake manifold pressure is assumed to 
represent the best-case pressure ratio requirement, achieving a pressure ratio of 4.1 bar 
with 70% compressor isentropic efficiency, assuming a compressor inlet temperature of 25 
°C, implies a compressor outlet temperature of over 230 °C. With application of some 
compressor technologies, for example cooled compressor covers, or through the use of 
materials with high resistance to thermal expansion, thermal fatigue and creep (e.g. 
titanium), these temperatures may be containable within a single compressor stage. The 
likely driver for requiring a 2-stage system will be map width constraints i.e. an inability of a 
single device to provide sufficient pressure ratio over the full range of engine airflow. This 
means a compound 2-stage system (where both stages are used simultaneously) or inter-
stage charge cooling may not be required, but there will be very little margin to maintain 
performance with increased ambient temperature, heat soak or compressor upheat from 
the underbonnet environment, or at altitude without employing such technology. 

As may be expected, the smallest displacement engine has the highest pressure ratio 
requirement at low and high engine speeds, but the 1991 cc engine at 9:1 CR actually has 
the highest pressure ratio requirement at several intermediate engine speeds, reflecting the 
higher output capability of this engine. 

 

 
Figure 7-103: Air flow rate vs. engine speed, max performance 
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Figure 7-104: Intake manifold pressure vs. airflow, max performance 

The impact of changing boundary conditions or engine geometry on charge air supply 
varies, shown in Figure 7-105. Often the pressure ratio requirement is reduced at low engine 
speeds, reflecting either improvements in volumetric efficiency (low flow coefficient) or lower 
power capability (high exhaust pressure). Low flow coefficient tends to increase the 
pressure ratio requirement at high engine speeds to compensate for the loss of volumetric 
efficiency, but in several cases the peak pressure ratio and peak airflow are both reduced 
by virtue of the lower load which the engine can support with adverse boundary conditions. 

The heat rejection from the charge cooler is close to the level of charge compression power 
required, but slightly lower, reflecting the fact that the charge is not fully returned to ambient 
temperature (intake manifold temperature is assumed to be 45 °C throughout these 
studies). Peak charge cooler heat rejection under nominal conditions, shown in Figure 
7-106, is around 48 kW, which increases to around 53 kW under the most extreme boundary 
conditions analysed (1623 cc engine in supercharged configuration with low flow 
coefficient). 

 

 
Figure 7-105: Impact of boundary conditions and engine design 

parameters on compressor performance 
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Figure 7-106: Charge cooler heat rejection 

The turbine performance is demonstrated in Figure 7-107 and Figure 7-108. The original 
Ultraboost turbine map data and experimental data from the UB100 engine using that 
turbine is overlaid with the results from these current studies. The exhaust pressure ratio is 
calculated as the total pressure reaching the outlet of the exhaust manifold as a quotient of 
the calculated exhaust system static restriction. The exhaust system restriction is assumed 
to be a quadratic function of exhaust flow rate passing through the reference pressure drop 
of 70 kPa and 900 kg/h, as in Chapter 7.3. 

The turbine mass flow parameter reflects the normalised flow rate which is presented to the 
turbine. In general, the turbine mass flow parameter increases with engine speed while 
exhaust pressure ratio increases with intake manifold pressure, typically reducing at high 
engine speeds where the engine is less able to tolerate high intake manifold pressure. The 
dynamic pressure is not easily measured during experimental work, and some 
underprediction of average total pressure over the engine cycle is expected by not capturing 
the high dynamic pressure during exhaust blowdown. 

In general, the experimental operating points from the UB100 build resembled the expected 
performance from the turbine map data, albeit with some underprediction of pressure ratio, 
until the wastegate opened, at which point the mass flow parameter increased without an 
appreciable increase in exhaust pressure ratio. In reality, with the wastegate open, only a 
proportion of the exhaust gas is expanded over the turbine, but all of the exhaust flow is 
subject to the same expansion ratio. This gives the impression that the turbine can swallow 
an implausibly high quantity of mass for the given pressure ratio. Achieving a greater mass 
flow parameter for a given pressure ratio than indicated by the turbine characteristic is not 
possible. Trying to drive a high mass flow rate through a small turbine increases the 
pressure ratio over the turbine due to the Mach number, which will reduce the mass flow 
parameter and push the operating point towards the bottom right of Figure 7-107. This would 
also lead to excessive turbine power being generated, excessive intake manifold pressure 
and potential damage to the engine or turbocharger. This is avoided by activating the 
wastegate and enabling a proportion of the flow to bypass the turbine. As wastegate flow is 
increased, the mass flow parameter through the turbine reduces while the exhaust pressure 
ratio increases, until the trend intersects the turbine’s performance characteristic (at which 
point the turbine will generate the appropriate pressure ratio for that mass flow rate). This 
is demonstrated as the ‘impact of wastegate’ in Figure 7-107, where the mass flow 
parameter and exhaust pressure ratio are calculated for a constant turbine power as 
wastegate flow is increased. At the intersection point (with approximately 27% of exhaust 
flow passing through the wastegate in the specific example shown), the turbine appears to 
be swallowing the full exhaust mass flow rate, but with a pressure ratio of 1.53, instead of 
the 1.36 pressure ratio which may have been attainable with a larger turbine and no 
wastegate flow. Therefore, the use of a wastegated turbocharger appears as an increase 
in exhaust system pressure and contributes to increased pumping loss. 
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Where the mass flow parameter lies below the turbine characteristic for a given pressure 
ratio, the turbine is unable to generate the necessary pressure ratio at that exhaust mass 
flow rate, and the turbine power will be less than necessary to support the intake manifold 
pressure demand unless the turbine flow area is reduced. 

This is seen to be the case for all engines. A smaller turbine would therefore be necessary 
to reach the desired intake manifold pressure at low engine speeds. Under nominal 
operating conditions, the Ultraboost turbine would be sufficient to provide the required 
turbine power at high engine speed, but would be inadequate below 4000 rev/min for the 
1991 cc engine (all compression ratios), 6000 rev/min for the 1796 cc engine, and 6500 
rev/min for the 1623 cc engine. It is likely that a smaller turbine, or some sort of variable 
turbine geometry, would be necessary for at least the smaller engine displacements. For 
the experimental data shown, the Ultraboost turbine could support the intake manifold 
pressure demand from 3000 rev/min, but that engine used a less restrictive exhaust, which 
would tend to increase mass flow parameter for a given exhaust pressure ratio. The 
increase in exhaust restriction and demand for higher intake manifold pressure (needed to 
increase load above the original Ultraboost level) means this turbine is now too large to fully 
support engine load at 3000 rev/min. 

The situation is exacerbated when the operating conditions are more adverse, shown in 
Figure 7-108. The most extreme example of this is with the high exhaust restriction, when 
a pressure ratio of over 2 is required at the lowest mass flow parameter, and the maximum 
pressure ratio is over 5. In this case, the original Ultraboost turbine is not able to support 
the required turbine power at any engine speed. For reference, the maximum expansion 
ratio during the original Ultraboost experimental work was around 2.3 and the turbine map 
was only tested up to an expansion ratio of around 3.6, which approximately reflects choked 
flow through both the turbine volute and the turbine wheel (each having a critical pressure 
ratio of approximately 1.8). Achieving higher pressure ratios will likely entail multiple turbine 
stages in series. In this case, two turbine stages would need to be used simultaneously, or 
the compressor power to be delivered by the turbine would need to be reduced. This may 
mean using a supercharger in addition to the turbocharger or reducing the maximum 
achievable intake manifold pressure and therefore engine load. 

 

 
Figure 7-107: Turbine performance, nominal conditions 
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Figure 7-108: Turbine performance, adverse conditions (1623 cc engine) 

At choked flow conditions, the swallowing capacity (the maximum mass flow parameter) of 
the Ultraboost turbine is akin to an isentropic nozzle of approximately 23 – 24 mm in 
diameter. The Ultraboost turbine has a maximum swallowing capacity of approximately 3 in 
the stated units while the necessary swallowing capacity at maximum exhaust pressure 
ratio for the nominal cases in Figure 7-107 is closer to 1.8, which would be equivalent to an 
isentropic nozzle diameter of approximately 18 mm. This represents a reduction in diameter 
of around 23%, which could be expected to reduce the turbine inertia to approximately one 
third of its original value (as a reduction in diameter of 23% could be expected to lead to a 
reduction in area, volume and mass of approximately 40%, and the combination of reduced 
mass and reduced diameter would both reduce inertia). While a real turbine with complex 
geometry may not achieve the same proportional reduction as these simplified calculations 
suggest, a substantial reduction in turbine inertia would be likely if the turbine size was 
reduced to better support maximum expansion ratio demands. Lower turbine inertia would 
improve the transient performance of the engine by providing more rapid acceleration and 
deceleration of the turbocharger, enabling it to respond more rapidly to changes in engine 
air demand. 

The preceding discussion confirms the need for at least two compressors to supply the 
necessary airflow across the engine speed range, and potentially two turbines in series to 
provide the necessary turbine power. 

7.11. Comparison to industry standards 

Putting the results from Table 17 into the context of the industry survey undertaken for 
Chapter 1.2 produces Figure 7-109 and Figure 7-110 below. Although there is obvious error 
present in the simulated results compared to the experimental data, it remains of interest to 
attempt to qualify the performance of this research engine platform to its production peers. 
The Ultraboost engines are referred to by the nomenclature ‘UPP2’, an acronym for 
‘Utraboost Platform Project number 2’, to differentiate them from the original Ultraboost 
project (which forms part of the ‘Demonstrator’ data set in the figures). The figures show 
that these engines remain at the top of the spectrum, even considering the potential for a 
10% error, broadly irrespective of the choice of forced induction system. The idealistic 
induction system assumptions made during analyses make it unlikely that a production 
solution could simultaneously deliver the specific power and maximum BMEP results 
indicated, but the potential for industry-leading BMEP or specific power may still exist within 
the Ultraboost engine architecture, given the right application boundary conditions. 
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The ‘eSC’ descriptor is used to describe the supercharged case without considering the 
charge compression power requirements, as this case is most suited to an independently-
powered supercharged architecture, for example, where the supercharger is powered 
electrically. 

 
Figure 7-109: BMEP vs. Specific power, Ultraboost vs. industry engines 

 

Figure 7-110: Maximum BMEP vs. rated power BMEP, Ultraboost vs. 

industry engines 

Comparing these results to the wider industry as a function of compression ratio, shown in 
Figure 7-111, reveals that the Ultraboost engines may have considerably more performance 
potential for a given compression ratio than has been realised in production engines, even 
allowing for an estimated 10% error. This may indicate the practical difficulties of achieving 
high intake manifold pressures over a wide range of air flow rates. In this instance, it could 
mean that the majority of production engines compromise on the maximum BMEP 
attainable to prioritise greater torque at low engines speeds or improved transient response. 
Although Figure 7-111 shows maximum torque, trends are similar for BMEP at maximum 
power. 
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Figure 7-112 plots the BSFC achieved by the Ultraboost engines against the industry 
sample. This figure is presented for interest, however, the reader is reminded that the 
simulated BSFC results are not validated in any way – when the simulations were 
conducted, the het release profiles were assumed to be similar to the full load profiles and 
are therefore likely to be subject to an unquantified error. It is assumed that the minimum 
BSFC observed during simulated load sweeps at 3000 rev/min will be approximately 
equivalent to the optimum BSFC of each engine. This is likely to be a slight approximation, 
because as shown in Figure 7-47 and Figure 7-48, full load BSFC at 2500 rev/min is often 
slightly better than at 3000 rev/min. However, differences are expected to be small. While 
it is possible that a preferable BSFC could be achieved with more detailed study of the 
intermediate speed and load region of each engine, the model’s suitability for use in this 
region should be verified before further studies are undertaken. In particular, the assumed 
heat release profiles would require validation at the conditions of interest. Consequently, 
results from the load sweeps already undertaken at 3000 rev/min are assumed to be 
representative of each engine’s optimum BSFC, and it is further assumed that the BSFC 
for the supercharged variants provide the minimum and maximum likely BSFC for each 
engine. The turbocharged variants have not been simulated but are assumed to have BSFC 
results similar to the ‘eSC’ variant for each engine.  

Given the above caveats regarding the potential error of the simulations, these results, if 
reliable, indicate that the Ultraboost engine platform may be at the lower end of the scatter 
for industry engines, suggesting this engine platform could be quite efficient compared to 
its peers (accepting the model has not been validated at intermediate loads). In particular, 
the lower displacement engines appear to be capable of good BSFC relative to their 
compression ratio. From the analyses undertaken in Chapter 7.5, this is likely to be due to 
the reduction in the proportion of fuel energy lost to the exhaust and from the reduction in 
heat transfer losses. The penalty with supplying charge compression power is clear, 
highlighting the detriment of a supercharged configuration for sustained part-load operation. 

The highest compression ratio shows relatively poor BSFC performance, compared to other 
engines in industry. This engine (1991 cc displacement at a nominal compression ratio of 
13, actually 12.1 CR) also has relatively low maximum BMEP, poor BMEP at low engine 
speed (Figure 7-38 and Figure 7-39) and could not realise significant maximum power gains 
over the 1796 cc engine with a compression ratio of under 11 (Figure 7-44 and Figure 7-45). 
This suggests that the Ultraboost combustion system cannot maintain high performance 
with compression ratios much above 11:1. The similarity in maximum predicted power 
between the 1991 cc engine and 1796 cc engine at 11:1 CR, coupled with comparable 
BSFC at full load and lower minimum BSFC for the 1796 cc engine, makes the 1796 cc 
engine particularly interesting for further study if the reduction in low speed torque of around 
30 – 40 Nm can be tolerated. This would suggest a ‘preferred’ maximum power density of 
172 kW/l, only possible with the ‘eSC’ variant, or a more realistic maximum power density 
of between 140 and 160 kW/l, achievable by either supercharged or turbocharged variants. 
The latter values are in line with current best-in-class industry products. 
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Figure 7-111: Maximum BMEP vs. compression ratio, Ultraboost vs. 

industry engines 

 

Figure 7-112: Minimum BSFC vs. compression ratio, Ultraboost vs. 

industry engines 

Reviewing how the performance potential of the engine platform is affected by changes to 
the assumed boundary conditions and engine design parameters, Figure 7-113 and Figure 
7-114 show how a high exhaust pressure can reduce previously class-leading specific 
performance to levels typical of existing production engines. The reduced flow coefficient 
also reduces the specific power density to performance levels which are similar to class-
leading production engines, but the Ultraboost engine platform retains a marginal 
advantage. 
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Figure 7-113: Influence of engine parameters on BMEP, 1623 cc engine 

 

 

Figure 7-114: Influence of engine parameters on BMEP and power 

density, 1623 cc engine 

Finally, to assess the ability of the Ultraboost engine platform to provide high performance 
at low engine speed, the specific low-end torque (LET) is compared to the specific power in 
Figure 7-115 and Figure 7-116. Under nominal assumptions, the Ultraboost platform 
remains best-in-class, but is focussed around maximising specific power over maximising 
specific LET. However, when the operating conditions are less favourable, performance 
becomes more aligned with current industry norms. As before, the exhaust system pressure 
is the most influential parameter, while BSR is least influential. 
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Figure 7-115: Specific LET vs. specific power, Ultraboost vs. industry 

engines 

 

Figure 7-116: Influence of engine parameters on specific LET, 1623 cc 

engine 

7.12. Conclusions 

The preceding section has shown that the Ultraboost engine architecture is expected to be 
capable of around 172 kW/l in turbocharged configuration and around 153 kW/l in 
supercharged configuration, with the potential for short-term boosted performance of up to 
186 kW/l, depending on the capabilities of the boosting system employed. The maximum 
predicted steady-state BMEP for the engine architecture was 38 bar, available in 
turbocharged form, with a short-term maximum BMEP of 41 bar possible in supercharged 
form if the charge compression power can be provided from a separate source. The lowest 
compression ratio could achieve the highest BMEP at low engine speed, while the smaller 
engines were able to achieve the highest BMEP at intermediate and higher engine speeds. 
The smaller displacement engines also had the highest specific power outputs, but the 
larger displacement engines could provide the highest absolute torque and power outputs.  
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At the lowest engine speeds, supercharging offers a clear advantage over turbocharging, 
as supercharging can provide beneficial positive pumping work, achieving higher volumetric 
efficiency and lower residual gas content. These characteristics enable the engine to 
generate more indicated load, while charge compression power requirements remain 
modest. If the compression work can be provided from an external source, for example from 
a battery using recovered energy, the BSFC of a supercharged engine can be superior to 
a turbocharged engine. However, at many engine speeds and under most operating 
conditions the parasitic drive power required to generate the intake manifold pressure leads 
to a lower net brake output and invariably leads to a higher specific fuel consumption for a 
supercharged configuration compared to a turbocharged configuration. If the drive power 
for the induction system were to be provided externally from the engine, the induction 
system could be expected to demand typically 30 kW, with a possible maximum in excess 
of 50 kW, which could lead to currents of over 1,100 A from an electrical system at 48 V. At 
30 kW, typical of operation at maximum load between 3000 rev/min and 4000 rev/min, 
current draw would be closer to 625 A on a 48 V system. 

The Ultraboost platform appears capable of surpassing the performance achieved during 
the original Ultraboost project, if the appropriate boosting system could be procured. 
However, there is a clear trade-off between the performance at low engine speeds and the 
performance at high engine speeds, irrespective of the boosting system selected. For 
maximum performance at low engine speeds, a large swept volume with low compression 
ratio is preferred to mitigate the impact of knock. At high engine speeds when operating at 
stoichiometric, a higher compression ratio provides higher load for a given exhaust 
temperature limit. Smaller displacement engines can achieve high specific power output for 
a given exhaust temperature limit, as they benefit from greater cooling of the cylinder 
contents when the burned gas is expanded into the exhaust manifold after EVO. However, 
the maximum absolute brake power output of the smaller displacement engines is still lower 
than that of the larger displacement engines with higher compression ratios, although 
differences are slight. The 1796 cc engine achieved a maximum power within 4 kW of the 
1991 cc engine at both 11:1 CR and 13:1 CR when turbocharged, and within 6 – 8 kW when 
supercharged (depending on source of compression power). 

In the most optimistic scenario, the best fuel economy seen from the Ultraboost platform 
was competitive, at around 220 g/kWh, around 39% brake thermal efficiency. However, this 
does not represent best-in-class fuel economy, albeit the best-in-class rarely has this level 
of specific performance. The best simulated fuel economy was achieved at around 150 Nm 
to 200 Nm, or between 11 and 16 bar BMEP, depending on the engine. When not supplying 
the charge compression power, the best BSFC was achieved by the smallest displacement 
engine. When charge compression power was included, the best BSFC was achieved by 
the largest displacement engine with the highest compression ratio, although this value was 
not competitive compared to industry engines at similar compression ratios. 

The differences between the best BSFC values achieved by the different engine variants 
was small, around 1%, with the larger displacement engine achieving its best BSFC at a 
higher brake torque than the smaller engines. Generally, the optimum engine architecture 
for minimum BSFC tended to larger displacement and lower compression ratio as load was 
increased, with larger displacement offering more significant BSFC benefits at high load 
than lower compression ratio. At low loads, a large engine with high compression ratio could 
achieve similar BSFC results to a smaller displacement engine at lower compression ratio. 
This may make a larger displacement engine with variable compression ratio a more 
attractive proposition than a smaller displacement engine for ultimate performance. With 
the engine supplying its own charge compression power, the lowest BSFC observed for the 
engine platform was around 234 g/kWh, or around 37% brake thermal efficiency. 
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An engine designed for maximum BMEP of 37 – 39 bar and a maximum specific power 
density of 160 – 170 kW/l (such as the 1796 cc engine at 11:1 CR) appeared to show good 
potential for both high performance and low fuel consumption, although further validation of 
the model or further experimental work is recommended to confirm this assertion, and this 
engine is still a compromise between minimising fuel consumption and maximising 
performance. 

The engine performance is found to be very sensitive to exhaust system pressure, with a 
nominal doubling of restriction causing a loss of up to 25% in maximum power, 32% in 
maximum torque, and an increase in BSFC at maximum load of up to 8%. Although the 
engine is demonstrably more sensitive to knock with high exhaust pressure, the loss of 
performance can be predominantly attributed to loss of volumetric efficiency and increased 
pumping losses. The reduction in load and increase in knock sensitivity also reduces peak 
cylinder pressure, which may enable design modifications to reduce the overall engine 
friction. 

A reduced flow coefficient, which would likely be required to improve charge motion and 
offset some of the detrimental effects of higher compression ratio or increased BSR, is also 
detrimental, but not as significantly as increased exhaust restriction. The maximum power 
of the supercharged engine is reduced by 4% - 6% for an effective 50% reduction in flow 
coefficient, while the maximum power of the turbocharged engine is reduced by around 12% 
for the same flow coefficient reduction. The main reason for the difference in performance 
between supercharged and turbocharged configurations is due to an increase in in-cylinder 
temperature, preventing the turbocharged case from increasing intake manifold pressure to 
offset the loss of volumetric efficiency. In all cases, maximum BMEP is reduced by around 
10%. 

The BSR, over the range assessed, is not a particularly sensitive parameter in isolation. At 
advanced combustion phasing, where the SVR of the low-BSR engine was preferable, the 
low-BSR engine provided slightly greater in-cylinder efficiency, but the higher friction of this 
engine led to a net reduction in overall brake thermal efficiency. At high load and retarded 
combustion phasing, an increase in heat transfer for the low-BSR engine enabled an 
increase in maximum load which could offset the increased engine friction, but thermal 
efficiency was impaired. In all cases, the change in load or thermal efficiency was of the 
order of 2% or less. It is likely that a longer stroke design would enable improved combustion 
efficiency and improved thermal efficiency through increased charge motion, but it is also 
likely to increase sliding friction losses. Careful design of a long-stroke engine would 
therefore be required to ensure a net benefit could be realised over a wide range of 
operating conditions. 

The results from these simulation studies have been summarised in Table 17 on page 299. 
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1991 13 Nom Nom 0.9 549 
@3000 34.7 317 

@6000 159 456 
@3000 28.8 270 

@6000 136 505 
@3000 31.9 294 

@6000 148 

1991 11 Nom Nom 0.9 587 
@3000 37.1 308 

@6000 155 476 
@3000 30.1 265 

@6000 133 563 
@3000 35.5 292 

@6000 147 

1991 9 Nom Nom 0.9 659 
@3000 41.6 288 

@6000 145 514 
@2500 32.5 249 

@6000 125 608 
@3000 38.4 270 

@6000 135 

1796 11 Nom Nom 1 562 
@3000 39.3 309 

@6000 172 453 
@3000 31.7 259 

@6000 144 529 
@3000 37.0 290 

@6000 162 

1623 11 Nom Nom 1.1 530 
@5000 41 302 

@6000 186 426 
@5000 33.0 249 

@6000 153 490 
@3000 37.9 279 

@6000 172 

1623 11 High Nom 1.1         352 
@3000 27.2 209 

@6500 129 

1623 11 Nom Low 1.1 483 
@5000 37.4 291 

@6000 179 389 
@5000 30.1 231 

@6000 143 426 
@5000 33.0 245 

@6000 151 

1623 11 Nom Nom 0.9 529 
@5000 40.9 302 

@6000 186 424 
@5000 32.8 248 

@6000 153     

Table 17: Summary of simulation studies (maximum performance) 
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8. Conclusions and Future Work 
8.1. Summary of work 

This work has reviewed the state-of-the-art in terms of engine power density and fuel 
economy, showing that engines achieving around 155 kW/l and in excess of 30 bar BMEP 
are now in production, as are engines of 40% brake thermal efficiency. Engines with this 
level of specific performance represent the equivalent of approximately 50% reduction in 
displacement since the early 2000s. However, the engines designed for maximum brake 
thermal efficiency are typically not the engines with the highest power densities. Often the 
downsized, high-performance engine is not more efficient at a given specific load than the 
original engine at the same specific load, and the downsized engine relies on a shift in the 
engine’s operating condition to achieve a fuel economy advantage in the vehicle application. 

In this context, the results of the Ultraboost project have been interrogated. In 2014, this 
engine was able to realise in excess of 32 bar BMEP and over 140 kW/l, while providing an 
estimated 23% fuel economy advantage from a 60% downsizing factor (reduction in engine 
displacement divided by original engine displacement). While no longer class-leading, this 
engine still represents highly competitive performance, and it is of interest to understand 
how much more potential the engine platform may have. 

Experimental studies to understand which parameters were most influential in defining the 
performance limits of the engine identified aggressive use of scavenging, enabled by low 
exhaust system restriction, coupled with in-cylinder enrichment (for stoichiometric mixture 
strength in the exhaust) as the fundamental mechanisms by which the engine’s high 
performance was achieved. During the original project, the Ultraboost engine was also 
operated somewhat beyond a typical borderline knock threshold for a production engine. 
Further, the engine used a globally-rich mixture at its maximum observed performance 
levels, which may not be compatible with future emissions legislation. 

Although the Ultraboost engine used EGR, experimental studies indicated that the 
effectiveness of EGR varied between engine speeds and intake manifold pressures. This 
finding aligns with previously published work [311] which suggested the efficacy of EGR for 
knock suppression is very dependent on interactions between the fuel chemistry, the 
engine’s intake manifold pressure and temperature, and the compression ratio. However, it 
is not currently clear if the trends observed during this work are fully explained by this 
hypothesis; further work is recommended to explore this relationship in more detail. 

To assess how much more specific performance may be possible from the Ultraboost 
platform, several combinations of hardware to vary engine displacement and compression 
ratio were procured and assessed experimentally. The swept volume was varied from 1991 
cc to 1623 cc and the compression ratio from a nominal 9:1 to a nominal 13:1. If the 1623 
cc engine were to achieve the same maximum performance as the original Ultraboost 
engine, it would be operating at approximately 40 bar BMEP and would represent a 70% 
downsizing factor compared to the original 5.0-litre engine on which the original Ultraboost 
engine was based. 

However, additional volume in the cylinder head due to manufacturing tolerances meant the 
compression ratios tested were closer to the range 8.6:1 to 12.1:1. For simplicity, the engine 
block and cylinder head were unchanged, meaning the bore diameter was fixed, and 
changes to compression ratio were achieved by changes to the piston crown. This meant 
that as well as changing the swept volume, the bore/stroke ratio and crankshaft throw to 
conrod length ratio was also changed. These effects were expected to have an influence 
on engine friction and combustion, which was confirmed through experimental testing. 
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The smaller displacement and higher compression ratio engines had slower combustion, 
lower combustion efficiency (apparent as higher hydrocarbon emissions) and reduced 
combustion stability. 

Limitations to the amount of experimental testing possible and a desire to remove the 
detrimental combustion effects due to the engine geometric changes led to an assessment 
using virtual methods. 1D gas dynamic models using industry-standard GT-Suite software 
were built to assess the impacts on friction and performance from the changes to swept 
volume and compression ratio. The model was initially calibrated to the ‘UB100’ 
experimental results, obtained during the original Ultraboost project. The engine model was 
then modified to represent the experimental conditions for the knock investigations detailed 
in this thesis. A knock model was calibrated to replicate the experimental results from this 
test programme, covering multiple engine displacements and compression ratios. However, 
a single calibration could not be found which could accurately replicate all observed knock 
threshold conditions. The error of the final knock model was on a par with, or better than, 
that expected from the work by Giles [344] on the same engine platform, but was not 
adequate to describe the ultimate performance of the engine platform accurately – error 
was still estimated at between 5% and 10% in terms of BMEP. 

In particular, the knock model could not account for different knock suppression effects of 
EGR at different engine speeds, as had been observed experimentally. This remains an 
area for further work. 

These models also identified that the smaller displacement engines could achieve reduced 
absolute friction losses from their relatively over-square / short-stroke architectures, but 
would likely suffer an increased friction penalty in terms of specific performance. As with the 
knock model, the friction model developed for the investigations for the engine platform 
could capture many of the friction effects of changes to stroke and compression ratio, but 
could not fully capture all of the engine’s friction characteristics, and further improvement 
may be possible. 

Despite these limitations, the models were used to provide insight into the possible limiting 
performance of the Ultraboost platform. The platform was estimated to provide the capability 
to deliver 172 kW/l with careful matching of a turbocharged boosting system, with up to 186 
kW/l possible if power for the engine charge supply could be provided externally. However, 
in extremis, provision of such a system required an equivalent level of power to a 48 V 
electrical system drawing over 1,100 Amps. Maximum BMEP was around 38 bar with a 
turbocharged system, with potential to achieve in excess of 40 bar for specific engine 
variants at specific engine speeds if the charge compression power could be provided 
externally. 

The Ultraboost platform is confirmed as a high-performance platform, prioritising maximum 
BMEP generation and achieving higher power densities than are observed in production 
engines. However, the platform is very sensitive to the engine’s boundary conditions, 
particularly the exhaust system pressure. Increasing the exhaust restriction to better 
represent a possible production application with advanced engine aftertreatment removes 
any performance advantage for this engine over production engines. Increasing the 
combustion system’s charge motion, likely a requirement to realise higher compression ratio 
or reduced stroke, also brought the maximum performance of this engine into line with best-
in-class production engines. The need for two boosting devices is confirmed, in which case 
maintaining the assumed isentropic turbine and compressor efficiencies across all engine 
speeds will be difficult and an increase in exhaust system pressure is likely. Further work 
on this platform should aim to reduce the detrimental impact of these boundary conditions, 
for example modifying the valve lift profiles to reduce or remove the current compromises 
between valve overlap, effective compression ratio and expansion ratio. 
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The best BSFC simulated was between 220 g/kWh and 234 g/kWh, depending on the 
method of charge air provision, equivalent to 37% to 39% brake thermal efficiency. If the 
simulated results are found to be reliable, given the assumptions made for the heat release 
profile and potential error of up to 10% in brake power seen at full load, such efficiencies 
are competitive, but do not represent industry best-in-class performance. The simulated 
results suggest good fuel economy after accounting for geometric compression ratio, but 
extensive validation of these simulated results is required before firm, quantitative, 
conclusions can be drawn from this work. Qualitatively, the best architecture for lowest 
BSFC changed as a function of load, with the smallest displacement engine being 
preferable at lower engine loads, the largest displacement engine with the highest 
compression ratio being preferable at intermediate loads, and the largest displacement 
engine with the lowest compression ratio being preferable at the highest loads. The 
changeover point for these builds was between 150 and 200 Nm for the transition from 1623 
cc at 11:1 CR to 1991 cc at 13:1 CR, and between 430 and 460 Nm for the transition from 
1991 cc 13:1 CR to 1991 cc 9:1 CR. At low loads, the BSFC of the 1991 cc 13:1 CR engine 
was similar to the 1623 cc 11:1 CR engine, so increasing compression ratio may offer 
opportunity for good fuel economy without the same level of compromise on maximum 
performance from low engine displacement. 

Maximum performance was generally achieved by running retarded combustion phasing to 
simultaneously maximise exhaust temperature and intake manifold pressure, at some 
detriment to fuel consumption. High performance at low engine speed required a large 
displacement engine with a low compression ratio, while the highest power output (with a 
stoichiometric mixture and without scavenging) was achieved by a large displacement 
engine with a high compression ratio. However, the highest specific performance was 
achieved by the smallest displacement engine, and the 1796 cc engine could achieve close 
to the maximum absolute power levels, but with better fuel consumption than a larger engine 
with the same compression ratio. Generally, high compression ratio provided beneficial 
additional expansion work which helped reduce exhaust gas temperature and exhaust 
enthalpy loss, but the reduced displacement also provided a greater level of expansion of 
the in-cylinder gas during the exhaust stroke, providing more beneficial exhaust cooling. 
The reduced stroke led to reduced heat loss from the cylinder, through both lower heat 
transfer coefficients and less surface area over which heat transfer could occur, compared 
to the larger displacement engines. The reduction in exhaust temperature enabled further 
combustion retardation and meant some of these engines were limited by peak cylinder 
pressure, not knock, at maximum power. 

The short-stroke engine has a correspondingly high BSR, but this was not a disadvantage 
at the retarded combustion phasings necessary for maximum BMEP. Analyses of the 
influence of BSR suggested that a long-stroke, low-BSR engine could reduce heat loss from 
the combustion chamber when running combustion phasing close to MBT, but often the 
increased total heat transfer from the higher piston speed during the expansion stroke was 
more detrimental. Further, the increased stroke also led to increased friction, which 
increased fuel consumption compared to the high-BSR engine. However, the additional 
heat loss for the long-stroke engine did enable a slight increase in the maximum BMEP that 
could be achieved. In a real application, a lower BSR would also be expected to provide 
improvements to the heat release process which have not been analysed in this work. 
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8.2. Main Conclusions 

These findings suggest that specific power densities of over 180 kW/l and a maximum 
BMEP of 40 bar can be achieved, but possibly not simultaneously (as both were achieved 
with optimistic induction system assumptions, unlikely to be realised simultaneously at two 
engine speeds). Maximum BMEP at rated power under best-case conditions was 37 bar, 
meaning the 1623 cc engine could not quite achieve the same absolute power output as 
the original Ultraboost project. To maintain the same absolute power and torque as the 
original Ultraboost project, an engine capacity of 1796 cc was required. This suggests a 
limiting downsizing factor for the Ultraboost platform of approximately 65% and a limiting 
power density of approximately 160 kW/l – 170 kW/l. These numbers are close to those of 
Bassett et al. [143], who suggested a limit of around 70% downsizing factor with a maximum 
power density of around 200 kW/l, although the presented engine delivered 160 kW/l at 
slightly over 60% downsizing factor. 

The use of supercharging at low engine speeds, particularly if part or all of the power 
required for charge supply can be provided externally to the engine, enables higher engine 
performance by reducing residual gas concentrations and improving volumetric efficiency. 
However, the high parasitic power consumption required for charge compression at high 
engine speeds makes turbocharging a preferable solution at these conditions. 
Supercharging can enable generation of greater indicated work at all speeds, but the 
parasitic power consumption at high engine speeds reduces the engine’s brake power 
output below that of a turbocharged equivalent. Therefore, a super-turbo configuration 
(where some form of supercharging supports operation at low engine speeds) is 
recommended for future high-performance derivatives of this engine platform. Such a setup 
may be feasible for mild or full hybrid vehicles, where it might be possible to provide the 
required power for short periods. Higher voltage systems could provide the power at lower 
current levels, reducing losses and providing higher overall system efficiencies. 

For high specific power with stoichiometric operation, exhaust temperature management 
through expansion of the exhaust gas and maintaining low exhaust system pressures is 
crucial, which may influence future exhaust valve and exhaust system designs. Although 
potentially subject to errors with the knock model utilised, low exhaust system pressure 
enabled some engines to operate without knock limiting the maximum performance. In 
these cases, the maximum permissible cylinder pressure became limiting. This knowledge 
enables the engine designer to design for either a higher peak cylinder pressure to release 
more performance, or – if the minimum possible exhaust pressure is known in advance – 
potentially produce a lower friction design with a lower peak cylinder pressure limit, 
assuming adequate margin exists to protect against extreme knock or pre-ignition events. 

The maximum BMEP was predominantly influenced by compression ratio rather than swept 
volume at low engine speeds, whereas the maximum BMEP was predominantly influenced 
by swept volume rather than compression ratio at high engine speeds. However, at nearly 
all speeds the largest displacement engine could produce the highest load, the only 
exception being at 6500 rev/min, after peak power, where the lower displacement engines 
achieved the highest power outputs. Although the smaller engines had an advantage over 
the largest engine in terms of fuel consumption at low loads, beyond approximately 180 Nm 
brake torque the largest displacement engine was best for fuel consumption, with the 
optimum compression ratio reducing as load continuously increased. This is significant in 
light of variable compression ratio mechanisms and increased electrification of powertrains. 
If the engine does not need to operate at low engine loads by utilising the electric machine 
instead, the larger displacement engine would likely be preferable, particularly if a variable 
compression ratio mechanism can be deployed. If a variable compression ratio mechanism 
is not available, operation at a compression ratio of between 10:1 and 11:1 offered good 
fuel consumption across the engine load range. 
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For this combustion system, a compression ratio in excess of 12:1 resulted in degradation 
of BMEP at low engine speed for little benefit in fuel economy or maximum power, compared 
to other engine derivatives at lower compression ratio. 

The methods to realise higher compression ratio and reduced swept volume in this test 
programme both had detrimental effects on combustion duration and combustion efficiency. 
To create an engine design suitable for production from these conclusions, design changes 
would likely need to be made to improve the charge motion of the combustion chamber. 
Attention should also be given to the propensity for pre-ignition, or other abnormal 
combustion phenomena, as the energy density for either reduced displacement or higher 
compression ratio has been markedly increased from the original Ultraboost levels. 

Changing the BSR to increase stroke length offered little benefit to this engine architecture, 
predominantly due to operation at retarded combustion phasing. For the same heat release 
process, the longer stroke and higher mean piston speed led to an increase in engine friction 
and heat transfer which were detrimental to the fuel economy of the engine, meaning this 
engine actually benefitted from its nominal over-square configuration. However, the 
additional heat transfer from the longer stroke did allow a slight increase in maximum 
performance. At more advanced combustion phasing, the reduced SVR did enable a slight 
indicated thermal efficiency advantage, but not enough to overcome the friction 
disadvantage in this engine architecture. A long-stroke design is expected to be beneficial 
for combustion and thermal efficiency, but to realise the indicated benefits from a long stroke 
engine design, attention must be paid to the details of the engine friction losses and heat 
transfer during the expansion stroke in particular. 

Changes to flow coefficient, and in particular to the exhaust system pressure, are likely to 
have a pronounced detrimental effect on this engine platform’s performance. These 
changes, which may be necessary for production applications, would likely bring this engine 
platform into line with current best-in-class performance. As engine displacement is 
reduced, the ability of the forced induction system to provide the necessary intake manifold 
pressure at high efficiency is reduced, and exhaust restriction will increase. This is likely to 
make power densities much above current best-in-class difficult to achieve with small 
displacement engines. 

To conclude, downsizing beyond 65%, or achieving in excess of 170 kW/l, appears to 
present significant challenges to achieving both high load and high thermal efficiency. 
Minimising exhaust system pressure is critical for high power density, reducing exhaust 
temperature and residual gas content and maintaining low pumping losses. A low exhaust 
system pressure provides opportunity for expansion of the exhaust gas as it enters the 
exhaust manifold, providing a beneficial reduction in temperature. A long-stroke, low-BSR 
engine offers little thermal efficiency advantage in isolation when combustion phasing is 
retarded from MBT, but may make it easier to maintain good combustion efficiency and can 
marginally improve power density. Reduction of friction losses will be essential to realise 
benefits from a long-stroke engine. 

A high geometric compression ratio is very detrimental to BMEP at low engine speed but is 
beneficial for high power density when operating stoichiometrically. A high geometric 
compression ratio is also detrimental to specific fuel consumption at high load. Reduced 
swept volume is beneficial for fuel consumption at lower engine load. It also enables higher 
specific power at better thermal efficiency at high engine speeds than geometric 
compression ratio by enabling beneficial exhaust cooling as the gas expands into the 
exhaust manifold. However, reduced swept volume is more likely to suffer from problems 
with maintaining the efficiency of the forced induction system or the need for 2-stage turbine 
systems and is likely to require higher exhaust system pressure. Reduced displacement 
may also cause difficulties with maintaining adequate exhaust enthalpy for high 
aftertreatment conversion efficiency. 



  Conclusions and Future Work 

Niall Turner Page 305 of 327 University of Bath 

For the specific Ultraboost performance targets of 515 Nm at 3500 rev/min and 283 kW, the 
1991 cc engine at 11:1 compression ratio is the most viable engine architecture. However, 
if approximately 20 – 30 Nm reduction in brake torque can be tolerated, for example by 
increased reliance on electric power in a hybrid application, the 1796 cc engine at 11:1 CR 
provides better fuel economy and still meets the rated power. Higher compression ratios 
could enable higher maximum power and a lower minimum fuel consumption, but further 
work would need to be undertaken to improve the knock robustness of this engine platform 
at low speed and high load. 

8.3. Further work 

This thesis has highlighted issues with the fundamental engine design for further downsizing 
or specific performance increase. Attention needs to be paid to the crevice volumes and in-
cylinder charge motion, as well as the engine friction and heat transfer mechanisms to 
realise greater benefits from further experimental studies. It is unlikely that the idealised 
conditions assumed for these studies will be realised in a practical application, and therefore 
the real performance of a 65% downsized engine is likely to be reduced from the nominal 
performance in Table 17. However, the results for the increased exhaust restriction or low 
flow coefficient cases may present a more realistic estimate for this engine platform. Valve 
lift profiles should also be reviewed, as it is likely preferable profiles could be found for 
revised boundary conditions, including assumed stoichiometric operation at all times and 
reduced scavenging. 

The influence of BSR is worth further exploration, in particular its benefits in relation to 
location of MFB50. The assumed benefits from reduced SVR were not realised in this study, 
although it is possible this is because they were dominated by increases to engine friction. 
Improving the engine friction for a reduced BSR may change this conclusion. The engine 
friction model would also benefit from more detailed review, perhaps incorporating more of 
the behaviour exhibited in the MBS model within the thermodynamic engine model. 
Expanding the range of BSR and r/l ratios assessed may also allow comparisons to the 
Toyota expectation that an optimum BSR exists around 0.83 [132]. 

The knock model requires further exploration, in particular the influence of engine speed 
and of EGR. Assessment against the work of Szybist et al. [311] is recommended, as they 
assume EGR is less effective at low engine speed than at high engine speeds, which is in 
contrast to these observations. These observations confirm that the effect of EGR on in-
cylinder temperature is important, but suggest pressure may be more significant at higher 
engine speeds than at lower engine speeds. It is of interest to understand the interaction of 
pressure and temperature on autoignition behaviour of this fuel at conditions typical of high 
engine speed and high load operation. Understanding whether the current trends are 
replicated with other fuels, such as PRFs, would provide further insight into the behaviour 
of this engine with EGR. The knock model requires validation at higher engine speeds, and 
more detailed understanding of the apparent sensitivity to intake manifold pressure, as 
these factors are often confounded, with the engine less able to tolerate high intake manifold 
pressures at high engine speeds. 

Further work on post-combustion oxidation and thermochemical behaviour in the exhaust 
manifold with high valve overlap should be assessed – no satisfactory calibration of the 
modelled in-cylinder heat release and CO formation process and exhaust manifold chemical 
kinetic behaviour was provided from these studies. Rapid sampling of the in-cylinder gas 
would provide very useful information in this context and aid understanding of the 
contribution of internal EGR to knock performance in this engine. 
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Experimental work is recommended at part-load operation to confirm the conclusions 
reached in terms of optimum fuel economy for these engines. In particular, the effect of heat 
release profile has not been assessed and the heat release profiles used for these studies 
have not been validated at lower load. Experimental work at high speed is recommended 
to validate the conclusions reached in this work, in particular the maximum performance of 
the smaller displacement engines and the sensitivity to exhaust system restriction. This 
sensitivity should be re-assessed if revised valve lift profiles are implemented. 

This work has not assessed the propensity of any of the engines to undergo more frequent 
or more extreme knock events, or LSPI phenomena compared to the original Ultraboost 
engine. A detailed interrogation of the raw experimental data to understand if the smaller 
displacement or higher compression ratio engines were more prone to knock and LSPI is 
recommended, as this may also shape conclusions over the most feasible architecture for 
maximum performance. 
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Appendix: Boundary conditions for knock model simulations 

 

Case 
Number 

Swept 
Volume 

Compressi
on Ratio 

Engine 
Speed Lambda EGR Rate 

Intake 
Manifold 
Pressure 

Exhaust 
Manifold 
Pressure 

Intake 
Valve Lift 

Profile 

Intake 
Valve 
Timing 

Exhaust 
Valve 
Timing 

 cc - Rev/min - % kPa abs kPa abs Hi / Lo °CA 
advance °CA retard 

1 1991 9:1 4000 1.01 0 230.0 277.0 Lo 20 25 

2 1991 9:1 4000 0.92 0 235.2 283.0 Lo 20 25 

3 1991 9:1 4000 0.83 0 234.8 284.0 Lo 20 25 

4 1991 9:1 2000 1.01 0 257.0 228.0 Hi 25 25 

5 1991 9:1 2000 1.01 10.3 277.5 247.4 Hi 25 25 

6 1991 9:1 2000 1.01 0 267.2 243.8 Hi 25 25 

7 1991 11:1 2000 1.03 0 272.3 244.3 Hi 25 25 

8 1991 11:1 2000 1.03 0 282.4 266.7 Hi 25 25 

9 1991 9:1 4000 1.01 9.97 234.9 286.1 Lo 20 25 

10 1991 9:1 4000 1.01 10.2 255.7 313.9 Lo 20 25 

11 1623 11:1 1500 1.03 0 278.5 228.2 Hi 25 25 

12 1991 11:1 1500 1.04 0 287.8 226.6 Hi 25 25 

13 1991 9:1 2000 1.01 0 238.5 217.8 Hi 55 5 

14 1991 9:1 2000 1.02 0 238.4 218.0 Hi 25 5 

15 1991 9:1 2000 1.03 0 238.4 217.9 Hi -5 5 

16 1991 9:1 2000 1.02 0 238.1 162.6 Hi 30 20 

17 1991 9:1 2000 1.02 0 238.4 217.6 Hi 30 20 

18 1991 9:1 2000 1.03 0 238.3 278.3 Hi 30 20 

 


