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Abstract

Wave rotors exchange energy between different fluid streams via unsteady shock and
expansion waves without the application of mechanical parts. This offers potential
efficiency gains for a variety of thermodynamic cycles and applications ranging from
refrigeration cycles to micro-gas turbines.

This study deals with the experimental and numerical examination of an op-
timised, four-port wave rotor turbine that functions both as a pressure exchange
device and a power generating turbine. The wave rotor channels were optimised for
increased power output at a single operating point and was based on a baseline wave
rotor of 60 mm in diameter, 30 mm in length with symmetrical channel camber.
Both units were experimentally tested on a gas stand in open-loop configuration us-
ing electrical heaters as a source of heat for the high pressure inlet and pressurised
air for both inlet ducts. Throughout testing, the mass flow rates among high pres-
sure in- and outlet were balanced. To gain further insights into the physics within
the rotor, numerical simulations using a quasi-one-dimensional unsteady model were
used alongside the experiments.

The experimental results indicate a power increase of 74% at the target operating
conditions. The increase in shaft power results in a reduced capacity to exchange
pressure yielding a 4% lower pressure ratio. The peak shaft power recorded reached
approximately 730 W and the maximum pressure ratio of approximately 1.65. The
numerical model indicates that the gas dynamics within the rotor channels prove to
be largely insensitive to the changes in blade camber and effective channel length.
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Nomenclature

ṁ Mass flow rate [kg/s]

cp Specific heat capacity at constant
pressure [J/(kg·K)]

A Cross-section area [m2]

D Diameter [m]

E Total energy per unit volume [J/m3]

F Non-dim. friction [-]

G Non-dim. leakage [-]

L Length [m]

R Specific gas constant [J/(kg·K)]

T Temperature [K], non-dim. finite pas-
sage opening[-]

U Tangential velocity [m/s]

F Flux vector

S Source term

U State vector

a Speed of sound [m/s]

h Height [m]

k Thermal conductivity [W/(m ·K)]

p Pressure [Pa]

q Heat flux [W/m2]

t Time [s]

u Relative velocity [m/s]

w Width [m]

z Axial coordinate [m]

Π Pressure ratio [-]

Ψ EGR rate [-]

α Relaxation factor

β Blade angle [◦]

δ Leakage gap [m]

η Efficiency [-]

γ Ratio of specific heats [-]

λ Loop flow ratio [-]

µ Dynamic viscosity [kg/m-s]

ν Kinematic viscosity [m2/s]

ω Angular speed [rad/s]

ρ Density [kg/m3]

τ Shear stress [N/m2]

θ Angular coordinate [rad]

CFD Computational fluid dynamics

EGR Exhaust gas recirculation

FAE Fresh air exhaustion

FS Full scale

HPA High pressure air

HPG High pressure gas

ICE Internal combustion engine

LPA Low pressure air

LPG Low pressure gas

OF Objective function

PCG Pressure gain combustion

PE Pressure exchanger



PWS Pressure wave supercharger

RF Reverse flow

TF Throughflow

b Blade

c Cold

ch Channel

h Hot

h Hydraulic, hot

is Isentropic

lk Leakage

m Mixed

s Static

t Total

v Viscous

x Expansion

1. Introduction

Wave rotors are nonsteady flow devices that transfer energy between different
fluid streams through pressure waves without the use of mechanical parts, such as
pistons. Typically, these so-called pressure-exchangers consist of a rotor with straight
or cambered cellular channels arranged around a cylindrical drum. Stator endplates
are mounted in close proximity to the rotor inlet and outlet side and house discrete
gas ports. As the rotor spins each wave rotor channel is periodically exposed to the
pressure within the ports. This sudden opening and closing of the ports sets off pres-
sure waves compressing or expanding the fluid within the channel cells. Iancu et al.
[1] outline that shock compression is an efficient process and results in pressure ratios
higher than steady flow diffusers. Weber [2] argued that high shock compression effi-
ciency in combination with simple channel shapes results in compact and lightweight
machinery. Further advantages are lower rotational speeds compared with traditional
turbomachinery and self-cooling capabilities due the presence of both hot and cold
streams in the same device [3].

Wave rotors have been successfully applied to a wide spectrum of applications
with the objective of optimising the use of energy resources and enhancing energy
processes. Pressure exchange devices are therefore a highly attractive subject to
many fields of research and a viable option in the pursuit of increasing thermody-
namic efficiency of thermal machinery and thus reducing global energy consumption
and greenhouse gas emissions. An overview of these applications is presented in Fig-
ure 1. Wave rotors have been applied to increase power output and efficiency of gas
turbines through pressure gain combustion (PCG) [4] as well as through additional
topping devices [5, 6], wave rotor turbines [7, 8], pressure wave superchargers (PWS)
for internal combustion engines (ICE) [9, 10] and refrigeration cycles [11, 12].
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Figure 1: Overview of wave rotor applications ranging from gas turbine efficiency and power out-
put enhancement through pressure gain combustion and the extension of the Brayton cycle with
constant-volume combustion [4], topping cycles [5, 6] and wave rotor turbines [7, 8]. Furthermore,
wave rotors can be applied to internal combustion engines as a supercharging device [9, 10] and to
refrigeration cycles [11, 12] (adapted from [8]).

The commercially most successful and most mature technology using wave rotor
technology is as a supercharging device for ICE [13–15]. In a similar fashion to clas-
sical turbomachinery, the pressure wave supercharger uses waste heat to pressurise
the intake charge. The review done by Costiuc and Chiru [14] concludes that com-
pared with turbocharging the pressure wave supercharging delivers rapid transient
response and self-cooling capabilities but suffers severely from insufficient sealing
and thermal expansion. Application of wave rotors to gas turbines as a topping
device has received considerable attention as well. According to Fatsis [16, 17] and
Jones and Welch [18] benefits with respect to power output and fuel consumption
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are achievable although benefits of wave rotor topping are reduced in the presence of
high cooling flow rates and high compression ratios. For large pressure ratios Klein
and Staudacher [19] concluded that a wave rotor can increase both efficiency and
net work when used as a constant-volume combustor combined with an intercooler.
Most recent applications revolve around cycle enhancement of refrigeration cycles
[20–23] and pressure-gain combustion [4, 24–26]. For the former application, Akbari
et al. [20] introduced a wave rotor that can combine compression, desuperheating
and condensation resulting in a compact refrigeration unit. Zhao and Hu [21] pre-
sented an improved refrigeration cycle, where expansion work is routed back to the
wave rotor through an additional heat exchanger reducing energy losses by approx-
imately 40%. Hu et al. [22] verified numerically that shock compression is close to
isentropic efficiencies for small expansion ratios and relatively weak shock waves.

In the field of pressure-gain combustion, further enhancements in thermal effi-
ciency of gas turbines can be accomplished by replacing the nearly constant pressure
combustion of the Brayton cycle by internal, constant volume combustion. Gülen
[27] identifies pressure gain combustion as the most potent technology to enhance
gas turbine efficiency beyond 65%. Numerical simulations performed by Rajagopal
et al. [28] indicated a 40% pressure gain and 20-30% benefit in fuel savings. Nalim
[29] further concludes that on-rotor combustion can accommodate both premixed-
deflagration as well as non-premixed combustion and premixed/non-premixed au-
toignition modes. It is furthermore noted that the internal gas dynamics strongly
interact with the combustion characteristics leading to potentially higher sensitivity
to variations in operating conditions and in particular the fuelling strategy. Addi-
tional investigation of the interaction of wave action with combustion dynamics by
Nalim et al. [30, 31] found that both premixed and non-premixed combustion require
high levels of turbulence to establish complete combustion.

Finally, wave rotors featuring non-axial channel shape enables to combine shaft
power extraction with pressure-exchange characteristics. Such an application re-
quires non-axial channel shapes and was successfully exploited by Pearson [7, 32],
which achieved thermal efficiencies of 10 %. The wave rotor features passages in
helical shape able to deliver a power output of around 26 kW at a design rotational
speed of 18,000 rpm. Other campaigns by General Electric and General Power have
failed due to insufficient power output [33, 34]. The wave-disk engine concept pro-
posed by Michigan State University and Warsaw University of Technology deals with
a radial, reverse flow wave-disk engine that uses shock-waves and curved channels to
create shaft power and energy exchange [35, 36]. Numerical simulations indicated
efficiencies of up to 10% [37].

At present, wave rotor designs are tweaked manually through the use of nu-
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merical methods, including one-dimensional codes, such as introduced by Paxson
[38], Okamoto and Nagashima [39] and Fatsis [40], and two-dimensional computa-
tional fluid dynamics (CFD) simulations, such as reported by Welch [41]. To the
authors’ knowledge there has not been any attempt reported in the open litera-
ture to improve wave rotor performance through numerical optimisation. Therefore,
this study seeks to validate the results of a numerical optimisation of a baseline
wave rotor with symmetrical, non-axial channel shape through experimental tests.
The optimisation was targeted at enhancing the shaft power output of a baseline
micro-wave rotor turbine without compromising its ability to transfer energy. The
experimental data aim to establish the potential increase in shaft power output and
possible effects on pressure-exchange capacity. In addition, numerical results from a
quasi-one-dimensional model shall shed further insights on the impact of the channel
curvature changes on the internal gas dynamics. Overall, the experimental results
will establish the accuracy and effectiveness of the chosen wave rotor shape opti-
misation. Additionally it will be shown that micro-wave rotor turbines can achieve
highly efficient shock compression while exploiting their potential as a power gener-
ating turbine at considerably lower rotational speeds than standard turbomachinery.

The structure of the paper is therefore as follows; firstly, in section 2 the main
characteristics of throughflow wave rotor dynamics are briefly presented before out-
lining the scope and results of the optimisation study. Then the experimental setup
is introduced as well as a brief description of the quasi-one-dimensional model that
was used to enable further in-depth comparison of the baseline and optimised rotor.
Finally, the results of both experiments and simulation are presented and discussed
and conclusions drawn.

2. Methodology

2.1. Operating Principle

The most common way to look at the unsteady flow field within the wave rotor
channels is through the unfolded z-θ/t-plane. The z-coordinate refers to the axial
coordinate and follows the length of the channel, while θ denotes the azimuth position
of the channel at a certain time t.

Figure 2 illustrates a schematic example of the pressure field and shows the lo-
cation of shock and expansion waves with respect to the port opening and closing
locations. The example shown here is a throughflow design with two inlet (HPG
and LPA) and two outlet ports (HPA, LPG). The high pressure zone (regions II
and III) comprise a high pressure exhaust gas (HPG) and high pressure air (HPA)
port. These two ports are normally connected through a combustor and thus form
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Figure 2: Z-θ/t-plane showing pressure contours and associated wave pattern. The plot indicates
the location most prominent shock and expansion waves as a single wave rotor cell passes through
the port arrangement of a four-port throughflow wave rotor.

the combustor loop. Further shown are two low pressure ports (region V) housing a
low pressure air intake (LPA) port, from where the fresh air is drawn and the low
pressure gas port (LPG), through which the hot exhaust gases are expelled to the
ambience or alternatively further expanded by a turbine.

As given in region I, initial pressure and temperature within the channels are
close to ambient conditions depending whether the LPA port draws fresh air directly
from the ambience or from an upstream compressor. Proceeding further up opens
exposes the channels to the HPG port. The high pressure conditions within the
HPG port sets off a right travelling, primary shock wave (S1). Opening of the HPA
port coincides with the impingement of S1 on the outlet side. The result of this is a
reflected, secondary shock wave (S2) that travels back to the inlet side. As a result,
shock waves S1 and S2 compress the low pressure charge air to the high pressure of
the HPA port.

Closing the HPG port as soon as S2 impinges on the left hand side initiates a
rarefaction wave (R1) expanding the hot exhaust gases from the combustor to an
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intermediate pressure level in region IV. As soon as the head of R1 reaches the right
hand side, the HPA port is closed resulting in the generation of a hammer shock
wave. An additional expansion fan (R2) is created upon exposing the medium pres-
sure in the channels to the near ambient pressure of the LPG port. Thus, R1 and R2
expand the high pressure gases emanating from the combustor down to near ambient
level. Finally, closure of the LPA port generates weak pressure waves before the cycle
is repeated.

2.2. Wave Rotor Redesign

Both baseline and optimised rotor feature a rotor length of 30 mm, a mean chan-
nel diameter of 60 mm and complete three cycles in a single revolution. The port
solution or relative arrangement of the ports is identical for both designs and is
presented in Figure 3. In addition, a summary of the most important geometric
dimensions are given in Table 1.

The baseline design featured a simple and symmetric wall profile following a
parabola [8]. To improve this, an optimisation was carried out that employs a tran-
sient quasi-two-dimensional CFD model of the wave rotor coupled with a hybrid
algorithm. For the optimisation a total number of six parameters were considered
including the number of channels, wall thickness and four control points for the
Bézier curve that define channel shape.

Figure 3: Schematic showing rotor dimensions as
well as port solution.

Table 1: Summary of geometric parameters and de-
sign conditions for the Bath µ-wave rotor.

Parameter Value
Rotor diameter [mm] 60
Number of channels baseline 46

Channel shape baseline LE
sym. camber
max. |βch| 21.5◦

Channel shape optimised LE
sym. camber
max. |βch| 23.3◦

Channel length [mm] 30
Channel baseline [mm] 2.9
Channel optimised [mm] 3.4
Channel height [mm] 6
Nominal clearance [mm] 0.15
Number of cycles
per revolution

3

Design speed [rpm] 32,000

The results of the optimisation are given in Figure 4(a) showing the normalised,
predicted output power by the CFD model on the ordinate and normalised pressure
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ratio on the abscissa. In total, 450 different designs have been considered with the
best candidate design being determined after fewer than 100 iterations. The graph
indicates that the optimised candidate increases power output by approximately
80%, while higher pressure losses lead to a slight decrease in pressure ratio by 3%.
A direct comparison of the increased blade camber for the optimised design is shown
in Figure 4(b). While blade camber near the leading edge at z/L=0 remains com-
parable, the optimised camber shape features significantly higher deflection in the
centre and more negative blade angles towards the TE. In addition to the changes
to channel curvature, the number of channels has been reduced to 41 resulting in
a greater channel width of 3.4 mm. The two manufactured rotor designs shown in
Figure 5 without sleeve show further outline the differences in channel shape.

(a) (b)

Figure 4: (a) measurement sections for thermocouple installation just downstream of the outlet
stator. Each LPG measurement section features a single temperature probe located in the centre of
each duct. For the HPA duct the temperature probes were arranged at different positions resulting
in the distribution shown in (b).

Wilson and Fronek [42] and Nagashima et al. [5] have defined non-dimensional
parameters for finite passage opening T , viscosity F and leakage flow G in order to
facilitate the comparison between different wave rotor designs. They are given in
Equation 1 and a comparison of different wave rotor examples is shown in Table 2.

T =
wa

UL
, F =

√
νL/a

Dh

, G =
2δ

h
(1)

Due to the increase in channel width the optimised rotor experiences an increase in
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(a) (b)

Figure 5: (a) depicts the baseline wave rotor with symmetrically shaped channels, while (b) shows
the optimised version.

finite passage opening effects and marginally lower viscous effects. As both designs
are run at the same nominal (cold) clearance leakage effects do not change. Overall,
the small size of the wave rotor renders it most comparable to the design of the Uni-
versity of Tokyo. Leakage and frictional effects are comparable, while the reduced
channel width of the University of Tokyo rotor yields attenuated finite passage open-
ing characteristics. Under hot operating conditions it can be expected that thermal
expansion of stators and the shaft-rotor assembly account for a considerably larger
G-parameter, as no particular measure to seal axial leakage was taken.

2.3. Experimental Setup and Campaign

The wave rotor tests follow the same setup as described in [8]. Both baseline and
optimised rotor were tested on a gas stand following the setup shown in Figure 6.

The layout features an open-loop configuration that draws dry and pressurised air
at 288 K from an external set of rotary type compressors and directs the incoming air
to the HPG and LPA inlet legs. Mass flow and total pressure to high and low pressure
inlets are controlled via pneumatically controlled orifice control valves (element 1 in
Fig. 6). Modulation of these gate valves ensures the desired loop flow ratio can be set.
This necessitates accurate measurement of mass flow rates, which is being achieved
through two differential v-cone mass flow meters (elements 2 and 5 in Fig. 6) on
both high and low pressure side. On the high pressure side, the pressurised air is
first directed through an air-to-air heat exchanger (element 3 in Fig. 6) that transfers
a portion of the the hot exhaust gases to the incoming, cold air. Downstream the
preheated air is run through a 44 kW electric heaters (element 4 in Fig. 6).

The wave rotor itself is connected to an eddy current dynamometer (element 7
in Fig. 6). Excitation and load of the dynamometer is varied manually to reach
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Table 2: Comparison of previous wave rotors, both actually realised ones that were tested and
conceptual ones (University of Tokyo/ONERA) with wave rotor model used in this study (adapted
from [5]).

Kentfield
3-port

PE

NASA
3-port

PE

NASA &
Allison

4-port TF

University
of Tokyo

ABB
Comprex
4-port RF

University
of Bath
Baseline

University
of Bath

Optimised
T 0.39 0.082 0.19 0.31 0.467 0.37 0.42
F 0.0046 0.017 0.0037 0.012 0.0067 0.013 0.012
G 0.0064 0.025-0.075 0.0090 0.067 0.030 0.05
Diameter
[mm]

148 300 163 46.5 93 60

Length
[mm]

280 460 152 69 90 30

Cell height
[mm]

55.9 10.2 8.8 3 10 6

Rotational
speed
[rpm]

6000 4000 16,800 32,000 14,000 32,000

the desired rotational speed. Both wave rotor bearing housing and eddy-current
dynamometer have dedicated water cooling circuits to maintain stable operation.
On the outlet side the low pressure outflow is directly vented. The high pressure side
features an additional pneumatically actuated variable orifice control valve (element
8 in Fig. 6), which, in combination with a differential pressure v-cone mass flow meter
located downstream, is used to ensure the same mass flow rates through HPG and
HPA legs. Finally, an air-to-water heat exchanger is located upstream of the mass
flow meter in order to reduce the hot exhaust gas temperature down to approximately
300 K.

Wave rotor performance data are gathered by means of the sensors listed in
Table 3. The list gives an account of all the sensors used throughout the campaign
including their measurement range and accuracy. Uncertainties are assumed to have
rectangular distributions and thus equal probability for all values and are evaluated
using the British Standard [43].

The list of sensors encompasses pressure transducers and thermocouples located
just upstream of the intake manifolds and downstream of the outflow manifolds.
Mass flow rates are determined through differential pressure sensors and Bernoulli’s
theorem for the conservation of energy along a streamline. PRT temperature sensors
and pressure transducers located on the high pressure side of the v-cone allow calcu-
lation of flow density and together with the differential pressure yield flow velocity.
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Figure 6: Schematic of the wave rotor gas stand test setup.

Table 3: List of sensors used throughout testing including their measurement range and their
accuracy as stated by their manufacturers. It is noteworthy that response times and sampling
frequency are not reported as the sensors measure steady state data.

Sensor Range Nominal Accuracy

Rotor Torque 0-1.5 Nm ±0.3% FS

Rotor Speed 0-65,000 rpm ±0.1% FS

1.5 mm K-type thermocouple -200◦C - 1260◦C
±0.0075 T from 333◦C to 1200◦C
±2.5 ◦C from -40◦C to 333◦

PRT -50◦C - 200◦C ±0.3 + 0.005T

V-cone mass flow meter
0.015 kg/s - 0.015kg/s (HPG, HPA)
0.005 kg/s - 0.05kg/s (LPA)

±0.5%

Static pressure
0 barG - 7 barG (HPG, HPA)
0 barG - 2 barG (LPG)
0 barA - 3.5 barA (LPA)

0.08%

Differential pressure
0 bar-0.06 bar (HPG, HPA)
0 bar - 0.0049768 bar (LPA)

±0.5%

Using mass flow rates in conjunction with the static temperature and pressure probes
one can determine total port properties through the first law of thermodynamics, as
done in Equation 4.
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pt = ps

(
1 +

(γ − 1)

2

ṁ2TsR

p2sγA
2

)γ/(γ−1)

(2)

Total-to-total pressure ratio is thus defined as

Πc =
pt,HPA
pt,LPA (3)

The ratio of the inlet mass flow rates is referred to as loop flow ratio λ, is defined as

λ =
ṁHPG

ṁLPA (4)

The main purpose of the gas stand experiments is to characterise the optimised
rotor and compare it directly to the baseline version with respect to total-to-total
pressure ratio (defined in Equation 3), power output as rotational speed, efficiency
and outlet temperature distributions. This shall be done at a constant loop flow ratio
of approximately 1.7 at a constant peak inlet temperature of 750 K. In addition, the
effect of rotational speed on performance for both rotor designs is investigated by
running at 32,000 rpm and 28,000 rpm. Finally, nominal axial leakage gaps are fixed
at 0.15 mm at in- and outlet.

2.4. Exhaust Gas Recirculation and Wave Rotor Efficiency
Wave rotors experiencing large temperature discrepancies between the to inlets fea-
ture pronounced heat transfer effects between hot and cold gas streams. The two gas
streams are in direct contact with each other, as shown in Figure 7, and experience
heat conduction. Applying traditional adiabatic efficiency definition in such a sce-
nario tends to overpredict expansion and underpredict compression efficiency [44].
To account for these two important effects, this study determines compression and
expansion efficiency in a combined fashion following Wilson et al. [45]. In addition,
internal exhaust gas recirculation (EGR) occurring in the HPA outlet duct (sketched
in the detailed view of Figure 7) and is taken into account, as done in [8].

ηc =
ṁLPAcp,c

(
T isHPA − TLPA

)
+ ṁEGRcp,h

(
T isHPA,h − TLPG

)
ṁLPAcp,c

(
THPA,c − TLPA −∆Tc

)
+ ṁEGRcp,h

(
THPA,h − TLPG −∆Tc

)
ηx =

ṁLPGcp,h
(
THPG − TLPG −∆Tx

)
ṁLPGcp,h

(
THPG − T isLPG

) (5)
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where cp,c=1005 J/(kg·K) and cp,h=1160 J/(kg·K) refer to specific heats at con-
stant pressure for cold and hot stream respectively, while ṁLPA and ṁLPG denote
mass flow rates through the respective low pressure in- and outlet ports. The sys-
tem of equation only becomes solvable assuming that ∆Tc = ∆Tx and ηc = ηx.
It is, recognised that the proposed efficiency calculation is a major simplification.
Nonetheless, it should give at least some indication whether there are significant
differences in the change in efficiency between baseline and optimised rotor.

Figure 7: Wave rotor cycle schematic showing general distribution of fresh and hot exhaust gases
within the rotor leading to fresh air exhaustion (FAE) through the LPG port and exhaust gas
recirculation (EGR) through the HPA port. The amount of EGR and FAE are a function of the
hot and cold mass flow rates. (b) shows a closeup of a scenario including solely EGR without FAE
while (c) depicts a situation, where both EGR and FAE occur (adapted from [8].

Internally recycled exhaust gases are a common characteristics of throughflow
wave rotors. This is exemplified in Figure 7 exhibiting an unfolded wave rotor
schematic with a characteristic distribution of both hot (coloured in red) and cold
(coloured in blue) gas streams that are in direct contact with each other. In this
scenario, both fresh air exhaustion (FAE) through the LPG port and exhaust gas
recirculation (EGR) through the HPA port take place. The amount of EGR and
FAE are in general a function of the hot and cold mass flow rates and the scavenging
characteristics of the rotor channels.

In order to derive qualitative conclusions with respect to the behaviour of in-
ternal exhaust gas recirculation (EGR) common to throughflow wave rotors [46] an
additional measurement section with a set of six thermocouples was installed approx-
imately one rotor length downstream of the rotor-outlet stator interface, as shown
in Figure 8. To accommodate for the small outlet pipe diameter of 15 mm and to
minimise the disruption of the thermocouples to the outlet flow, each single mea-
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(a)

(b)
(c)

Figure 8: (a) detail photograph of wave rotor rig with inlet and outlet stator and an additional
temperature measurement section downstream of the outlet stator. The general flow direction is
from bottom to the top. (b) measurement sections for thermocouple installation just downstream
of the outlet stator. Each LPG measurement section features a single temperature probe located
in the centre of each duct. For the HPA duct the temperature probes were arranged at different
positions resulting in the distribution shown in (c).

surement section contains two temperature probes. Initial tests with and without
the thermocouples showed minimal effects (< 1.0%) on additional pressure losses
due to local recirculation downstream of the probes. The setup makes use of the
fact that the wave rotor design features three cycles per full rotation. As shown by
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previous numerical simulations performed by Piechna [47], steady state conditions
(limit cycle) are reached within several hundreds revolutions, so that the conditions
in each outlet cycle can be expected to be approximately identical.

The photograph in Figure 8(a) shows the distance of the measurement section
with respect to in- and outlet stators, while (b) depicts a detailed view of the ar-
rangement of temperature couples in the outlet ducts. Overall, this amounts to six
probes across all three HPA ducts and the corresponding arrangement given in Fig-
ure 8(c). The main limitation of the approach is that the number of probes is insuf-
ficient to obtain a quantitative comparison of experimentally determined EGR rates
with numerically determined values. This is partially exacerbated by the fact that
the measurement section is not directly located at the rotor/stator interface, which
gives rise to diffusive effects that partially smear out the temperature differences.
Therefore, to obtain quantitative values for the EGR rates that are suitable for the
computation of efficiencies, numerical data from the validated quasi-one-dimensional
model introduced in the following section is used.

2.5. Numerical Campaign

The used numerical model is similar to the wave rotor models introduced by Pax-
son et al. [38, 48, 49], Fatsis et al. [40, 50], Nagashima and Okamoto [5, 39, 51] and
has been extended to account for non-axial channel shape and torque extraction.
The code has has been validated with experimental data in [52] and its foundations
have been further documented in [53]. Therefore, only a brief introduction shall be
given here.

The model seeks to determine the wave dynamics within a single wave rotor
channel as it rotates around the rotational axis as it encounters varying bound-
ary conditions from the respective ports to each side. In detail, it is based on a
quasi-one-dimensional code that solves the unsteady laminar flow equations of mass,
momentum and energy, as given in Equation 6, 7 and 8 using the second-order ac-
curate scheme of Richtmyer [54] with a minmod flux limiter of Roe and Baines to
reduce dispersive errors in the vicinity of shock waves.

∂U

∂t
+
∂F(U)

∂z
= S (6)

where the state and flux vector take the form

U =

 ρ
ρu
ρE

 , F =


ρu

ρu2 + p− τzz
ρu

(
E +

p

ρ
− τzz + qz

)
 (7)
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Heat flux is given by Fourier’s law and viscous stress simplified through Stokes’
hypothesis to yield

qz = −k∂T
∂z

, τzz =
4

3
µ
∂u

∂z
(8)

The equations are discretised using finite-differences and solved discretely in a time-
marching manner on an equidistant cartesian grid.

U
n+1/2
i+1/2 =

1

2

(
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i

)
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i
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(
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,
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)
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(
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i−1

)
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4

(
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) (9)

The second step uses a mid-point Leapfrog computation and consists of space and
time centred differences of the mid step solutions of U

n+1/2
i±1/2 and gives
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i = Un

i −
∆t

∆z

(
F
n+1/2
i+1/2 − F

n+1/2
i−1/2

)
− ∆t

2

(
S
n+1/2
i+1/2 − S

n+1/2
i−1/2

)
(10)

The working fluid is treated as a calorically imperfect gas, while dynamic viscosity
is modelled as a function of temperature using Sutherland’s law.

Slk =

slk,10
slk,3

 , Sv =

 0
sv,2
sv,3

 , Sb =

 0
sb,2
sb,3


where S = Slk + Sv + Sb

(11)

Similar to the approach by Paxson et al. [38, 48, 49] additional source terms
(Equation 11) account globally for wall friction and heat transfer and locally at the
extremities of the channel for leakage at the rotor/stator interface. The leakage
flows at in- and oulet side are connected via a leakage cavity assumed to be perfectly
sealed. This source term Slk only pertains to the first and last cell and influence
mass and energy equations. Viscous (Sv) and inviscid force (Sb) source terms, on
the other hand, affect both momentum and energy equations. The inviscid force
terms are incorporated to account for non-axially shaped wall profiles. Losses due
to misalignment of the blade force vector with the radial direction causing a rise in
entropy are accounted for through a distributed entropy loss term that is based on
experimental data.

Boundary conditions are implemented on a characteristics basis and uses a cell-
centred approach with ghost cells. The code distinguishes between in- outflow and
wall boundary conditions. To allow easy comparison with experimental conditions,
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inflow boundary conditions are specified as stagnation properties (pressure and tem-
perature) in the absolute frame of reference and outflow as static pressure. Fur-
thermore, the model takes finite passage opening effects into account that. This is
exemplified in in Figure 9(a) and results in a gradual formation of shock waves as
shown in Figure 9(b).

(a) (b)

Figure 9: (a) Schematic outlining situation where gradual passage opening effects are generated
shown for port inflow [52]. (b) depicts a gradual formation of a shock wave as a consequence of
finite passage opening effects [53].

The model can alternatively run as a closed-loop model, where the high pressure
zone (HPG-HPA) is connected via a steady flow combustor model. For the purpose
of this paper, the model is set up in the same fashion as in the experimental layout,
namely as an open-loop model.

The procedure for the wave rotor simulations is summarised in the flowchart of
Figure 10. Initially, the conditions within the channel is assumed to be close to
ambient, while the initial conditions in the leakage cavity are assumed to be the
average between the peak pressure and temperature and ambient conditions. Rota-
tional speed is set and held constant. For the boundary conditions in the ports, high
pressure inlet (HPG) conditions (inlet temperature and pressure) are specified in
accordance with the experimental data. The model is then run over multiple cycles
until a limit cycle, that is, steady state port conditions, has been reached. In the
process, boundary conditions in the high pressure in- and outlet as well as low pres-
sure inlet are varied dynamically using a simple proportional controller as specified
in Equation 12 to meet the experimental operating conditions. Static pressure in the
HPA duct is varied until the mass flow rates in both HPG and HPA ducts are within
1%.
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Figure 10: Flowchart for the simulation model starting with the definition of the wave rotor ge-
ometry and the associated port solution. The material properties set by the user will affect the
lumped capacitance model for wall heat transfer. Subsequently, each cycle is calculated using the
second-order Richtmyer scheme with a minmod flux limiter and values for cavity pressure and
temperature, LPA inlet pressure and HPA outlet pressure updated after each cycle calculation is
completed (adapted from [52]).

pt+1 = pt + α
ρ
(
ṁ2
actual − ṁ2

target

)
2
(
ρA
)2

(12)

Furthermore, in order to ensure the simulated loop flow ratio corresponds to the
experimental value, total inlet pressure in the LPA duct is varied after each cycle until
the inlet mass flow ratio is, again, within 1% of its target. An additional requirement
regarding the limit cycle is imposed through the cavity pressure and temperature and
the simulation is only deemed converged when the relative change of the conditions
within the cavity over the past five cycles is within 3 %. Finally, in a similar fashion
to Wilson et al. [55], the static pressure in the LPG duct is varied until the inlet mass
flow rate through the HPG duct is in line with the experimental value. Efficiency
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calculation for the numerical model follows the form given in Equation 5, but also
includes possible effects of fresh air exhaustion (FAE) and is thus defined as

ηc =
ṁLPAcp,c

(
T isHPA − TLPA

)
+ ṁEGRcp,h

(
T isHPA,h − TLPG

)
ṁLPAcp,c

(
THPA,c − TLPA −∆Tc

)
+ ṁEGRcp,h

(
THPA,h − TLPG −∆Tc

)
ηx =

ṁLPGcp,h
(
THPG − TLPG −∆Tx

)
+cp,cṁFAE

(
THPA-TLPG,c-∆Tx

)
ṁLPGcp,h

(
THPG − T isLPG

)
+ cp,cṁFAE

(
THPA-T isLPG,c

) (13)
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3. Results and Discussion

3.1. Experimental Results

(a) (b)

(c) (d)

Figure 11: Comparison of wave rotor performance data for baseline (left hand side column) and
optimised rotor (right hand side column). The graphs show variations in total-to-total pressure ratio
(a-b), shaft power (c-d) plotted against inlet mass flow rate. Two different speedlines are presented
at design speed of 32,000 rpm (solid fitted curve) and at 28,000 rpm (dashed fitted curve). All data
were gathered at 750 K HPG inlet temperature and a nominal clearance of 0.15 mm on inlet and
0.15 mm on outlet side.

The data shown in Figure 11 shows a back-to-back comparison of wave rotor
global performance parameters of total-to-total pressure ratio, shaft power and com-
bined compression and expansion efficiency between baseline (left column) and op-
timised rotor (right hand side column) as a function of inlet mass flow rate ṁHPG

and two rotational speeds of 32,000 rpm and 28,000 rpm. All data were gathered
for a constant nominal leakage gap of 0.15 mm at in- and outlet and a peak inlet
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temperature Tt,HPG of 750 K.
For both baseline and optimised rotor variation of pressure ratio with inlet mass

flow ratio roughly follows a parabolic shape with a peak in the range between 32 g/s
and 34 g/s. As already witnessed in the experimental campaign of the baseline rotor
[8], higher pressure ratios are achieved at lower rotational speeds of approximately
28,000 rpm. This trend does not change between baseline and optimised rotor as a
consequence of the unchanged stator port arrangement. Overall, the baseline model
appears to achieve a slightly higher pressure ratio at in the range from 32 g/s - 34
g/s.

Figure 12: Contour plots illustrating the temperature distribution in the measurement section
downstream of the HPA port for different inlet mass flow rates. The top row of plots represents
data from the baseline rotor, while the lower row shows data from the optimised rotor. The contour
plots are an indication of EGR distribution and exhibit comparable characteristics between both
rotor models.

Generated shaft power, as shown in Figures 11(c) and (d) shows a linear variation
with inlet mass flow rate for both models. It becomes immediately clear that the
optimised rotor does achieve a considerably higher power output ranging between
approximately 350 W to 770 W over the investigated inlet mass flow range. The
baseline model on the other hand achieves a power output ranging between 200 W
and 450 W.

The aforementioned change in EGR rate inlet mass flow rate is reduced is exem-
plified in the temperature contour plots in Figures 12. At lower mass flow rates there
clearly is a higher temperature region on the inner side near measurement point 2,
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(a) (b)

Figure 13: Back-to-back comparison of wave rotor performance data for baseline (black, solid line)
and optimised rotor (red, dashed line). (a) outlines the variation of total-to-total pressure ratio,
while (b) gives the variation of wave rotor power with inlet mass flow rate. At the target operating
point, the optimised rotor delivers a 74% increase in shaft power at a 4% decrease in pressure ratio.

while the lower temperature flow is pushed towards the outside (measurement point
1) due to centrifugal forces. Increasing mass flow rates leads to an overall reduction
in the average temperature and, as a consequence of this, a reduction in EGR rate.
As expected, this trend does not change between baseline and optimised rotor.

A direct comparison of pressure ratio and power output between baseline and op-
timised rotor confirms the findings from the numerical optimisation study at 32,000
rpm. The optimised rotor delivers an increase in power output of approximately
74% at the cost of a 4% decrease in the achieved pressure ratio. This further em-
phasises the trade-off relationship between pressure exchange capabilities and power
extraction. The increase in power output for the optimised rotor can thus be at least
partially attributed to increased incidence losses. Overall, the data suggests that the
baseline model’s ability to exchange pressure is slightly more sensitive to changes in
inlet mass flow rate and is comparable to the optimised rotor at flow rates around
29 g/s and 38 g/s respectively.
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3.2. Numerical Results

(a)

(b)

Figure 14: (a) outlines a comparison of experimental (black, solid line) and numerical data ((black,
dashed line) for the baseline design of the variation of total-to-total pressure ratio (left), wave rotor
power (centre) and HPA outlet temperature (right) with HPG inlet mass flow rate. (b) depicts a
comparison of numerical (red, dashed line) with laboratory data (red, solid line) for the optimised
design for the same global parameters.

Applying the quasi-one-dimensional model to both baseline and optimised rotor
shall give further insights into the gas dynamics within the rotor channels that the
experiments cannot provide. Before this is done, it is necessary to establish how
well the model results in terms of global variables correlate with the experimental
data. This is shown in Figure 14 for pressure ratio, power output and average outlet
temperature in the HPA duct given for both baseline (a) and optimised geometry (b).
Model parameters for friction multiplier, leakage coefficient were the same as used
in [52]. This also holds for the additional entropy-based loss coefficient in case of the
baseline geometry. Since the optimised rotor features different incidence angles, the
value was adapted to match the power output at the target optimisation point of 32
g/s.
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(a)
(c)

(b)

Figure 15: (a) Unfolded pressure contours of baseline (left) and (optimised) rotor channels. Overall,
the changes in the wave pattern are minimal, despite a slight reduction of static pressure in primary
zone. (b) depicts the non-dimensionalised pressure trace at inlet (top) and outlet (bottom) side
confirming the decrease in static pressure in the primary zone during opening of the HPG port. (c)
depicts contour plots of non-dimensional static temperature for baseline and optimised rotor. The
plots show the interface between hot and cold gas streams within the rotor channels and exhibit
minor differences in EGR and FAE.
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Figure 14(a) illustrates the change of pressure ratio with inlet mass flow rate for
experiments and numerical model. In general, there is good agreement with the ex-
perimental data and trends are reasonably well represented. The model accurately
predicts a drop in pressure ratio for the optimised design, albeit the decrease remains
overestimated. In addition, the drop off in pressure ratio towards the maximum and
minimum mass flow rates appears overestimated for both designs. Compared to the
initial validation presented in [52] the absolute error between numerical and exper-
imental data is significantly reduced as a consequence of lower nominal clearances
and reduced inlet temperature Tt,HPG.
Figure 14(b) compares predicted power against the experimentally determined data.
Despite differences in the line gradients the numerical data are reasonably close to
the empirical ones. As given in Figure 14(c), the model is also able to capture the
trends for average outlet temperature distribution THPA in the HPA duct. There is,
however, a nearly constant offset, which is largely due to the fact that the numerical
temperature data is taken directly at channel exit, while in the experiments the tem-
perature probes are located approximately two rotor lengths further downstream in
the port resulting in higher heat dissipation.

The effects of the change in channel wall profile on the gas dynamics within the
rotor is presented in the back-to-back comparison of the pressure contours shown in
Figure 15(a). The contour plot outlines the location of primary and secondary shock
waves as well as the hammer shock that is created after the channel passes the HPA
port. Furthermore, both rarefaction waves are indicated as well along with the final
weak shock wave that is created after the LPG port is closed. Overall, there are
negligible changes in the wave pattern, which is mainly a result of the same relative
arrangement of the ports. The most prominent change is in the high pressure zone
during opening of the HPG port. This is also shown in the static pressure distribu-
tion near the inlet side of Figure 15(b). The reduction in pressure is a consequence
of higher incidence losses and results in a drop of the primary shock wave leading
to the overall reduction in pressure ratio. Also, as a result of the increased channel
length the waves have to travel through it is shown that there is slight delay in the
impingement of the primary shock wave of less than 1◦.

The temperature contours in Figure 15(c) confirm the similarities between the
two designs and show the relative position of hot and cold gas streams within the
rotor channels. Overall, the operating point is characterised by relatively high EGR
rates shown in the HPA port and FAE rates in the LPG port. In addition, the graphs
indicate comparable scavenging and penetration lengths as well as well as EGR and
FAE rates between the two designs. As already indicated by the temperature con-
tours in Figure 12 an increase in inlet mass flow rate results in reduced EGR rates
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expressing itself through lower average outlet temperatures.

(a)

(b)

Figure 16: (a) gives the numerically determined trends for EGR and FAE as inlet mass flow rate
is varied. The additional circular data point outlines the predicted EGR rate for an increased
peak inlet temperature Tt,HPG resulting in a significant reduction of EGR rate. (b) qualitatively
illustrates the change in the location of the cold gas stream and reduction in EGR as mass flow
rate is increased from 30 g/s to 35 g/s.

This trend is further exemplified in Figure 16(a) and (b), which clearly outlines
a reduction in EGR rate as inlet mass flow rates are increased. In the temperature
contours of Figure 16(b) the reduction in EGR rate between inlet mass flow rates of
30 g/s to 35 g/s is expressed through a shift of the dotted interface line downwards.
The absolute values in this scenario, however, remain relatively high and are in the
range of 60% for EGR and 30% for FAE. Significant reductions in EGR and FAE
rate can be achieved by increasing inlet temperature given by the circular point in
Fig. 16(a), which, at the same mass flow rate, results in a possible reduction by more
than 10%.

3.3. Combined Approach for Compression and Expansion Efficiency

Combining Equation 5 with the numerically determined EGR rates gives the
efficiency distribution illustrated in Figure 17 for (a) baseline (b) optimised. The data
illustrate compression/expansion efficiency for two speedlines of 28,000 and 32,000
rpm plotted against inlet mass flow rate through the HPG inlet port. Overall, the
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results yield similar trends for both designs. The data reinforce the findings reported
in [8] with efficiency values being in the range of 60 % to 80 % and does not appear
to be a substantial difference in efficiency between the two designs. The trendlines
for both designs consistently imply higher efficiency at the lower rotational speed
of 28,000 rpm, which is in line with a higher pressure ratio achieved at 28,000 rpm
compared to 32,000 rpm given in Figure 11. This implies more favourable incidence
angles at lower rotational speeds leading to reduced losses, higher achieved pressure
ratio and as a consequence higher compression/expansion efficiency. The downward
trend in efficiency with increasing HPG inlet mass flow rate is a direct result of a
reduction in EGR rate accompanied by a reduction in FAE equivalent to an increase
in overall outlet temperature through the LPG duct. Although FAE remains an
undesired phenomenon with a portion of the flow being expelled without passing
through the combustor loop, it leads to greater expansion efficiencies by lowering the
LPG outlet temperature.

(e) (f)

Figure 17: Combined compression/expansion efficiency plotted against inlet mass flow rate. The
data for EGR rates were taken from the numerical data from the quasi-one-dimensional mode. Two
different speedlines are presented at design speed of 32,000 rpm (solid fitted curve) and at 28,000
rpm (dashed fitted curve). All data were gathered at 750 K HPG inlet temperature and a nominal
clearance of 0.15 mm on inlet and 0.15 mm on outlet side.

A back-to-back comparison of numerically predicted and experimentally deter-
mined efficiency values is presented in Figure 18. The numerical data reflect the
trends with respect to changes in mass flow rate and wave rotor design well. There
is, however, a significant discrepancy between numerical nad experimental efficiency
data, which primarily stems from the fact that the numerical calculations include
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FAE effects in the efficiency. Since FAE leads to a reduction in the outlet tempera-
ture through the LPG duct, this effectively raises expansion efficiency in the process.
FAE has not been explicitly included in the efficiency calculation of the experimen-
tal calculations and thus yields the offset to lower efficiency values as witnessed in
Figure 18.

Figure 18: Comparison of numerically determined and experimentally gathered efficiency data
plotted against inlet mass flow rate.

4. Conclusions and Outlook

In this paper an optimised rotor of a four-port, three-cycle small scale wave
rotor turbine has been characterised by laboratory experiments and compared to
its baseline design. In addition, numerical simulations were conducted to infer the
impact of channel shape changes on the internal wave dynamics. To conclude, the
main points of the study are summarised as follows:

• The optimisation was targeted at improving the shaft power output with min-
imal compromises with respect to pressure exchange capabilities. Only the
rotor channel shape has been optimised with the port solution remaining the
same between both baseline and optimised design. The numerical optimisation
outlined an increase in power output by a factor of approximately 1.8 at a
pressure ratio decrease of 3%.

• Both rotors were tested back-to-back in an open-loop configuration using an
electrical heater and a set of external compressors as a source of heated and
pressurised air. An eddy-current dynamometer was used as a load cell to
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measure speed and torque output. All tests were carried out at a constant loop
flow ratio and peak inlet temperature of 750 K.

• The experimental results indicate a parabolic variation of pressure ratio with
inlet mass flow rate, while power increases in a linear fashion. The data further-
more confirm the results from the optimisation and indicate an approximate
power output increase of 70%, while pressure ratio decreases by around 4%.
This agrees very well with the predictions from the numerical optimisation
study.

• Temperature distribution measurements in the high pressure outlet duct indi-
cate that an increase in inlet mass flow rate results in reduced internal exhaust
gas recirculation rates and thus lower overall outlet temperatures. This is con-
firmed by the numerical results. Further reductions in exhaust gas recirculation
rates can be achieved by raising the inlet temperature while keeping mass flow
rate constant.

• A combined numerical and experimental approach was used to compute com-
pression and expansion efficiency by using the exhaust gas recirculation trends
from the numerical model as an input for the experimentally determined effi-
ciency. The results show consistency over both baseline and optimised results
with efficiency values ranging in the 60 to 80 percent range. The study fur-
ther highlights the inclusion of fresh air exhaustion through the low pressure
exhaust ports.

• Higher pressure ratios and efficiency for both baseline and optimised rotor at
rotational speeds of 28,000 rpm indicate more favourable incidence angles and
thus reduced losses.

• The numerical data obtained from the quasi-one-dimensional model reveals
that incidence losses lead to a reduction in primary shock wave. Overall, how-
ever, despite the change in camber and an increase in effective channel length,
the gas dynamics within the channels prove relatively insensitive to the modi-
fications channel shape and do not significantly affect the wave patterns.

• Finally, the findings from this study confirm that highly efficient shock compres-
sion and expansion as well as shaft power extraction can be achieved through
non-axial wave rotor machines at a fraction of the rotational speed of turbo-
machinery of comparable power output. In addition, the experimental data
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validate the presented optimisation routine, which lends itself to future, ef-
ficient numerical optimisation studies targeting different objective functions
more suited to enhance the performance of wave rotor pressure gain combus-
tion, wave rotor refrigeration applications or gas turbine topping cycles.
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